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ABSTRACT

This Thesis develops an algorithm for the calculation of the
thernodynamic performance of Gas/Steam Cycie§ for power production,
where the term "Gas/Steam Cycle" indicates all cyc1e§ where there is
some combination between a gas turbine and a steam cycle.

Most of the modelling effort has been devoted to the gas turbiné, in
an attempt to find the best compromise between accuracy'and complexity.
The pressure-temperature history is portrayed by a sequence of
expansion and mixing processes without referencing to the specifics of
turbomachinery design. The model can handle both convection and film
cooling, as well as thermal barrier coatings; specific applications of
impingement cooling are also considered. Agreement with the performance
of actual turbines is cbtained by calibrafing key model parameters
according to the performance of commercial engines.

Gas/steam systems are calculated by a modular scheme whereby the
cycle configuration is built by assembling'a number of elementary
components. The flexibility of this modular structure allows analyzing
essentially all cycle configurations of interest. Judgements on
thexmodynamic characteristics are made easier by the inclusion of a
detailed 2nd-law analysis, which devotes particular attention to mixing
between perfect gases and condensible vapors.

After comparing performance estimates with the performance of actual
systems (whenever possible), or with those calculated by other authors,
the Thesis closes with a systematic parametric analysis showing the
merits and the potential of both mixed and unmixed cycles.

Aside from these results, the importance of the present model lies
primarily in its capapility fo: (i) calculate the performance of a vast
class of power systems; (ii) help determine future resea;ch directions;

(iii) predict the impact of technological improvements.
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ACRONYMS
AD Aero-derivative
cC Combined Cycle
CCGT Closed Cycle Gas Turbine
COT Compressor outlet temperature [C]
EPRI Electric Power Research Institute
GSC Gas-Steam Cycle
HD Heavy-duty . o
HHV Higher Heating Value Co . [J/kg]
HP High Pressure
IGSC Integrated Gas/Steam Cycle
IEA International Energy Agency
1s0 International Standard Organization
ISTIG Intercooled Steam injected gas turbine cycle
IP Intermediate pressure -
LHV Lower Heating Value [J/kg])
LP Low Pressure
NTU Number of thermal units
RPM Revolutions per minute Y
STIG Steam injected gas turbine cycle
SC Simple cycle gas turbine
TBC Thermal Barrier Coating
TIT Turbine inlet temperature [c1
TOT Turbine outlet temperature [cl
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1. MOTIVATION: THE SCENARIO FACED BY THE POWER INDUSTRY

This ci\apter describes the motivations behind this work. Although
the ana]l.yses presented further incorporate specialized details of gas
turbine design, their motivation involves considerations on a planetary
scale, The purpose of this chapter is to provide some broader context
to permit the reader to better grasp the significani:e of .the results
presented in this Thesis.

The presentation focuses on the circumstances which are forcing the
power generation sector toward a radical reorganization, whereby the
steam turBine — for more than 80 years the indis‘put:able leader of power
generation - gives way to the gas turbine both in utility and cogenera-
tion applications. Major causes of this shift are the impressive
advancements of gas turbine technology, the abundance of low-cost
natural gas, the tightening of environmental regulations and the crisis

of the nuclear industry.
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1.1 The new scenario for power generation

The basic thrust behind the developmetit of this Thesis has been a

number of fundamental changes in the scenario faced by the power

R TR TR )
SO P T

generation industry in the second half of the Eighties. These fundamen-

tal changes are largely the result of four factors: ' .

Rapid progress in power generation technolog}v.
Abundant supply of natural gas st relatively low cost,

Severe tightening of environmental regulations,

F N VI S

Crisis of the nuclear industry

While technological advancements and environmental awareness can be
considered irfeversible. cheap natural gas will ultimately vanish,
while the nuclear industry might one day rise again. However, the
current situation is very likely to last for several generations of

power plants, thereby justifying substantial shifts in the long term

strategies of the power industry.

‘The economic implications of this strategy shift are staggering, as

can be‘ grasped by few elementary considerations:

e In 1988 net world installed capacity of thermal electric plants was
about 1700 GW (Fig. 1.1), rising at a rate between 1 and 2% per
‘year. For an average plant life of 30 years, the capacity to be
installed due to replacement and capacity augmentation sums up to
about 80 GW per year; at the very conservative everage cost of
1000$/kW, this gives a market of $ 80 billion per year.

¢ In 1986, fossil fuels (coal, oil, natural gas) accounted for ~85% of
total OECD primary energy consumption and for =59% of the input into
electricity gemeration (Tab. 1.1). A 25% increase in the average
conversion efficiency of OECD fossil fuel plants — say, from 34 to
42% — could save about 160 Mtoe per year, more than 4% of total 1986
OECD primary energy consumption or - "charging" all savings to oil
only —~ 143 of 1989 OPEC production®, At a conservative average price

* In 1989, the average production of OPEC countries was 23.2
Million barrels/day (Unione Petrolifera Italiana, 1991). Since one

metric ton equals 7.33 barrels, this corresponds to a yearly production
of 1150 Mtoe.
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of § 15 per barrel of oil equivalent, OECD economies would save
about § 18 billion per year®. Given that the average electric
conversion efficiency of non-OECD countries is much lower, on a
global scale the gain could be much larger.

e Given all things equal, any increase of electric conversion
efficiency contributes to cut €O, emissions. If concerns for global
warming are confirmed, the reduction of CO, emissions will presumably
become the driving force of a dramatic shift in.power generation
technology. S . '

This Chapter briefly reviews the four issues listed above and
illustrates why there is a need for further, detailed study of the

thermodynamics of Gas/Steam Cycles — which I henceforth indicate with

the acronym GSC.

Fuel input into " Total primary energy
electricity generation consumption
OECD OECD OECD | OECD || WORLD { WORLD

1973 1986 1973 1986 1986 1989
Solid fuels, % 38.4 42,2 20.2 |-23.9 28.4 27.8
Oil, % . 24.6 8.4 53.3 43.0 38.6 38.7
Nat. gas, % 12.1 - ‘8.7 19.6 18.4 20.9 21.4
Nuclear, % 4.3 21.8 12 | 7.8 5.1 5.6
Hydro and other, % 20.6 18.9 5.7 6.8 7.0 6.5
TOTAL, Mtoe 977 1362 3535 | 3786 7380 8050

Tab. 1.1 Energy consumption by primary fuels. OECD countries account
for about 50% of total world energy consumption; the fraction of total
primary energy used for electricity generation is now around 36%,
rapidly rising over time. 1 Mtoe (Million metric tons of o0il equiva-
lent) corresponds ,to 41.86 10° MI, or 11.63 TWh. OECD data from IEA
(1988a); World data from Unione Petrolifera Italiana (1991).

* This estimate is purely theoretical. Higher conversion efficiency
and lower fuel consumption would presumably force down the price of
fuels and shift the economies toward higher energy intensities. In
addition, since part of the $ 18 billion worth of fuel saved is
produced by OECD countries themselves, there will be transfer of
economic surplus from primary energy producers to energy consumers. The
micro- and macro-economic implications of these changes are beyond the
scope of this work,
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1.2 Progress in pover generation technolo

Electric power can be produced by an afra); of diverse technologies:
gas, hydraulic, steam and wind turbines; reciprocating engines;
Stirling engines; fuel cells; photovoltaic cells, Magneto-Hydro-Dynamic
(MHD) generators, ete.; however, for the past.one ﬁundréd yea'rs‘che
steam turbine has been by far the most commonly used technology.
Although the potential of other systems may be relevant (e.g. Ogden and
Williams, 1989), at the moment the only technology apparently capable
of chal.ler.\ging the steam turbine’s leadership is the gas turbine. Thus,
while acknowledging the importance of research into other techmologies,

I will limit this outline to the competition between steam and gas

turbines,
1.2.1 Steam turbines

The success of the steam turbine stems from the combination of its
superior characteristics and the excellent qualities of the Rankine

cycle. Among the former, the following deserve special consideration:

High fluidynamic efficiencies (can be above 90%)

s Continuous (well above 8000 hrs/year), very reliable operation
¢ Very long life (over 200,000 hrs)

. Vefy high unit power (in excess of 1000 MW)

e Moderate unit cost (compared to competing power generation technolo-
gies), low maintenance cost and low vibratiom.

As for the Rankine cyecle:

o Being a closed cycle, it can be used for a wide spectrum of primary

energy sources: any type of fossil fuel, nuclear, solar, geothermal,
biomass.

o It exhibits best thermodynamic performance in the medium-low temper-
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ature range (up to 600-650°C), i.e. up to approximately the same
maximum temperature tolerable by steel. ‘

o It "forgives" poor component efficiencies, always allowing the
production of net power®; the turbomachinery efficiency threshold
below which there is no net power production is very low —less than
10%! o :

It can be seen that the supremacy enjoyed by the steamﬁturbi‘ne has been
based on sound thermodynamic and technical reasons. On the other hand,
given its long history the steam turbine can definitely be considered
a "mature" technology, and little improvement can be expected in the
future. In fact, since the early 60s there has been no increase in the
efficiency of fossil fuel steam turbine plants (Fig. 1.2); on the
contrary, because of increasing environmental constraints there are
actually indications of decreasing efficiencies and strong increases in

unit capital costs (Fig. 1.3).

1.2.2 Gas turbines

Even more than steam turbines, gas turbines are characterized by i
superior mechanical and fluidynamic characteristics. In particular,
given their widespread use for aircraft propulsion reliability has been

of vital importance and reaches values unparalleled by any other power

generation device.

Despite‘these excellent qualities, until the mid-80s gas turbines

played only a marginal role within the power generation industry due to

a number of "flaws" of the Brayton cycle:

* This is due to the very high ratio between turbine and pump
specific power which, in the ideal case with ny=ny=1, is typically in
the range 50=150. As a consequence, even if turbomachinery efficiencies
are very poor the difference between turbine and pump power —i.e. net
power — 1is still positive. This is the reason why the practical

applications of the steam cycle were realized long before the gas
cycle.
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s Due to introduction and rejection of heat at variable"t:emperature

(isobaric processes), the ideal efficiency of a Brayton cycle

operating over a given temperature range :Ls lower than that of a
Carnot cycle”. .

o The achievement of high conversion efficiencies calls for high
maximum cycle temperatures and high component efficiencies, two
requirements that delayed the succesful utilization of gas turbines
until the late 40s™.

e The high temperatures necessary to obtain good efficiencies can be
reached only by internal combustion, thus preventing the use of
lower cost, "dirty" fuels like coal or heavy oil.™*

Although these drawbacks have not prevented the "explosion" of gas
turbine use for aircraft propulsion, they have dramatically hampered
its use for power generation. In fact, until the mid-80s stationary gas
turbines were used only as peaking units - where the major factor is
capital, rather than fuel cost — or in niche markets — e.g. pipeline

compressor drive. However, unlike the steam turbine the gas turbine is

*

With ideal components it is possible to achieve the Carnot
efficiency by going to the maximum pressure ratio compatible with the
given temperature range; however, this would result in zero specific
work. The thermodynamics of Brayton cycles is dealt with in many
textbooks, e.g. EL-Wakil (1984).

** Unlike the Rankine cycle, in an ideal gas turbine cycle the
ratio between expansion and compression work is very low, typically
1.5=2, Consequently, unless turbomachinery efficiencies are very high —
at least 75~80% — it is not possible to generate net power. There are
four ways to get around this limitation: (i) increase maximum cycle
temperature; (ii) "adulterate" the cycle by injecting steam into the
turbine, thus increasing expansion work; (iii) reduce compression work
by intercooling; (iv) increase expansion work by reheat. Gas turbine
pioneers used the first two methods: in 1905-06 a Company started by
Charles Lemale and René Armengaud assembled a 3.5% efficient gas
turbine with a carborundum-lined combustor directing gases at the
astonishingly high temperature of 1800°C to a two-stage, water-cooled
Curtiss turbine. The steam raised in the cooling circuit was led to
nozzles and passed through the same turbine wheel (Armengaud, 1907).
However, the extreme operating conditions prevented use in any practi-
cal application; yet, as reported in the insightful narration of

Constant (1980, p. 93), "... The Armengaud-Lemale turbine was a rarity
in that it worked at all ...".

"™ Low quality fuels can be used in external combustion, Close
Cycle Gas Turbines (GCGT), which however are very severely limited by
heat exchanger temperature capability (Fig. 1.4).
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a technology ongoing major improvements and, after "conqﬁering" - the

aircraft propulsion market, in the last decade it has reached a point
where there are virtually no handicaps as compared to steam turbines.
This success is basically due a dramatic increase of Turbine Inlet
Temperature (Fig. 1.4), which has been realized main'ly by means of
sophisticated blade cooling technology (see Ch. 5). Stat:e-bf-thé-aft:
turbines now operate 400-500°C above the maximum temperéture tolerable

by materials.

1.2,2.1 Efficiency
The higher TITs brought about by technological improvements are

responsible for two major occurrences:

e The efficiency of simple cycle machines has reached those achievable
by large steam cycle power stations. In fact, the General Electric
aero-derivative 1M6000 — to be introduced in 1992 — has a net
electric efficiency” in excess of 40% (Oganowski, 1990).

o The efficiency of state-of-the-art Combined Cycles (CC) is now -
around 52%, about 30% higher than conventional steam plants. For
CCs, higher TITs "pay twice": besides higher gas turbine efficien-
cies, there is also an increase of the bottoming steam cycle effi-
ciency brought about by higher gas turbine outlet temperatures.

The dramatic improvement of gas turbine-based power plant efficiency

experienced in the last few years can be seen in Figs. 1.5 and 1.6. It

needs to be emphasized that the transition documented by the figures

has taken place in less than five years, indicating an efficiency

improvement of about ‘1 percentage point per year. A similar rate of

improvement was previously reached by steam turbines only in their

* Unless specified otherwise, all efficiencies are referred to fuel
lower heating value (LHV).

i
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golden age — the 20s and the 50s, see Fig.l1.2".

1,2,2.2 Technological aspects
Although its importance cannot be overemphasized, efficiency is only
one of the factors sustaining the escalation of gas turbine technology.

Two other elements are of the utmost importance:

e Capital cost

¢ Environmental impact

With respec‘t to capital costs, a comparison between Figs. 1.3 and 1.7

shows that for large systems (over 300-400 MW,) the cost of conventional
steam plants is almost double the cost of a CC — approximately 1300
$/kW, vs. 700 $/kW.,**. At smaller scales (10-100 MW,) the relative cost
of conventional plants is even higher because, while the unit cost of
steam turbine systems escalates rapidly with decreasing power outputs,
GSC systems are much less sensitive to scale: at 50 MW, the cost of STIG
systéms is about 700 $/kW (Kolp and Moeller, 1989), while the 50 MW,
L_‘ombine& Cycle based on t:he' 1IM6000 should cost around 800 $/kW (Bres-
éan, 1991)™*.

The environmental benefits of CCs vs. conventional coal-fired plants

are evidenced in Fig. 1.8. Advocates of coal-fired steam systems might

1

* The comparison is somewhat inmaccurate because Fig. 1.2 reports
average efficiencies, while Figs 1.5 and 1.6 report state-of-the-art
efficiencies. Considering that the 20’s and the 50's were periods of
strong economic expansion — and thus high rate of substitution of old,
inefficient plants ~ in those years the rate of improvement of state-

of-the-art steam turbine technology was presumably lower than shown in
Fig. 1.2. '

** Unless specified otherwise, all costs are in 1990 US dollars.

whw

Based on these data, the slope of the three upper bands in

Fig. 1.7 (Cogen systems) appears a bit conservative. Anyhow, more data’

are needed to justify a different trend.
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object that the comparison in the figure is not "fair", because much of
the reduced environmental impact of CCs is due to the use of natural
gas, rather than to the gas turbine itself. This is true; however, if
a comparison has to be made, it must be between CCs and coal-fired {or
oil-fired) systems, which can benefit from lower fuel costs. Consi..de;-

ing gas-fired conventional steam plants doesn’t make much sense

because — aside from existing plants - gas-fired capacity additions
will, in most cases, be CCs. Moreover, Tab. 1.2 illustrates that by
integrating. the CC with a coal gasification system (IGCG=Integrated
Gasification Combined Cycle) it is possible to achie‘ve emission levels
close to those from a gas-fired CC*.

For certain types of GSC systems emissions are even lower than

depicted in Fig. 1.8, For example, due to the decrease in peak flame

temperature provided by steam injection, steam injected gas turbines
can reach NO, emissions levels — without Select;ive Catalytic Reduction
(SCR) — as 19w as 200-250 mg/kWh,™. Even lower NO, emissions are i
expected from chemically recuperated systems (Lloyd, 1991), which

however have not yet been commercially developed.

I

i

E
-

®

Except for ash and CO,, which are inherently related to coal
composition and can be reduced only by increasing plant efficiency.

** Unfortunately, the units used to evaluate emission levels are
not yet standardized, and in order to perform comparisons it is often
necessary. to perform tedious conversions. The unit typically used for
gas turbines NO, emissions is ppmv (part per million, volume) referenced
to 15% 0, in the exhaust gases. A gas-fired steam-injected turbine can
reach emissions in the range '12-15 ppmv,s0, which — assuming that all
NO, is in the form of NO, (molecular weight 46 kg/kmol) and that the
exhaust gas molecular weight is 29 kg/kmol — corresponds to an NO, mass

fraction of 19-24 mg/kg,.,; for a specific work of 350 kl./kg,.;, this
translates to 195-250 mg/kWh,. ’
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IGCC Cool Water plant, by type of coal coal-
Efficiency i : fired gas
and SUFCO | SUFCO | Illinois | Pittsburg | Lamington || Steam jj fired
Erissions Main | Quench | no.6 no.8 plant | CC
Ty, % .33 2.5 {313 | 313 36 | 2 || 52
CO, mgkWh, [ 7.5 17 20 | <95 45 75 || 34
NO,, mg/kWh, || 362 | 41 | as8 | 337 282 600 || 350
SO, mgkWh, || 95 | 118 | 350 612 137 || 600 | ©
Particulate 55 76 45 48 58 40 | o
mg/kWh,
Ash, g/kWh, 35 43 45 27 61 34 0
CO,, gfkWh, | 1048 | 1456 | 1065 | 1043 1011 830 || 380

Tab. 1.2 Lower heating value efficiency (nymy) and emissions of the
Cool Water demonstration IGCC plant vs. conventional coal-fired plants
and gas-fired CCs. Cool Water emissions have been calculated from the
average measured emissions in lbs/hr given by Clark and Holt (1990,
P. 4-99), assuming an average power output of 90 MW, (65 MW, for SUFCO
Quench); "Main" and "Quench" refer to the two gasifiers tested at Cool
Water. Figures for conventional and CC plants are representative of
state-of-the-art emission control technology (see also Fig. 1.8).
Notice that estimates for coal steam plants are somewhat optimistic
because in order to realize n gm=42% it is necessary to adopt a double-
reheat, supercritical cycle, a configuration disliked by most utilities
due to poor reliability history.

NO, emission can be cut by a factor of 5-6 by means of selective
catalytic reduction while further, dramatic reductions in S0, emissions

of IGCC systems could be achieved with only a modest increase in
capital cost (EPRI, 1982).
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1.3 Natural gas supply

As indicated in Fig. 1.9, up to now natural gas has never played a
prominent role in electricity generation. On the contrary, due to its
superior qualities natural gas has ofte,n. been regarded as a resource to
be spared for future use. This attitude led to a number of restrictions
on utilities both in the US (1978 Fuel Act) and in Europe (1975 EEC
directive), with comnsequent substantial reductions of its use for
electricity generation (Tab., 1.1). The large increase in natural gas
reserves eiperienced in the 70s and 80s (Fig:. 1.10) and a reser-
ves/production ratio more favourable than for oil (Tab. 1.3) have

reduced most of these concerns, leading to the repeal of limitations on

gas use.
COAL OLL NAT. GAS

Reserves | Prod. || Reserves | Prod. || Reserves | Prod.
North-America 215,000 | 572 || 4,365 | 457" || 6,700 | 527
Westem Europe 63,000 | 193 | 2,58 | na [ 490 | 157
USSR/Eastrn Europe 264,000 | 573 [| 8,199 | 642 || 39,000 | 683
Middle East 160 1 90,075 | 625 || 31,200 | 88
Africa 50,000 | 102 || 8,027 | na || 6750 | 56
Latin America 15000 | 25 || 17,057 | na | 6000 | 80
Asia and Oceania 261,000 | 768 || 6,349 | na [ 7,200 | 131
TOTAL <« || 868,160 | 2,234 || 136,640 | 3,165 || 101,750 | 1,722
RESERVES/PROD, yrs || ° 389 4 59

Tab. 1.3 Reserves and production of fossil fuels as of 1989 (from
" Unione Petrolifera Italiana, 1991). Except for the reser-
ves/production ratio, all data are in Mtoe. North America

includes only Canada and the United States.

*

Only United States

L 1

Only Saudi Arasbia, Iran, Iraq and Kuwait

RTINSO JE S
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Until technologies like coal or biomass gasification become economi-
cally viable and widely used, the diffusion of gas turbines for power
generation will rely on the availability .of natural gas at a price
which — for current capital costs — should not be higher than about
twice the price of coal”. The basic determinant of the gas supply cost
curve is transportation. Based on current proven reserves at;d Ion
estimated costs of projects under study, A.D. Little hﬁs projected the
gas supply cost curve for Western Europe depicted im Fig. 1.11., Based

on this curve and considering that:

(i) even at the trough of the 1986-87 oil price élump, the price
of heavy fuel oil remained above 2 $/MMBtu (Fig. 1.12);
(ii) in the last decade steam coal never went below 1.8 $/MMBtu

in Europe gas could well be competitive even at consumption levels of
180 billion m®/year (price < 3 S/MBtu), about seven times the 1989
Western Europe consumption for electricity generation of 25 bm®
(Fig. 1.13).

Expectations of strong gas consumption grt;wth are shared by major

forecasting agencies and authoritative scientists:

e As shown in Fig. 1.13, expected gas consumption in Western Europe
for the year 2000 has been revised upward several times.

¢ According to the logistic substitution model developed by Marchetti
and Nakicenovic at ITIASA since the late 70s, in the first half of

the next century world primary energy consumption will be clearly
dominated by natural gas (Fig. 1.14).

¢ Williams and Larson (1989) argue that even if from 1995 to 2010 all
new capacity additions in Europe were gas-based there should be no
upward pressure on gas price; the introduction of IGCC technology
would cause a major change in gas pricing policy, whereby gas would

* The evaluation of this price ratio is very involved because,
besides fuel costs, it depends on: (i) capital costs; (ii) assumed
interest rate and plant life; (iii) differences in maintenance and
operational costs; (iv) utilization factor; (v) geographic location
(which determines fuel transportation costs); (vi) fiscal legislation;
(vii) emission regulation., The value of 2 given above is based on
figures presented by Macchi (1990).
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be linked to coal rather than to oil. Some evidence of ﬂﬁ.s t:endenéy
has already appeare.d in Britain and Demmark (COMETEC, 1989, p. 17).

Discussing the reliability of these predictions is not the purpose of
this work. However, the consensus built around them is a good indica-
tion of the important role that is expected to be pl:ayed by natural

gas.
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1.4 Environmental regulations

The 80s have witnessed a strong worldwide escalation in the environ-
mental awareness of public opinion. In addition to "routine" problems
which had been caili.ng for urgeﬁt. decisive action for many years, this
shift is due to a serles of particularly critical e;;isodes - mostly

energy-related — which have marked the decade: the Three Mile Island

and Chernobyl accidents, the Exxon Valdez oil spill, the destruction of
Kuwaiti o0il wells _during the Gulf war, alarm over the ozone hole,
expectationé of global warming due to anthropogenic CO, emissions,
indiscriminate deforestation of large tropical areas, increasing acid
rain, etc. Without entering the details of these episodes, it is
important to stress that - particularly in industrialized countries —
they have substantially modified the attitude of both public opinion

and legislators in that:

¢ Environmental issues are felt much more on a global scale. People
are forced to realize that the "not in my backyard" and "dilution is i
the solution to pollution" policies do not work. This has encouraged
international cooperation and agreements on regulations to be !
applied worldwide.

¢ Environmental concerns are perceived to be a major driving force
behind technological development. t
The first point indicates that the power industry will be faced with a
permaneht:. worldwide change of "boundary conditions"; the second ‘
introduces a new rationale for technological competition which — for
power generation — deci;ively favours gas turbines.
Most industrialized countries have reacted by intensifying legisla-
tive action (Fig. 1.15) and tightening existing regulation (Tab. 1.4);

everyvhere gas turbines have emerged as the leading technology for

power generation because:
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o Both with natural gas and coal it allows the lowest production of
all major pollutants — except possibly NO,.

e It is a proven, reliable technology still undergoing major improve-
ments to reduce its environmental impact".

¢ In many instances it produces environmental benefits at the lowest
cost, :

Beside cost and efficiency considerations, the choié:e of‘S éas
turbines may be a must. For example, for convent:ionai steam systems
with Flue Gas Desulfurization (FGD) sulphur removal rates beyond 90-95%
appear economically and technically doubtful; in contrast, IGCC systems
can go above 99% (EPRI, 1982), which means reducing SO, emissions by a
factor of ten. A similar situation exists for NO,. Gas turbine manufac-
turers are now targeting dry (i.e. no stéam injection) emissions of 10

ppuv which, for a 50% efficient Combined Cycle with specific work of

Eollutant Pre-NSPS NSPS v NSPS Cool Water
: 1971 1979 1984
NO, None | 1083 774-929 201
50, None 1857 155-1393 | 46.5-248
 Particulate =310 155 46.5 15.5

Tab. 1.4 Trend in air pollution standards — in mg/kWhs., — for new
coal-fired power plants in the US (converted from data in lbs/MMBtug,,;
quoted by Rubin, 1989), NSPS=New Source Performance Standard. "Cool
Water" refers to the permit limits for the IGCC demonstration plant
realized in California. For S0,, the regulation requires 70% to 90%
sulphur removal, with a ceiling of 1857 mg/kWhy,; thus, emissions vary
with the type of coal. Since emission limits are specific to the fuel
heat content, the maximum allowed emissions per unit of electricity
(mg/kWh,) vary with the net plant electric efficiency #, (must divide
the figures in the table by n.); notice that this rationale gives mno
advantage to technologies with high efficiency.

* Research is concentrated on NO,, which is the only pollutant of
interest. All major manufacturers are working toward reducing NO,
emissions without resorting to water or steam injection which, aside
from requiring substantial amounts of make-up water, may induce high CO
emissions.
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; 500 kJ/kgy,,, translates into =115 mg/kWh,, or =58 mg/kthu.;. For steam
| cycles such low emission levels are possible only with %tmospheric
circulating fluidized bed boilers with staged combustion (IEA, 1988&,

ppP. 72-75), which however require very high capital and waste disposal

costs.,
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1.5 The crisis of the nuclear industry
Although this Thesis focuses on systems fired with fossil fuels, it
seems appropriate to close this brief overview with few considerations

on nuclear power".

The debate on the prospects of the nuclear industry is still open .

and several authoritative scientist hold that in the near future its
contribution to energy production will continue to increase (e.g.
Fig. 1.14). Nonetheless, it is hard to dispute that, after the number

of inauspicious events occured in the 80's, the current prospects of

nuclear power appear rather grim. In particular, it is worth recalling

that:

e The Chernobyl accident has produced an enormous impact on public
opinion, strongly supporting the many doubts on the safety of
nuclear plants. Aside from few exceptions (e.g. France), the public
opinion of all industrialized countries now tremendously hampers the
construction of any new plant.

e Several European countries have banned the operation of any nuclear
plant (Austria, Italy), or the construction of any new plant (Swit-
zerland), or decided to phase out all existing plants (Sweden).

e More and more stringent safety regulations have produced a rapid,
sharp escalation of capital costs, posing serious doubts on the
economic viability of these plants. In particular, decomissioning
costs are very uncertain, a consideration which has discouraged all
investors involved in the privatization of the English National
Electricty Board™.

The outcome of this situation is documented in Fig. 1.16, which clearly

shows that by the early 90's the industry has come to an almost

complete halt. Global warming caused by energy-related emissions - CO,,

* The discussion is limited to fission reactors. Commercial

operation of fusion reactors is at the moment too remote to affect the
strategies of the power industry.

** As a result, all English nuclear plants have remained under the
control of the State, while most other plants have been sold to private
investors.
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N,0 and O; emissions from fossil-fuel-fired power plaqts,_ CH, from
pipeline leakages —may revive the interest for nuclear power. However,
in aﬁdition to operational safety and economic consideration, further
expansion of the nuclear industry will depend on its capability to

address two crucial issues:

i

¢ The problem of nuclear waste disposal. Despite vigorous efforts and
more than ten years of study the US Environmental Protection Agency
has yet to f£ind an appropriate disposal site. In most cases, nuclear
waste is now disposed at fuel processing plant sites, a "temporary"
solution which lasts since the early days of commercial nuclear
power.

e Safety of plutonium handling. Given that with thermal reactors
Uranium reserves can cover energy primary demand for a rather
limited period — for the US El-Wakil (1984, p. 454) quotes 50
years — the long term prospects of nuclear power rely on breeder
reactors. However, breeder reactors produce large quantities of
plutonium, the basic ingredient for the comstructions of nuclear
bombs. The risks connected to the disposal of the large quantities
of plutonium generated by widespread utilization of breeder reactors
have been pointed out by Williams and Feiveson (1990). The unstable
and uncertain political situation created by the collapse of the
Soviet Union has further increased these concerns.

To summarize, 'there are good indications that in the short and medium
term nuclear power will not éom:rast significantly the expanding role
of fossil-fuel-fired, gas-turbine-based systems. It must also be
noticed that —although the vast majority of existing nuclear plants is
now based on steam turbines ~ nuclear power is not necessarily antago-
nistic to gas turbines. On the contrary, High Temperature Gas Reactors

(HTGR) are promising candidates for the next generation of nuclear

plants (McDonald, 1990): in such system the heat produced by nuclear

fission is transferred to a closed-cycle gas turbine which — similarly

to a CC —nay be bottomed by a steam cycle.

Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.



S. Consonni - 1.19

1,6 Why this Thesis

The previous paragraphs have shown why in the next decades gas- ' i

turbine-based power plants are very likely to be at the forefront of
power generation technology. The need for research on the thermodynam-

ics of GSCs stems from three considerations:

‘

1. Since gas cycles have been developed for mobile.applicat:ions, little
attention has been devoted to options relevant only to stationary
applications (intercooling, regeneration, steam cooling, etc.)

2. Gas and steam cycles ~— taken separately ~— have been studied quite
extensively. However, the same is not true for the opportunities
created by their integration: steam/water injection, steam cooling,
evaporative regeneration, etec.

3. Due to the strong influence of blade cooling on cycle thermodynam-
ics, any attempt to produce reliable predictions of GSC performance
requires accurate modeling of the gas turbine expansion. Except for

proprietary codes developed by manufacturers for specific engines,
such models are not available.

The importance of assessing the potential of new cycle configurations
is amplified by the circumstance pointed out by Williams and Larson

(1989): " ... a paradoxical aépect: of the development of the stationar
Y

gas turbine is that most of the well-known "low-technology" cycle
modifications available for improving performance ... remain largely

unexploited, even though enormous "high-technology" advances have been

made in turbine blade materials, design, fabrication ... The situation
presents an enormous opportunity because it means that major improve-
ments can be made in the performance of gas turbines for stationéry

power applications with modest R&D efforts". This Thesis aims at

filling the gaps left open by this situation by:

¢ Developing a tool to predict the perfomance of possibly all GSC
systems of interest (Chs. 3-6, 8-9). .

e Calibrating the prediction model in accordance to state-of-the-art
gas turbine technology (Ch.7).

¢ Verifying the potential of the most promising options (Ch. 10).
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1.7 Anticipation of basic findings

The objectives of this work have been accomplished almost entirely,

and are briefly summarized below:

GSC modeling. Except for closed-circuit steam cooling — which requires

further integration between the calculation of the gas turbine and the
steam section — the computer program described in Ch. 9 can handle

practically all GSC systems proposed in the literature.

Calibration against available commercial engines. The results of Ch. 7
show that the gas turbine model predicts efficiency, specific work and
turbine outlet temperature of commercial engines within a few pércent,
an accuracy close to typical tolerances quoted in manufacturers’
guarantees. Regarding the whole GS‘C system, the validations of Ch. 10

show that: (i) the agreement with measured perfomance data of actual

plants is similar to the one achieved for commercial simple cycle
engines; (ii) for systems not yet realized, there are in some case |

substantial discrepancies with the predictions of other authors.

I
| |
Investigation of inmovative configuratjons. The results reported in !

Ch. 10 shed light on the competition between "conventional®”, unmixed

schemes — commonly referred to as Combined Cycles -~ and mixed schemes

(steam or water injection). Due to the absence of mixing losses, the
former systematically achieve higher efficiencies; on the other hand,
the latter exhibit higher specific work and — presumably — lower in-
vestment costs. Thus, ‘t:he competition between unmixed and mixed
solutions is likely to be centered around the trade-off between the
higher efficiency afforded by the former and the presumable lower costs

of the latter, with additional considerations to be made about water

consumption.
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1.2 Net average efficiencies of US (left scale, HHV, from
Williams and Larson, 1989) and Italian (right scale, LHV,
from ENEL, 1990) steam Power Stations. The two curves camnot
be referred to, the same scale because the average HHV/LHV
ratio is not known. The curve for large Italian power
stations shows that since the early 60s there has been no
inerease in the efficiency of large, new plants, and that
the increase of the Italian average plant efficiency has
been. due to the substitution of obsolete, low-efficient
Plants. The spike at the year 1964 corresponds to the
completion of the supercritical, double-reheat plant of La
Spezia, with net efficiency in excess of 40%. Despite this
remarkable performance, this plant scheme was abandoned due
to high capital costs and low reliability, a pattern fol-
lowed by all major world utilities.
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1.7 Specific costs of gas turbines and Combined Cycles (from
Macchi, 1990). Circles refer to quoted 1990 FOB prices for
gas turbine packages (Gas Turbine World, 1990b) inclusive
of: gas turbine, electric generator, skid, enclosure, inlet.
and exhaust ducts, silencer and standard control system.
Squares are 1987 EPRI estimates of total capital require-
ments inclusive of: engineering and construction firm fees,
field construction, fuel tanks, control rooms, system
interfaces, building enclosures, concrete pads and interest
during construction.
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1.11 European gas supply cost curve as predicted by the forecast-
ing consulting agency A.D. Little (from Garribba, 1991).

1 §/MMBtu (0.95 $/GJ) corresponds to about 40 $/ton of oil
and to 25 $/ton of coal.
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1.12 Nominal quarterly prices of steam coal and heavy fuel oil in
Western Europe . (Garribba, 1991). 1 metric ton of coal

equivalent = 0.62 metric tons of 0il equivalent = 25.953 GJ
- 24,6 MMBtu,
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1.13 Natural gas consumption for electricity generation in
Western Europe in the year 2000 as estimated at various
times by the International Gas Union (IGU), the Internation-
al Energy Agency (IEA) and COMETEC (1989). Orxdinate axis
reports billion Normal-m®/year. The figure is taken from
COMETEC (1989), .with the addition of the 1990 prediction of
WEFA, a London-based forecasting consulting agency (Jones,
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1.14 Historic evolution of the global market shares of primary
energy sources as reconstructed and forecasted by Marchetti
and Nakicenovic (1979; update to 1984 in Marchetti, 1988).

The ordinate axis reports market shares on a logarithmic
scale.
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1.15 Evolution of the number of environmental laws enacted in the
United States (Rubin, 1989). The increase experienced in the

past two decades highlights the rapidly growing importance
of environmental concerns.
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1.16 Worldwide additions of nuclear power capacity in the last 30
years and expected for this decade (Garribba, 1991). The
increase of nuclear capacity of the last ten years is the
outcome of projects started or approved in the 70's., Very
few additions are expected for the next decade.
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2. REVIEW OF MAJOR ISSUES AND RELEVANT CONCEPTS

This Chapter‘ aims at acquainting the reader with issues and
fundamental concepts related to GSC performance prediction. Many of the
issues introduced here will be analyzed extensively in lfurther
Chapters; others are presented as a quick reference to the reader not
familiar with gas turbine practice. ‘ ,

In order to limit the extent of the presentafion I will discuss in
some detail only the most relevant concepts, and assume that the reader

is familiar with the basic concepts of fluid dynamics and of power

system thermodynamics.
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2.1 Gas/Steam Cycles o ‘ p

S

In this Thesis the term "Gas/Steam Cycle" is used to indicate ail

cycles —both mixed and ummixed — where there is some combination

between a gas turbine and a steam cycle”,
Due to the multiplicity of the interconnections which can be

established between the gas and steam section — and. to the array of

B ta LA AR e

different arrangements available for the gas and steam section

themselves — the variety of plant configurations resulting from their
combination is rather large. o

Most of these configurations can be exemplified by referring to the
gas and steam chcles represented in Fig.2.la which, for the sake of
simplicity, shows only two injection locations along the gas cycle
(points 6 and 7), only two ouﬁput:s from the heat recovery section
(points D and E) and does not show gas turbine cooling flows nor steam
reheat. The dashed circles around the compressor and the gas turbine
indicate that they can be sbubstit:ut:ed by several components connected
in series, thus realizingv inéercooled and/or reheat gas cycles. A

generic GSC configuration can be obtained by properly commecting one

(ox more) points designated by numbers with points designated by

letters and, if necessary, eliminating some of the points and of the

components. Three examples are illustrated in Figs. 2.1b to 2.1d
where —again for the sake of simplicity - intercooling and reheat have
not been considered. The cycles in the figures have been composed by:

e Connecting points 5 and A and suppressing points 6, 7, F, I
(Fig. 2.1b), thus obtaining a dual-pressure Combined Cycle.

* Following a convention widely used in the field, the term

"Combined Cycle" is reserved for the class of GSC where steam and gas
do not mix, and the steam section is essentially a closed Rankine cycle
which uses gas turbine exhaust gases as the heat source.
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¢ Connecting points 5-A, F-6, D-7 and suppressing points G, H
(Fig. 2.1lc), thus obtaining a dual-pressure steam injected cycle
with topping steam turbine.

s Connecting points 5-A, 2-~H, E-3 and suppressing points 6, 7, D, F,
G (Fig. 2.1d), thus obtaining a water injected regenerative cycle.
Notice that in this case heat recovery takes place between gas
turbine exhaust and a mixture of water and compressed air.

Other, more complex configurations can be generated by coﬁsideriing‘ the

following cycle options:

o Intercooling and/or reheat of the gas turbine. The heat rejected by
intercooling can be utilized for feedwater heating or for producing
low pressure steam. :

o Higher number of: (i) evaporation pressure levels; (ii) injectioms
into the gas turbine; (iii) bleeds from the steam turbine. I

¢ Single and double steam reheat.

¢ Gas turbine cooling with steam, water or with low-temperature
compressed air®. In particular, steam and water cooling can be
"open" — i.e. steam or water are eventually discharged into the
mainstream gas — or "closed" — i.e. steam used for cooling returns
to the steam cycle to be expanded into a steam turbine.

Supplementary firing of gas turbine exhaust.

This 1list: of possible cycle opﬁions clearly indicates the complexity of |
the problem. Even if the analysis of one single configuration might
result relatively simple, the comparison among many cycle optioms
requires a very flexible computational tool, capable of warranting the

same accuracy for all configurations.

* This can be realized by passing the air to be used for gas
turbine cooling through a heat exchanger placed downstream the bleed
from the compressor.
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2.1.1 Clagssification

The three examples of Figs. 2.1b to 2.1d are particularly relevant
becauge they are the "prototypes" of the three classes of cycles which
comprise the majority of GSCs:

.

Q_Q_lg_b_igg_ql_clglgs_ (Fig. 2.1b), where gas and steam are secluded from each
other all along the cycle.

Steam-injected cycles (Fig.v 2.1c), where steam produced in the Heat
Recovery Steam Generator (HRSG) is expanded directly into the gas
turbine together with combustion gases.

Water-injected, regenerative cycles (Fig. 2.1d), vhere heat recovery
from gas turbine exhaust is accomplished by heating a mixture of air
and water to be fed to the combustor. !
Due to the strict separation between gas and steam, Combined Cycles
will also be referred to as ummixed cycles, while steam injected and
water injected cycles will often be grouped under the name of mixed

cycles. Although the vast majority of GSC can be assigned only to one

of the three classes above, there are few configurations which fall

somevhere in between, e.g. Gt;mbined Cycles with open circuit steam
cooling: in this case part of the steam produced in the HRSG is used

for gas turbine cooling and then mixes with the combustion gases, thus

realizing an hybrid situation (Chiesa, Consonni and Lozza (1992).

In Combined Cycles the connection between the gas 'and the steam

cycle is established only through the gas turbine outlet temperature

and, in some configuration, heat recovery from intercoolers or from

cooling air heat exchangers®; consequently, performance calculations
require little interaction between the gas turbine and steam turbine

sections. On the contrary, steam injected and water injected cycles are

* The heat rejected by the air to be used for gas turbine cooling
may be used for feedwater heating or to produce low-pressure steam.
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characterized by a much tighter c;ﬁnection betveen the gas and the
steam cycle which:‘ (1) requires the simultaneous calculation 6£ the
whole system and (ii) "propagates" thro;ngh;ut the whole cycle the

consequences of variations in component characteristics.

1
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2,2 Turbomachine

In a GSC system turbomachines play the crucial role of converting
the energy-producing potential of the working fluid into mechanical
energy (or viceversa). Although the aim of this Thesis is the study of
GSC thermodynamics, some understanding of turbomachine operation is
necessary because:

e The "shape" - and thus the performance — of the gas cycle érucially
depends on turbomachinery efficiency (Fig. 2.2). On the other hand,
estimating turbomachinery efficiency requires the specification of
the thermodynamic cycle, i.e. pressure ratios, temperatures,
enthalpy drops. As a result, there is a strict and very important
connection between the evaluation of thermodynamic and turboma-
chinery characteristics.

e Beside turbomachinery efficiency, the gas cycle also depends on how
much flow is required to cool the turbine (Fig. 2.3). Accurate
evaluation of pgas turbine cooling flows requires the detailed
knowledge of turbine geometry and flow conditions, thus establishing
one more strict connection between thermodynamics and turbomachi-
nery.

e The configuration of the bottoming steam .cycle depends on the gas
turbine outlet temperature (Fig. 2.4), which in turn depends on gas
‘turbine efficiency and cooling flows.

The strongest interaction between thermodynamics and turbomachinery
characteristics occurs in mixed cycles, where the gas and steam
sections interact not only through the gas turbine outlet temperature,
but also by sharing the gas turbine as the only producer of net work;
consequently, any variation of turbine work is totally “"transferred" to
variations of net work and overall cycle efficiency.

Coming to the steam cycle, the connection between steam turbine
performance and cycle thermodynamics is looser than for the gas turbine

(Fig. 2.5), because compression is performed in the liquid phase and

heat rejection takes place at constant temperature; nonetheless,




-
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accurate evaluation of steam turbine efficiency is crucial to the
estimation of work ouﬁput.

To summarize, turbomachinery characteristics seriously affect GSC

thermodynamics through:

¢ turbomachine efficiencies

e gas turbine cooling flows

Due to cooling and to the influence of its outlet temperature on the
bottoming steam cycle, the gas turbine is the turbomachine which
affects performance predictions most crucially. Thus, any thermodynamic
analysis of GSCs must inciude an appropriate model of at least the gas

turbine.

2,2,1 Basic features and design methods

The three turbomachines of a GSC — gas turbine compressor, gas

turbine, steam turbine (if present) — share the following traits:

o Axial flow, i.e. the working fluid proceeds along the axis of the

- rotating shaft. The reason is twofold: (i) axial machines allow
"swallowing” high volumetric flows; (ii) for the operating parame-
ters typical of GSCs, they yield the highest efficiencies. The only
exceptions are compressors for low-power-output gas turbines (below
1 MW,), which are generally radial.

e Multistage, because the enthalpy drop made available from (or to)
the working fluid cannot be handled by a single stage with accept-
able efficiency. The limit on the maximum enthalpy drop per stage is
much tighter for compressors, where the adverse pressure gradients
create a much highexr risk of boundary layer separation.

¢ Rotational speed of the gas turbine compressor and the gas turbine
are the same, because they are mounted on the same shaft. In multi-
spool gas turbines there is a shaft for the HP compressor and HP
turbine and another - coaxial to the first -~ for the LP compressor,
LP turbine and generator (possibly with a reduction gear).
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The first, fundamental step in evaluating turbomachinery p.erformance is
what is called "1-D" design. Also termed "mean-line” design, because
the flow is analyzed along the mean diameter, it is used to lay out a
first approximation of the engine: thermodynamic conditions, mean
velocities and angles at inlet and outlet of each cascade, mean
diameters, blade height and chord, solid:lties"', ete. De\spit:e their
relative simplicity, proper mean line methods can pred.:l.ct: the efficien-
cy of an axial turbine within 1-2% (Macchi, 1985). Subsequent refine-
ments involve 2-D and quasi-3-D analyses: "through-flow" calculations
(Hirsch and Denton, 1981) — whereby the radial equilibrium equations
are solved in the plane containing the axis — and "blade-to-blade”
analyses ~ whereby the flow is solved on an axisymmetric surface
concentric with the axis (Fig. 2.6). The speed and the large memory
capacity of modern computers have recently made possible full 3-D
viscous flow analyses. At present these computations are used t;o verify
the flow field corresponding to given inlet and outlet conditions for
a single cascade or — in some case — for a whole stage™. Although the
continuous, spectacular increase of computer speed may soon make

possible the use of 3-D viscous calculations as a design tool for

* Solidity - generally denoted by o — is the ratio between blade
chord and blade spacing along the tangential direction., Given all
things equal, the higher o the higher the number of blades and the more

the cascade is "filled" with blades, which justifies the name given to
g.

** The simulataneous calculation of the flow through stationary and
rotating cascades poses formidable problems because the relative motion
of the two cascades — whereby the blade of one cascade "sees" the
periodic passage of the blades of the other cascade — requires: (i) to
assume that the flow is "truly" unsteady, thus preventing from using
many computational algorithms developed to accelerate the convergence
of steady flow solutions; (ii) to interface properly the computational
grids of the stationary and the rotating cascade, which inevitably
leads to very large memory requirements.
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single stages, the design of a whole multistage machine will presumably

rely on 1-D and 2-D ahalysis for quite a long time,

Even if it 1nvolvés only the solution of algebraic equations, the 1-
D design of a multistage turbomachine can be very demanding (Lozza, ‘
Macchi and Perdichizzi, 19v82) and goes beyond the scope of a thermody-
namic analysis which, as emphasized in the previo'us paragral;h, requires

to determine only efficiency and cooling flows. All other quantities

(see next paragraph) are relevant to the design of the turbomachine,

but don't directly affect cycle thermodynamics.
2.2,2 Relevant concepts and parameters s

This paragraph introduces fundamental turbomachinery concepts and

parameters mentioned in later chapters.

2.2,2.1 Similarity Theory

Similarity theory comes from applying dimensional analysis to the

laws definitiing the behaviour of a turbomachine (Csanady, 1964; Balje,
1981). Basically, it states that if two turbomachines are geometrically
similar (ratio between the dimensions of all components is constant)

and operate with the same dimensionless groups (specific speed,

specific diameter, etc., see further), then they have the same

efficiency. Departures from this theoretical behaviour may be due to:

(1) compressibility (differences in Mach numbers); (ii) viscosity
(differences in Reynolds numbers); (iii) scale (preventing the
realizing of perfect geometrical similarity); (iv) fluid properties
(different variations of specific heat, real gas effects); (iv)

cavitation (hydraulic machirnes only).

Iv?eproduced with permission of the copyright owner. Further reproduction prohibited without permission.
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2,2.2.2 Specific speed

Specific speed is the most important dimensionless group appearing

in similarity theory:

n, = w-V};’/8n};" for compressor stages

n, = @-Vo.5/ah); " for turbine stages (@D
where w is the rotational speed [rad/s], V, and V,, are the volumetric ‘
flows at the stage inlet and outlet [m®/s], oh,, is the stage isentropic
enthalpy drop (or rise). In order to remove the dependence 'on -stage
efficiency, V., is always referred to isentropic outlet cénditions
(also for D, and SP, see below). For compressors, the definition is in
terms of V,, because the architecture of a turbomachine stage is always
determined by the largest .volume_t:ri.c flow.

Each class of turbomachines attains optimum efficiencies within a

rather narrow range of n, (Fig. 2.7). In particular (Csanady, 1964):

Oy, apt. = 1.5-5 for axial compressors

Ny gpe = 0.3-2 for axial gas and steam turbines

The important implication is that the rotational speed, the volumetric

flow and the specific work (Ah) of a turbomachine stage cannot be

assigned arbitrarily: to obtain good efficiencies they must give a

value of n, within the range typical of the turbomachine class considered.

2.2.2.3 Specific Diameter

Specific diameter is another dimensionless group appearing in

similarity theory:

D; = D,,-Ahg;zs_ 2;,5 for compressor stages
(2.2)

D, - Dm-Ahg;zs/V:;,: for turbine stages

Allv?eproduced with permission of the copyright owner. Further reproduction prohibited without permission.
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where D, is the mean stage diameter. If "pure" similarity were to hold —
i.e. no compressibility, viscous, scale and fluid property effects -
then the efficiency of a elass of turbomachines would be a function of
only n; and D,, with a maximum for one peculiar combination (n,,Ds)ept
(Fig. 2.8). A_popular, empirical diagram due to Co?dier (Fig. 2.9)

depicts the locus of all such (n,,D,)qpe-

2,2,2,4 Size Parameter
The size parameter is the ratio between D, and D,:
SP = Dp/Dy = Vg;‘s/Ahg;zs for compressor stages :
(2.3)
SP = Dp/Dy = V:‘;:/Ah;’;zs for turbine stages
Since for each class of turbomachines Dy falls in a narrow range, SP is
proportional to the actual stage size, and can be used as an indicator
of scale effects.

The definitions of Egq.(2.3) apply to one stage, i.e. to a situation
where V' is clearly defined by the conditions at the stage outlet (or
inlet). In order to use SP in the continuous expansion model of Ch. 3 -
where stage outlet conditions are not known — it is necessary to the

extend its definition by referring to the local volumetric flow (see

Par. 4.6.1):
0.5 0.25
SProcal ™ Vigear Ak,

2,2.2.5 Load factor

The load factor establishes a link between stage specific work and

kinematic quantities:

kyg = Ahy,/(u?/2) (2.4)
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where u is the blade peripheral speed (w:D/2); alternative definitions
resulting in values proportional to k,, are called "head coefficient"
or "head number". As for all other dimensionless groups, to obtain good

efficiencies the value of k;, must fall within a well defined range:

.

ky, = 0.1~0.25 for axial compressor stages‘

kiy = 1-3 for high-reaction, axial turbine stages

kig = 2-6 for low-reaction, axial turbine stages

With low-density fluids like gas or steam, material stresses are

dominated by the centrifugal force field, i.e. by u (for state-of-the-
art gas turbines u=400—-450 m/s). Thus, since u is limited by material
strength, k;, indicates the maximum work which can be obtained by one
stage. The first, heavily-cooled stages of gas turbines are designed
with high k;, in order to "bring down" the gas temperature as quickly

as possible”.

2.2.2.6 Degree of reaction ’ ,

The degree of reaction is the ratio between the enthalpy drop (or
rise) in the rotor and the total change of enthalpy in the stage. There |
can be several definitions depending on the expansion (or compression)

path considered; referring to the isentropic process:

Lig = Ahia,:/Ahis (2.5)

* There are actually two schools of thought regarding this point
(Benvenuti, 1990). The first — followed by General Electric — favours
zero-degree of reaction, high-k,, designs with the aim of reducing the
number of stages (and thus heat transfer areas and costs) despite some
efficiency penalty. The second — followed by ABB, Siemens and others —
adopts non-zero degree of reaction, lower-k;, designs, thus obtaining
higher fluidynamic efficiencies but also larger surfaces to be cooled
and more stages.
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Typically, low-degree of reaction stages produce more work (higher k;,)
tut yield lower efficiencies. Zero-degree of reaction stages are also
called impulse stages.

In axial turbines designed for optimum efficiency there is a strict
correlation between ky, oo and Xy, on, a8 coxrespondence which is rather
indipendent of scale (Macchi and Perdichizzi, 1981). Ixi particular, for

low r;, the optimum k;, is high, i.e. impulse stages are optimized when

they produce much work.

2.2.2.7 Flow factor

The flow factor ¢ is a measure of the "swallowing" capacity of a

turbomachine. For an axial stage:

© = YV gu/U for turbines
(2.6)

¢ = Va,in/U for compressors
where v, is the axial component of the absolute flow velocity, i.e. the
component responsible for the transport of volumetric flow. Under the
assumptions of perfect similarity all stages which are geometrically
similar are characterized by a unique relationship —called character-

istic line - betweeen the flow and the load factor.

2.2.2.8 Velocity triangles

Velocity triangles are formed by the absolute, peripheral and
relative velocities at inlet and outlet of a turbomachine xotor
(Fig. 2.10a and 2.10b). "Absolute" refers to a stationary reference
system; "relative" to a system rotating with the rotor. Notice that v
and w represent average velocities; in reality, in thé channel between
blades there are dramatic variations of velocity. If the ratio H/D,

between blade height and mean diameter is small - 5-10% — the velocity
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triangle at the mean diameter can be considered representétive of the
whole flow. For higher H/D,, radial variations cannot be neglected.
Fig. 2.11 reports the velocity triangles of the last stage of a steam
turbine with H/D=0.3.

Defining the velocity triangles of a stage essentially coincides
with defining its operating characteristics because ah,,, l\q,, r“,b ®

and — indirectly —n, and D, all depend on the velocity triangles.

2.2,2,9 Scale effects

Departurés from similarity depend on the size of the turbomachine.
They are caused by: (1) lack of geometric similarity due to manufactur-
ing constraints; (ii) differences in Reynolds numbers which —all other
things equal — are proportional to the reference characteristic
dimension. The former is generally more important and is due to the
inability to manufacture machines with clearances, surface. roughness,
trailing edge thickness, etc. below certain limits; thus, when going
from> "large" to "small' engines , it is impossible to maintain the same
ratio between the dimension of all components (see Par. 4.4 for
details).

Macchi and Perdichizzi (1981), have shown that scale effects can
dramatically reduce the efficiency to be expected by an axial turbine
stage and that the maximum efficiency achievable by optimizing a stage

depends on the size parameter SP (see also Par. 4.4.1).

2.2.2,10 Compressibility effects

Compressibility effects consist of departures from similarity due to
variations of volumetric flow between stage inlet and outlet., Large
flow variations require strox;g variations —between inlet and outlet -

of cross sectional areas and axial velocities; moreover, in a multi-
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stage engine subsequent stages cannot be identical because, all other

things equal, variations of V cause varigtit}ns of n,. Notice that, =

besides the Mach nﬁmber, a very important indicator of compressibility
is the volumetric ratio V,,/Vi,! a supersonic stage with V,,/V,=<2-3
still behaves very similarly to a stage handling incompressible flow

(l.e. Vou/Vip=1, see Fig. 2.12).

2.2.3 Definitions of efficiency

The quality of the thermodynamic process taking place within a
turbomachine 1s expressed by its "efficiency”. This.statement qualita-
tively defines "efficiency" as an indicator of turbomachine performance
but, due to the diverse definitions of efficiency used in practice, it
is so undefined as to be almost useless; Wilson (1984, p.83) appropri-
ately points out that "... competition in machine efficiencies is

marked by charlatanism principally because of intentional or uninten-

tional failure to define which of many efficiency is being used".

2.2.3.1 Isentropic and politropic efficiency
The two definitions most commonly used for cycle thermodynamic
analyses are the isentropic (or adiabatic) efficiency ny, and the

politropic efficiency ny: \

Nis = Ahys/Ah for compressors :
@.7n

nys = Ah/bh,, . for turbines

np = dhy,/dh = (v-dP]/[v-dP+§W,] for compressors (dP>0)
(2.8)

np = dh/dh;, = [v-dP+éW,]/[v-dP] for turbines (dP<0)

where the definitions refer to adiabatic processes (not necessarily

coinciding with one stage) and §W, is the work lost (or required) by
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irreversibilities, These two efficiencies coincide only for inﬁnitesi-
mal processes; for finite AP they differ because — since in the h-s
diagram the vertical distance between two 1isobars Increases as s
increases (Fig.2.13) — [dh,, along the actual transformation is
different from Ah,,. )

While 5, depends only on the ratio [§W,/v-dP] —1i.e. whicﬁ fraction
of ideal work is lost by irreversibilities — n,, dépends both on
[v-dP/6W,] and the expanslon (or pressure) ratio; for this reason 5, is
a much more appropriate indicator of the quality of an adiabatic
process. The term "politropic" comes from the fact that a process at

constant 7, is a politropic transformation described by the equation

P.vP=constant, where:

e = [(y=1)/4]/[(m~1)/m] for compressors

np = [(m=1)/m}/[(y=1)/7] for turbines

2.2,3.2 Inclusion of kinetic terms

For tfansformat:ions like .the ones occuring in a turbomachine stage
where the variation of kinetic energy is of the same order of Ah the
definitions of Eqs.(2.7) and (2.8) become ambiguous, because they don't
include the flow velocity. In this case it is necessary to distinguish
between static and total conditions, where the latter are defined by

hyor=hyt+v2/2 and spq=sy, (Fig. 2.14). This distinction produces three
different definitions:

o Total-to-total efficiency n,,, which compares actual and ideal
variations of total enthalpy. This definition assumes that the flow
is properly defined by its total conditions, i.e. either kinetic

energy is negligible, or it can always, totally be converted into
pressure rise (Pyo,—Py). -

o Static-to-static efficiency #n,,, which refers only to static
enthalpies and disregards any variation of kinmetic energy.
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¢ Total-to-static efficiency #n,,, which compares the actual stage
work - always given by Ah., - to the variation between total inlet
conditions and static outlet conditions. This definition assumes as
potentially recoverable the kinetic energy at inlet but not the one
at outlet.

It must be emphasized that these definitions are relevant only for the
description of what takes place "inside" the turbomachine, i.e. to
analyze single stages or single cascades; for a whole turbomachine the
difference between inlet and outlet Lkinetic energy is generally

negligible, and therefore ny =ng,=nis.
Specific expressions and discussions on the significance of each
definition can be found in textbooks (e.g. Vavra, 1960, pp.422-423, or
Wilson, 1984, pp.83-97). For the sake of simplicity I‘l1l give here only

the formulation for expansion processes. Referring to Fig. 2.14,

isentropic efficiencies are defined by:

Mis,ut = Ahgoe/Bhyg o = [ (h1"hz)+(‘;1“;») 721/ (bl'hr )+(‘;1"‘?Q /2]
Nig,s8 = Abge/Bhyg o0 = (hy—hy)/(hy—hy)

N1s,65= (hy, b0t =Nz, t06)/ (hy, goy-hai s )= [ (hy=hg)+(F~¥) /2] /[ (hy—h,. y+¥/2)

The definition of politropic efficiency for an elementary, infinitesi-
mal process is problematic, because in a turbomachine rotor the
absolute kinetic energy changes discontinuosly from inlet to outlet
according to the velocity triangles. Nonetheless, the definitions of n;,

and n,, can be extended to an infinitesimal process as follows:

fip,ee = Aheoe/dhyy por = [dh+d(v2/2)]/[dhy,+d(ve/2)]

(2.10)
Np,ss ™ dhst/dhis,at

2.2.3.3 Reheat factor

The reheat factor 1, accounts for the difference between the value

of [dh,, calculated along an isentropic line and the value calculated
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along a politropic. Using the same symbols of Fig. 2.13, the definition

of r;, for a turbine is (for details see w1l§on, 1984, p. 95):
p = mhh,i/zAh;a,i = [.r dhh]pouuaple/ [f dhll]hlnt:opic >1

It is easy to show that Ty=nis/Np, where ny, and n, are overall efficien-

cles based on 'inlet and outlet conditions. For cooled t:m.:bines the

definition above becomes ambiguous, because AhZ,,l is "artificially"

augmented by the temperature decrease due to cooling. If the coolant

flow is very high, n,, and 7y may even be larger than one, and conse-

quently 1,<1.
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2.3 Simple cycle gas turbines ’

ekt Caagis e

Predicting the performances of modern gas turbines is quite

difficult for a number of reasons. Among the most important:

Air bled from several points of the compressor is reinjected into

the hot gases after cooling turbine nozzles and’ blades, disecs,
bearings, etc,

Compression and expansion occur neither adiabatically nor with v
constant polytropic efficiency.

o

Turbomachinery efficiency depends on size, pressure ratjo, number of
stages and number of shafts. o

e Leakage, pressure drops and heat losses take place in many parts of
the engine.

s The flow is highly turbulent, unsteady, often with marked 3-D
behaviour.

Accurate evaluation of these complex phenomena can be performed only by

manufacturers, who can resort to exhaustive experimentation to

calibrate computer programs specifically developed for a single engine

( "cycle decks"). Besides being proprietary, such codes are geared
toward It:he detailed simulétion of the turbomachinery and are not !
suitable for thermodynamic analyses of a wide range of cycle parameters
and configurations. ;

Given that adequate programs were not available (see Par. 3.2.2),
the parametric analyses envisioned for this Thesis could be realized
only by developing a new calculation model, for which there were two

basic and antagonistic requirements:

1. Be simple enough for use on a wide array of configurations.

2. Be accurate enough to capture all major physical phenonena.
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2.3.1 Definition of Turbine Inlet Temperature

Given the crucial role it plays in gas cycle analyses, the turbine
inlet temperature (TIT) must be defined unequivocally. Following a
convention widely wused among manufacturers and in the technical

literature, TIT is defined as the total temperature at the ﬂifst rotor

inlet (see Fig. 2.15). For an uncooled machine this is equal to the
combustor outlet temperature; when the first nozzle is cooled the two
temperatures differ due to injection of cooling air, and T?ZT ‘is a
weighted -avérage of the combustor outlet and cooling air temperature.
Since only the rotor inlet total temperature determines the work that R
can be produced in the turbime, the TIT defined above is approximately
equivalent to the one of an engine where the first nozzle is uncooled,
and the combustor outlet temperature equals the given TIT": for this
reason, the mnozzle cooling flow is often referred to as “non-charge-

able". If nozzle total pressure losses are incorporated into combustor

lossés, all machines with no cooling downstream of the first nozzle can

be considered uncooled.

2.3.2 ISO ambient conditions

Unlike steam plants, the performance of gas turbine systems varies

strongly with ambient conditions becausge:

¢ The mass flow entering the compressor — which determines power
output -~ is proportional to P.;/Tuy; depending on location and the
period of the year, the variation of such ratio can be as large as
20%.

* The equivalence is not rigorous because the cooling flow in the
nozzle follows an expansion path different from the mainstream flow and
causes additional total pressure losses (see Par. 4.2.1),
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e Variations of T, induce variations of compressor work, compressor
outlet temperature, fuel flow rate and, ultimately, cycle efficien-
cy.

For these reasons, the definition of ambient conditions is particularly
important. All calculation of Chs. 7 and 10 are referred to standard

ISO conditions:

.

o Top=15°C, Pay=101.325 kPa, absolute humidity 0.0065 (i.e. relative
humidity p=60%).

¢ Molal composition of dry air 78.09% N, 20.95% 0,, 0.93% Ar,
0.03% CO,. '

i
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2.4 Steam cycle

Even 1f the steam section does not exhibit many high-tech features,
it has very important impacts on the overall performances of a GSC. An
improper design of the steam section may well result in efficiency
penalties of 2-3 percentage points, thus erasing the b’enefi\t:s brought
about by advan?:ements in gas turbines technology.

The steam cycle introduces two major complications: (i) optimization

of the Heat Recovery Steam Generator (HRSG) temperature prof.il.e; ‘(ii)
estimation of steam turbine efficiency. The former aims at minimizing 3
the losses due to irreversible heat transfer (see Par. 8.1) and 3
requires:

¢ Adopting several evaporation pfessures

¢ Properly arranging the sequence of economizers, boilers and

superheaters (Fig. 2.16)

As for the steam turbine, there are a number of issues which substan-

tially differentiate it from the gas turbine: i

¢ There is no blade cooling.

o The volumetric expansion ratio Vg, /Vy, is much higher than that of
gas turbines (1000 against 10-15). Consequently, the estimation of
steam turbine efficiency cannot neglect the variation of n, between
turbine inlet and outlet®.

o In order to limit the specific speed of the last stages, the low
pressure section is often split in two, or possibly four cyclinders. i

¢ The expansion ends within the two-phase region; liquid droplets
cause additional fluidynamic losses, which must be accounted for by
penalizing the efficiency of the last part of the expansion.

* At constant w and Ahg, n, can vary by a factor larger than 30.
In practice, the higher D, of LP stages allows increasing u and thus
Ahy,, limiting the variation of ny (without flow splitting) to a factor
of 20~25. For comparison, the variation of n, experienced in a gas
turbine is rarely larger than 5.
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2.5 egra the gas and ste ectio

The integration of the gas turbine and the steam section poses

further challenges because:

¢ For most mixed cycles, the calculation of the gas turbine requires
the knowledge of steam/water conditions and flow rate. In turn, such
information is available only after knowing the gas turbine outlet
conditions.

e The gas and steam section of "conventional™ Combined Cycles can be
calculated sequentially. However, alternative configurations may
require iterations similar to mixed cycles: heat recovery from gas
turbine intercooler, steam cooling, water pre-heating with heat
discharged by gas turbine cooling flows, etc.

These circumstances call for the simultaneous calculation of all cycle
components, However, the relationships modeling each component are
mostly non-linear, and often require internal iterations to account for
working £luid property variations and/or step-wise calculation schemes
(e.g. the gas turbine). Thus, an analytical solution is completely

impractical; the only option is an iteration scheme whereby cycle

components are calculated sequentially until convergence. The iteration

scheme poses serious numerical challenges because:

e The system to be solved is highly non-linear.

e The choice of the convergence criterion is critical because there
are variables which converge more slowly than others®. Requiring !
convergence on all variables at all points may be useless because, i
as long as temperature, pressure and mass flow at key points do no
longer change from one iteration to the other it is irrelevant if,
say, the gas turbine exit Mach number has not yet converged.

e Commercial routines for the solution of non-linear algebraic systems
cannot be used due to constraints on computational time. In fact,
such routines necessitate at least tens (often hundreds) of
iterations for each convergence variable and their use would require
computer speeds 2-—3 orders of magnitudes higher than that of
present, 486 desktop computers.

* In some case there are variables experiencing "micro-oscilla-
tions" which retard comvergence, a phenomenon which might indicate the
possibility of numerical instabilities.
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2.6 ementatio existing engines and off-des sues

One further issue arises when considering the implementation of
mixed cycles to gas turbines designed for simple cycle operation. While
in a Combined Cycle the gas turbine is not affected by t:he‘ presence of
the bottoming steam cycle — except for the highgr dis‘chargg pressure
losses caused by the HRSG —in a steam injected cycle the mass flow and
the enthalpy drop across the gas turbine are substantially modified.
The larger mass flow can be accommodated only by increasing the
expansion fatio, which in turn calls for a higher compressioz; r;ntio.
This problem is specifically addressed in a paper by Consomni, Lozza
and Macchi (1988) and therefore will not be covered in this Thesis.

Aside from the peculiarities of steam injection, the issue of off-
design operation is important both to the designer and the user

because:

* Unlike steam cycles, gas turbine power output varies strongly with
ambient temperature. Thus, in order to estimate the economic rate of i
return it is necessary to -account for the cyclic variation of ;

ambient conditions. ‘

|

¢ To maintain good off-design heat recovery from the gas turbine :
exhaust evaporation pressures should "slide" with load. This |
complicates substantially the calculation of off-design performanc- f

es: Gyarmathy and Ortmann (1991), have analyzed CCs with up to two i
pressure levels.

reheat, steam cooling, etc.), the more demanding (and important) the

* The higher the system complexity (e.g. intercooling, regeneration, }
estimation of off-design performance. |

Although off-design performances constitute an important aspect for
the evaluation of GSCs, their inclusion into the present work would
make the analysis and the calculation model too involved to be included
in this Thesis. The;gfore, off-design issues have not been considered

here; the calculation model exclusively evaluates design performance.
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2.7 ofa opted this wo:

A detailed treatment of all the issues mentioned in this Chapter is
much beyond the scope of this Thesis. Since the objective was the
estimation of overall thermodynamic characteristics I have proceeded as

follows:

Many turbomachinery issues have been left aside, addréss:lng only the
ones strictly necessary to estimate efficiency and cooling flows.

¢ The analysis is limited to on-design conditions, always assuming
that each component is specifically designed to operate underthe
conditions being calculated. :

e Rather than focusing on the characteristics of each component (e. g.
turbomachinery 1-D design), I have given priority to thermodynamic
judgment (e.g. entropy analysis of Ch. 8) and the capability to
handle system complexity (e.g. full integration between gas and
steam sections), .

¢ Convergence of the calculation scheme is sought by a heuristic
method which, although it doesn’t guarantee a solution, has always
worked successfully within very few iterations.
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NOMENCLATURE
c Blade chord (Fig.2.10a) [m]
Dy Stage mean diameter S [m]
D, Stage specific diameter (Eq.2.2)
h Specific enthalpy : - [I/kgl
H Blade height [m]
Kk, Stage load factor (Eq.2.4)
m Politropic index (Eq.2.9)
n, Stage specific speed (Eq.2.1) ' S
P Pressure ' * [Pa]
Ty Reheat factor (Par.2.2.3.3) .
Ty Degree of reaction referred to the isentropic path
s Blade spacing (see Fig.2.10a) or [m]
specific entropy {J/kg-K]
SP Stage Size parameter (Eq.2.3) {m]
u Peripheral velocity, w-D/2 -+ [m/s]
v Absolute velocity, or specific volume [m/s, or m®/kg]
Y Volumetric flow [m¥/s]
w Relative velocity [m/s]
a Angle of cascade discharge velocity (Fig.2.10a)
Ah Actual enthalpy drop (or rise) [I/kgl
Ahy, Isentropic stage enthalpy. drop (or rise) [I/kgl)
AT,y Approach AT (Fig.2.16) [°c)
ATy, Pinch point AT (Fig.2.16) [°c]
AT, Subcooling AT (Fig.2.16) feci
7 Relative humidity ) -
n Efficiency
o Solidity, c/s .
w Rotational speed [xad/s]
Subscripts :
a Axial or Absolute system
; amb Ambient
o ct Cooled turbine
£ g . Gas
in Stage inlet
is Isentropic
opt Optimum
out Stage outlet
P Politropic
r Rotor or Relative system
ss Static-to-static
st Static conditions
tot Total conditions
ts Total-to-static
tt Total-to-total
1 Rotor inlet
In Outlet of first stage nozzle
2 Rotor outlet

1
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GAS CYCLE

STEAM CYCLE

: 2.1a Schematic of gas turbine and steam cycles. The schemes
; within the dashed circles indicate that the base gas

turbine cycle can be modified by adding intercooling and
reheat.
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A

2.1b Schematic of dual-pressure GCombined Cycle as obtained by
connecting points 5 and A and s

uppressing points 6, 7, F,
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2.1c Schematic of dual-pressure steam injected cycle as obtained

by connecting points 5-A, F-6, D~7 and suppressing points
G, H of Fig. 2.1a.
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A

2.1d Schematic of water injected regenerative cycle as obtained

by connecting points 5-4A, 2—H, E-3 and suppressing points
6, 7, D, F, G of Fig. 2.1a.
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2.2  Influence of turbomachiﬁery efficiency on gas turbine cycle
thermodynamics. Dashed lines show the consequence of lower

turbomachinery efficiency on a cycle with given pressure
ratio and turbine inlet temperature.
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2.3 Influence of turbine cooling on gas turbine cycle thermody-

namics. Solid lines indicate an uncooled cycle; dashed
lines refer to a cycle where cooling air bled at point 2
(compressor exit) is injected along the first, high
temperature section of the gas turbine., Notice that dashed
lines 2~3' and 3'-4' refer to a mass flow different from
the ome at point 1. Since cooling air by-passes the
combustor, the heat input per kilogram of air entering the
compressor — indicated by kg, ~ is reduced, thus reducing
entropy and volume (specific to kg;) at peint 3.
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[ CYCLE THERMODYNAMIC DIAGRAM |

[BOILER HEAT EXCHANGE DIAGRAM |

ATap

gas turbine exhaust

‘/
- /«k_sytme_ate_f

evaporator

>

Q

2.4 Influence of gas turbine outlet temperature (TOT) on the
thermodynamics of a single-evaporation pressure bottoming
steam cycle. Dashed lines show the consequence of lower TOT
on a cycle with given condensation pressure. The heat
recoverable in the evaporator and the superheater is
approximately proportional to TOT-Toy—ATy(in the tempera-
ture range of interest the variations of gas specific heat
are negligible); thus, in order to maintain acceptable heat
recovery from the gas turbine exhaust when TOT decreases
also T,, must decrease.
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2.5 Influence of steam turbine efficiency on the thermodynamics

- of a single-evaporation pressure, single-reheat steam
cycle. Dashed lines show the consequence of lower turbine
efficiency on a cycle with given condensation, evaporation
and reheat pressures and given maximum steam temeprature.
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DESIGN POINT VALUES : . .
SYSTEM OPEMTlr REQUIREMENTS - )

DESIGN POINT DESIGN POINT

NEAN LINE AMALYSIS DEVELOP EXISTING UNIT

VELOCITY DIAGRNYS SCALING/SINILARITY
. PRE/SLADE RN GEOHETR MODIFY/RESET BLADING
TIROUGH-FLOM LEVEL 1 | 450 OR SUBTRACT STAGES

SINPLE RADIAL EQUILIBRIWN

VELOCITY- QIAGRAMS

PRE/BLADE SECTIONS

L—__ ESTIMATED PERFORMANCE MAP —4_' oy

MEAN LINE ANALYS1S
STAGE-STACKING

LEVEL 1 ALYERNATIVE GEOMETRIES

THROUGH-FLOW CALCULATION - LEVEL II

AXISYMMETRIC HUB-YO-TIP SOLUTION

ITERATIVE REDEFINITION - BLADE ROW

GEOMETRY AHD AIRFOIL SECTIONS

EXPERINENTAL CORRELATIONS - :
FLUID TURNING ;

L0SS - DIFFUSION LOADING

. . SHOCK !

CAYITATION
p n

XING
END-WALL TURNING AND LOSS CORRECTIONS
CHOKING, STALL, CAVITATION MARGINS

LEVEL 11 - DEVELOPMENT GEOMETRY '

THREE-DEMENSIOAL BLADE ROV ANALYSES

THROUGH~FLOW CALCULATION - LEVEL 11 ]

COMPUTATIONAL SUPPORT

EXPERIMENTAL SUPPORT
LADE-TO-BLADE FLOW FIELDS

8 LINEAR CASCADE TESTS
AIRFOIL SECTION INPROVEMENY STAGE AHD STAGE-MATCHING TESTS

FULL-SCALE OR SCALE MODEL BUILO

2.6 Scheme of the typical procedure followed for the design of
an axial turbomachine (after Serovy, 1981).
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2.7 Attainable efficiencies of wvarious turbomachines as
function of specific speed (from Csanady, 1964): (a) Pelton
wheels; (b) Francis and fixed blade propeller turbines; (c)
large, single-stage centrifugal pumps; (d) compressors
(polytropic).

"Attainable" means that it is possible to design a machine
with efficiency as indicated in the figure. Due to con-
straints unrelated to efficiency — capital cost, noise,
size, weight, etc — the efficiency of actual turbomachines
may be lower,

Notice that outside the optimum range n collapses very
quickly to unacceptably low values. Technological develop-
ment acts by shifting the curves upward; however, the

‘ optimum range of n, of each class of engines remains

3 approximately the same.
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2.8 Efficiency contours of single-stage turbines operating with
compressible £fluids as function of n, and D, (from Balje,
1981). For each class of turbines there is a combination
(n5,05) opt, iving maximum efficiency.
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2.9 Cordier diagram showing the empirical relationship between
n, and D, giving optimum efficiency (from Csanady, 1964).
Each class of turbomachines —e.g. axial turbines, centrif-
ugal pumps, cross-flow blowers, etc. —should be represent-
ed by one single point.
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AN , :
Stator w ) } |
: y 4 W, ,-’j v w u |

2.10a Velocity triangles of an axial turbine. u, v, w indicate
peripheral, absolute and relative velocity, respectively;
subscript "1" refers to rotor inlet, "2" to rotor outlet.
The figure represents the generic situation with uy=u;, i.e.
Dy,1#Dy,z; this implies that the rotor blade cross-sections
above lie on an axisymmetric surface with D variable along
the axis. The blade chord ¢ and the spacing s along the
tangential direction — represented only for the stator —
vary for each cascade.
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Turbine Compressor

Generic ' T

2.10b Velocity triangles of an axial turbomachine. For the vast
majority of actual machines D, 1=D, ;~D,, so that uj=up=u; if
the axial velocity is also constant (a very common design
option) the triangles look like the ones on the bottom.
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Blade Tip

Mean Diameter

2.11 Variation of velocity triangles along the radial direction
for an LP steam turbine stage with H/Dg=0.3. The triangles
correspond to the conventional free-vortex design, whereby

specific work and discharge velocity are constant along the
radius.
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2.12 Influence of . volumetric flow rate variations on the
efficiency of an axial turbine stage with N,b-n,/21r-0.10, for
two values of ¢ and two values of SP-Vo;:/Ahi‘:'zs (after
Macchi and Perdichizzi, 1981).
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politroplc line [

2.13 "Reheat effeét“ of turbines. Due to the divergence of

isobaric lines Ahj, ; < &h;, ;, and therefore [dh,, is larger
when evaluated on the actual, politropic expansion line.

8
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2.14 Thermodynamic diagram of the transformation taking place in
a turbine rotoxr. Points 1 and 2 indicate conditions at
rotor inlet and rotor outlet, respectively; point 2’
indicates the conditions after an isentropic expansion.
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2.15 Definition of Turbine Inlet Temperature. Point In,st
represents the static conditions at nozzle exit; 1n,a and
In,r refer to the total conditions in the absolute and
relative system, respectively. The difference To~TITis due
to dilution of the nozzle cooling flow; ATy, is due to the
difference between v and w and depends on the wvelocity
triangles.

.
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2.16 HRSG temperature profile of a two-pressure level, reheat
Combined Cycle with tube banks "A" (LP superheater/HP
economizer) and "B" (HP superheater/reheater) in parallel.
The thin horizontal lines connecting the the gas flows at
the beginning and at the end of the sections in parallel
signify that at those location the gas flow(s) is split or
merged. This arrangement allows keeping the gas and steam
temperature very close together, thus reducing losses due
to irreversible heat transfer. The figure also indicates
the relevant temperature differences defining the HRSG

profi)le: Pinch point (ATy,), subcooling (AT,.) and approach
(AT,p) .
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3. COOLED TURBINE MODEL

This Chapter illustrates the model developed to compute the expan-
sion taking place in cooled gas turbines: Hére I deal only with the
general scheme. The details regarding turbomachinery efficlency and
cooling flows will be covered in Chs. 4 and 5.

The description is preceded by an overview of the tllethods dex}eléped

by other authors and by a summary of the reasons which have motivated

the current model. Given the target - thermodynamic analyses of complex

GSCs - the calculation of many turbomachinery details is unnecessary.

Thus, the philosophy underlying the model is to describe the pressure-

temperature history of the gas turbine without entering the specifics /| ~/

of its design.

Since no reference is made to the thermo-physical properties of a
specific coolant and/or hot gas composition, the model can be used to
evaluate cycles with working fluids other than combustion gases and

air, notably steam.

2o
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3.1 Relevance of cooling flow

The calculation of systems involving fadical modifications of the
simple gas turbine cycle requires physical insight into the determi-

nants of turbine cooling flow, in particular the following aspects:

)

1) The mass flow of the cooled section varies along the expansion,

2) Expansion is not adiabatic, The heat extracted from the hot gases
reduces the energy available for producing work.

3) Turbine outlet temperature depends on cooling flow conditioms.

4) Bleeding coolant before the compressor exit reduces compression
work.

5) Spent coolant acceleration to the velocity of the mainstream flow
causes total pressure losses.

6) The rotor centrifugal field cdmpresses the rotor coolant, an effect
referred to as "pumping loss".

7) Injecting spent coolant into the mainstream flow may create fluid
dynamic disturbances and penalize the expansion efficiency.

The model proposed accounts for all these effects. The modeling effort
‘ involves only the turbine because, due to the absence of cooling :
flows ~ and as long as interest is limited to on-design conditions -

the compressor can be effectively modelled as a "black box" completely

determined by its efficiency.
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3.2 Pre\;ious models

The development of a model for predicting the performances of a
cooled turbine has been pursued since the early 50s (Hawthorme, 1956).
Due to its complexity, the problem cannot be solved analytically

without resorting to simplifying assumptions which seriouslj comp‘ron;ise

accuracy. All models aiming at predicting the perforinances of actual i
engines require the development of a computer program which can be very
complex. The models which have appeared so far can be divided into two

classes:

Purely thermodynamic, O-D models, whereby cooling flows are calculated
by referring only to the temperature-pressure history along the
turbine. Since they do not require a description of the geometry and
the flow field, these models require a minimum of computational time.

If fluid properties and component performances are assumed constant (c,,

coolant conditions, heat transfer effectiveness, expansion efficiency,
ete.), 'it is possible to determine closed analytic expressions for P, i
T, h and s (El-Masri, 1986). Due to their simplicity, they are parti-

culary suited to systematic parametric analyses. f

1-D models, whereby the cooling flows are calculated on the basis of
the flow field and the geometry resulting from a "mean-line" design of
the turbine. These models require a much more complex calculation
procedure and exhaustive input data but (i) are more accurate and (ii)
produce detailed information on the engine design. Their major drawback
is the need for input data which are difficult to produce: turbine
geometry, cooling effectiveness curves, details of blade cooling

technology, compressor and turbine maps, etc. Many of these data must

be determined experimentally and manufacturers regard them as strictly

Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.



- - Princeton MAE Ph.D. 1893-T - 3.4
proprietary. Due to their complexity, these models may require long

computing times and thus are not suited for parametric analyses of

complex cycles. Despite their higher accuracy, also 1-D models require
some form of calibration to reproduce the performances of actual

engines. The two most popular codes now on the market, GATE/CYCLE and

GT-PRO (see 3.2.2), are provided with input data sets specifically
calibrated to reproduce the behaviour of a number of commercial
engines. This further illustrates the difficulty of modelling actual

gas turbirnes.

3.2.1 Thermodynamic, 0-D models P

The philosophy of these models is to describe the thermodynamic
history of the expansion without requiring a description of turbine
geometry and velocity triangles, nor cooling effectiveness correla-

tions. Since no reference is made to kinetic terms, the turbine is

characterized only by the vafiations of total quantities (all expansion

efficiencies are total-to-total),

3.2,1.1 TIraupel
The scheme proposed by Traupel (1977) is illustrated in Fig. 3.1.

The calculation is based on three assumptions:

» Total cooling flow is a function of TIT, i.e. my=f(TIT)

o The distribution of m, along the expansion is linear with pressure,
ie.

dmc;/m;y = dPg/(?O_Pandcool)

where Py and Py, g0 are the pressures at the nozzle inlet and at the
end of the cooled section, respectively.

¢ The local expansion efficiency is penalized proportionally to dm,
i.e.

fp,ct ™ Mp,ue™K +dm,, /dP,

4
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The function f(TIT) and the proportionality constant x, to be deter-
mined empirically, s@arize the heat transfer and fluid dynamic
characteristics of the cooling technology. If they are known, the
expansion can be calculated step-by-step as a sequence of infinitesimal
expansions followed by mixing at constant pressure.- The end of the
cooled section is set at the point where T =Ty, : since the corresponding
pressure is unknown, it is necessary to perform an iteration over the
pressure Pggcoor- The model has been utilized by Rufli (1987) to perform
a systematic analysis of Combined Cycles. Its major drawback'is that,

rather than being constants, f(TIT) and k vary in reality with the

cooling method and the coolant conditions.

3.2,1.2 El-Masri

In the model developed by El-Masri (1986) the turbine is still
represented as a sequence of infinitesimal expansions each followed by

mixing. However:

o The Acooling flow of each stép is given by:
dmgy = hg+dS- (Ty~Toue)/[£1G,c1* (Tomx=Te1,in) ]

where dS is the heat transfer area, ¢; is the effectiveness defined
by Eq.(5.26) and h; is calculated by assuming constant St,~0.005.

¢ Thermodynamic history and heat transfer areas are linked by stipu-
lating that (supercript "stg" refers to the whole stage):

dw/usts = dS/S5t8

¢ Effectiveness ¢; and expansion polytropic efficiency are constant.

¢ Coolant acceleration losses (Par, 3.8) are explicitly accounted for.

The representation of the pressure-temperature history is similar to

that of Fig. 3.1, with the difference that the variation of m, is no

longer linear with P-P

endcool ¢
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By assulhing that ¢, ,, €y o1, S*8/A; and w**&.m,/u? are constant (w™5.m,

is the work specific to one kg of gas), the equations for m, Py, T, and
sy can be integrated to give a closed analytic description of the
expansion, The use of such analytic expressions is very convenient,
although the many simplifying assumptions —\cp,. fp,¢ and & all con-
stant - may pfoduce significant inaccuracies. The model has the merits
of properly breaking down the factors affecting blade heat transfer and
of utilizing constants of clear physical meaning, which can be estimat-

ed reasonably well.

3.2.1.3 Stecco and Facchini

Stecco and Facchini (1988) have presented a simplified scheme where
the total cooling flow is proporﬁional to (TIT-Tyy) and, rather than
calculating the expansion step-by-step, one single gas-coolant mix is
performed at a temperature between TIT and Ty, (upper diagram of
Figf 3.2). Before mixing, work is produced ohly by (mg+tme—mg); after
mixing,. worlé is produced by the whole (m,+m¢). Due to its simpliecity,
the model is convenient for parametric analyses of complex cycles.
However, it is also very approximate because: (i) in reality, total
cooling flow increases faster than (TIT=Typy); (ii) the proportionality
constant between m; and (TIT—Ty,) must be determined empirically, it
is subject to major uncertainties and, as in the Traupel model, it
depends on the cooling technology; (iii) only part of the cooled

expansion is affected by coolant conditions.

3.2.1.4 Consonni and Macchi
Finally, Consonni and Macchi (1988) have proposed another simple
model whereby the whole cooling flow, which varies with TIT according

to a non-linear function, is mixed with the gas at the turbine inlet
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(lower diagram of Fig. 3.2). To account for all other losses (mixing,
acceleration, pumpiné, variable mass flow), turbine efficiency is
penalized by a factor depending on TIT. Both m (TIT) and the turbine
efficiency correction factor are derived from performance data supplied
by gas turbine manufacturers (the same given in App. C).

Due to the more correct, non-linear relationsl;ip between ;nu and TIT,
the provision for losses due to cooling, and the reference to the
performances of actual engines this model can give reasonably accurate
(within 5-8%) performance predictions of simple cycle t':uﬂ‘)ines.
However, since it does not model the details of turbine cooling its

extension to cycles different from the simple cycle is highly question-

able.

3.2.2 1-D models and available computer codes

In 1-D models the problem of determining a relationship between
thermodynamic history and heat transfer areas is solved by performing
a tentative design of the turbine. Since such 1-D design is essentially
a means to determine the cooling flows, it-is not particularly sophis-
ticated nor subject to optimization. Except for the GASCAN code
developed by El-Masri (1988a), spanwise (hub-to-tip) variations (see
Fig. 2.7) are always neglected.

The 1-D approach has been used by Louis, Hiraoka and El-Masri
(1983), in the GATE program developed by the Electric Power Research

Institute (Cohn and Waters, 1982; Cohn, 1983), and in the GASCAN code
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written by El-Masri (1988a). GATE' (GAs Turbine Evaluation) and
GASCAN™ (GAS Cycles ANalysis) are interactive commercial programs
running on Personal Computers designed to analyze complex multi-spool

engines. The gas cycle can include regeneration, reheat, steam injec-

tion, pre-cooling of the air used for blade cooling and pre-cooling of

e e S g g B 2 D+
Vi S A A A 2 & 3 2 O

the air entering the compressor. The main features of ‘these 1-D models

are briefly summarized below,

Cooling flow. Louis, Hiraoka and El-Masri calculate the cooling flow

whn

for blades and shrouds (R;y) on the basis of a constant value for
the effectiveness ¢; (see. Eq. 5.26) and, for £ilm cooled blades, ona /! /
correlation for the isothermal effectiveness determined experimentally
by Louis (1977). In GASCAN and GATE, the cooling flow is based on semi-

empirical correlations for the cooliﬁg effectiveness ¢

P = (TB-TbB)/(T!—Tcl,Ln)- f<ilc1h/m3) . (3.1)

where mgy, is the blade cooling flow for the row being considered. The ]

gas and blade temperatures to be used may vary: in GATE, T; and Tyg are

the peak values for blades, the bulk averages for shrouds and endwalls

* The original program developed by EPRI has been subsequently 5
upgraded and integrated with a model for the calculation of steam
cycles by Enter Software Inc., which now commercializes it under the
name GATE/CYCLE (see also Par. 9.1). Program development has been
carried out under the supervision of Dr. M. Erbes, whose helpful
comments on this Thesic are gratefully acknowledged.

™ Although many aspects of the methodology are the same, GASCAN
does not constitute the implementation of the thermodynamic model
discussed in Par. 3.2.1.2. In his 1986 paper, El-Masri calculates the
turbine by integrating the equations governing the cooled expansion.
Instead, in GASCAN the turbine is calculated stage by stage, and the

cooling flows are based on semi-empirical cooling effectiveness
relations.

hw

In general, m,y, does not coincide with total cooling flow due
to the non-negligible, additional flow required for disc cooling (see
Par. 3.9 and Eq.3.20). :
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(Cohn, 1983). Although very convenient, this procedure "hides" the
physics of the gas-coolant heat transfer in the coefficients of the
correlation ¢ vs. W/m; and requires a different function for each

cooling configuration. This is accomplished by adopting the functional

relationship:

By /mg = C- [0/ (Pax—0) JE

where the coefficients C and E vary with the component (stator, xotor,

endwall, ete.), the cooling technology (convection, advanced convec-

tion, impingement, film cooling, tranmspiration etc.) an& the cooling
medium (air or steam). ¢, the value corresponding to infinite coolant
flow, equals 1/(1+Bi,,). In order to include the effect of increasing
heat transfer areas along the expansion, in GATE m,, is multiplied by
the ratio S/S;, where S and Sy are the heat transfer areas of the

current cascade and the one at the turbine inlet, respectively. In all

models gas-coolant mixing is always performed at the exit of each ‘

cascade.

|

l

i

Gas-side heat transfer coefficient. Always assumed constant for each i
cascade, it is based either on the hypothesis of constant St, (Louis,

|
Hiraoka and El-Masri) or on correlations developed for flat plates l

(GATE). In GATE, h; is used only to evaluate Biy~t,-h,/ky, with @,
subsequently calculated by Eq.(3.1). In GASCAN, Bi,, is one of the

inputs and there is no need to calculate h,.

Expansion efficiency. Louis et al. and GASCAN assume constant total-to-
total stage isentropic efficiency, but allow for losses due to mixing
and coolant acceleration at the inlet and outlet of each cascade. Since

such losses are a strong function of Ma,, Louis et al. account for

5
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intra-cascade variations of Ma, by assuming that @, is injected in

three equal amounts in zomes with Ma,=0.3, 0.5 and 0.8 and angles of

injection (measured from the mainstream direction) of 180°, 30° and
30°, respectively; in GASCAN, acceleration losses are corrected by a ’
factor accounting for the non-zero streamwise velocity of the injected
coolant. Rather than calculating mixing losses, in GATE the stage

isentropic efficiency is penalized according to:

Nig = Nig,ut’ [1- stator (“h/ms)ntat.ot_ rotox ' (Ql/ms):ot.or]

vhere the coefficients Cypuy,y and Cporop Vary with the cooling technology.
The rotor expaﬁsion is divided into a number of small steps ( typically
25) to account for changes in thermodynamic gas properties. Although
the GASCAN and GATE approaghes are essentially equivalent, the former

better represents the fundamental fluid dynamics of mixing.
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3.3 Rationale of model proposed

The model proposed is essentially thermodynamic and 0-D, although it

includes some features of 1-D schemes. It falls somewhere in between

the 0-D scheme of El-Masri (1986) and the 1-D model of Louis, Hifaoka

and El-Masxi (1983), with three major differences: N

1) The sequence of gas expansion, coolant acceleration, gas-coolant
mixing is performed for a number of "small" expansion steps rather
than for each cascade (Fig. 3.3). This allows eliminating the
distinction between stators and rotors and the need to perform-a 1-D
design of the turbine.

2) The heat transfer effectiveness ¢; is a result of the calculation and
changes along the expansion. ¢; is evaluated by extending a model i
first proposed by Ainley (1957).

3) The expansion efficiency is a function of the local size parameter
SP and changes along the expansion.

The underlying philosophy is to describe the expansion without refer-

ring to the specifics of the turbine geometry but, at the same time, to

account for kinetic terms (difference between static and total quanti-

ties, coolant acceleration). This approach has been chosen because:

o The focus of this work is on the thermodynamics of complex gas/steam
cycles. Given the already high number of cycle parameters and
configurations to be investigated, a turbine model requiring many i
additional parameters would make the analysis very impractical. For 7
this same reason the commercial codes for the calculation of complex |
cycles use simplified turbine models.

i
|
o The turbine model is just one part of a much larger scheme. The {
benefits of a more sophisticated 1-D model on the accuracy of the
overall cycle calculation are dubious because ~ as extensively
discussed in Par. 2.2 — cycle thermodynamics is affected only by
efficiency and cooling flows. As long as the model predicts these
quantities correctly, there is no need for further, detailed treat-
ment of the turbine®.

* Notice that this consideration does not mean that 1-D model are
worthless! This Thesis clearly shows that predicting efficiency and
cooling flows without the turbine design poses serious problems.
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o The detailed information produced by a 1-D design of the turbine
might be interesting for the final solution, but are clearly irrele-
vant for all the iterations performed to achieve convergence.

e 1-D designs are based on a number of assumptions which are reason-
able for the current ranges of cycle parameters. When exploring
conditions very far from the ones now adopted — as done in the
present work - the same assumptions might yield unrealistic designs.

e Since a thermodynamic, 0-D model requires only fewjaran’:eters‘, its
calibration with data publicly available is relatively simple. It
must be remembered that manufacturers generally provide only (i)
efficiency, (ii) specific power, (iii) turbine inlet temperature and
pressure ratio, (iv) turbine outlet temperature. This information is

definitely inadequate to calibrate a detailed model like GATE, which
requires massive amounts of experimental data’.

3.3.1 Limits, expected accuracy, applications

Circumventing the turbine design has of course its drawbacks,
because it becomes problemmatic to account for the effects of parame-
ters such as the number of shafts, speed of revolution, degree of
reaction, stage loading etc.

It is also important to emphasize — as already stated in Par. 2.5 -
that the model is limited to the calculations of on-design conditioms.
Thus, there is no connection between flow handled and expansion ratio.

The accuracy to be expected by the model depends strictly om the
data used used for its calibration. Due to the inconsistencies of the
data available (see Par. 7.1), the calibrated predictions of commercial
engines are not dramatically better than that produced by the much
simpler, 0-D model developed earlier by Consonni and Macchi (1988).

However, while the extension of the simple model to cycles other than

. * As properly pointed out by Erbes (1991) — the supervisor of
GATE/CYCLE development — commercial packages are constantly changing,
so that their drawbacks are progressively eliminated or bypassed. For
example, new correlations are under development for GATE which relieve
the user of the need to specify much of the data currently required.
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the simple cycle would be highly questionable®, the model presented
here embodies enough 'physical insight to justify its extension to

cycles very different from those used for calibration.

* The 0-D model cannot account for variations of coolant conditions

and/or composition, material temperature, film cooling, number of
stages, etc.
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3,4 Schematic of turbine expansion

Proceeding from inlet to outlet, the turbine expansion is divided

into four parts:

1) First nozzle. Flow 1is accelerated at constant efficiency 5, ., to a
Mach number Ma,, to be specified in input (Fig. 3.4a),. giving an
outlet velocity Vg,in- Tg,tor Changes due to gas-coolant mixing.

2) GCooled turbine. Flow expands with n, as given in Fig. 4.5. The i
average velocity v, .. relative to the blade is constant, while Ty, tot . 3
changes due both to work extraction and to gas-coolant mixing 4
(Fig. 3.4b). At the interface with the first nozzle the kinetic :

energy difference (vz_m—\?5 /2 is recovered with the efficiency n;
of the first cooled turbine step. :

.ot
3) Uncooled turbine. Flow expands with efficiency fp,ue. The same 7L
efficiency is also used to convert to work the kinetic energy ( P
~Vg,ai8/2 (Fig. 3.4c). Tg o changes only due to work extraction.

4) Diffuser. Kinetic enexrgy vi,m/z is recovered with efficiency ny¢;
what is left is totally dissipated (Fig. 3.4d). Tg,tor 1s constant.

The cooled turbine ends when the "effective" gas temperature T;: used

to evaluate the cooling flow (see Par. 5.2.2) drops below the maximum

temperat_:ui'e ‘tolerated by the blade (Ty,). Important points to be

mentioned are: !

¢ The enthalpy drop used to calculate SP=V®-3/Ah);25 is the one of the !
current stage. The distribution of expansion ratios and Ah;, among :
stages is performed at the beginning of the calculation as described |
in Par. 3.6.

e The velocity v, ., relative to the blade is different from the mass

velocity Ug=m./(pg A;) — corresponding to the average axial veloci-
ty —used in the definition of St:s-hs/(ps-Us-cp'g).

o While the first nozzle and the diffuser are always present, one of
the turbine sections may not be: section 3) is missing if the

turbine is completely cooled; section 2) is missing if cooling ends
within the first nozzle.

¢ The nozzle inlet velocity vy~ 3/ (Pg'Bg), i.e. no tangential compo-
nent, '

Cooled turbine gaé velocity v, .. and diffuser inlet velocity v, 4
are determined by specifying the corresponding inlet Mach numbers
Ma.. and Maye. Notice that Ma, is not the first rotor inlet Mach: it

Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.



Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.

S. Consonni - 3,15

Just defines the velocity Vg,ct Used to calculate acceleration losses
and to distinguish among Ters Tyt and Ty ge.

* All efficiencies are static-to-static; in particular, Npnz ANd ngsr
are constant input values.

* In the cooled turbine, the Mach number increases due to reﬁuctions
of T,.

Except for the first nozzle, no reference is made !t:o stators ‘or rotors.
The rationale is to describe an expansion where the flow and the
geometrical parameters vary continuously, thus smoothing the disconti-
nuities of total temperature, pressure and relative velocity éxiét:lng
at the cascade interfaces. The gas average velocity and the geometrical
parameters discussed in Appendix A must be considered as averages

between typical values for stators and rotors.

34,1 Cooled sections

As shown in Fig. 3.3, the cooled sections are divided into "small"
steps — each composed of an expansion followed by mixing - calculated
sequentially starting from the turbine inlet. The calculation of each
step assumes finite variations of the flow variables, so that it is not
necessary to approach an infinitesimal treatment by adopting a high
number of steps. However, in order to legitimize the 'continuous"
expansion model, it is appropriate to adopt at least 3-4 steps for each
cooled row. The sensitivity to the choice of Dgtep 1S discussed further
at Par. 7.4.3,

The maximum, total number of steps Dypep,ax 1S assigned in input;
however, the total number Dytep,nztfstop,ct Of actual steps may be lower
because when T;!-Tbm the stepfwise procedure is truncated. An iteration

whereby all P,, would be adjusted until Dstep,nztNatep, ct™Natep,me WOULA be

useless.

3
A
4
3
i
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The initial conditjons of each step (mainstream gas -and coolant
composition, P, T, h, s, u, v, etc..) are completely known because they
are the ones at the end of the previous step or, for the very first
step, the turbine inlet conditions. With the exceptions illustrated at
Par. 6.2.1, the expansion ratio of each step is set by (refgr to

symbols in Fig. 3.3):

(Ppy=~Py3) /Py = 1n(ﬁnz+ct.)/“secp.m: (3.2)

where ﬁn#“-P“'m.“/Po,“t is the expansion ratio of the whole cooled
section obtained at the previous iteration". Since the ensuing (P33 —P3s)
depends on the amount of coolant injected, the overall AP per step is
variable, and cannot be set in ‘advance. Expansion and mixing are
evaluated as follows:

a) In the nozzle, expansion is performed at constant h, .., (gas acceler-

ation) and efficiency n,,,. In the cooled turbine, it is performed

at constant v, ., and static-to-static efficiency ";,ch =f(SP) (see
Par. 4.6).

b) Coolant acceleration and mixing are performed at constant v,
charging all variations to P, and T, (see Par. 3.8)".
Gas and coolant flow, temperature, pressure, heat transfer and cooling
effectiveness all change continuously from one step to another.
The cooling flow Am;,, — calculated immediately before mixing -~ is

the sum of the flow required to cool blades and shrouds (Am,,, see

* This expression comes from approximating (1+AP, /P, ) step,mx =B 4ct .
In order to maintain approximately the same Ac/c, the computer program
actually differemtiates between the nozzle and cooled turbine AP,/P,
(see Pars. 3.5 and 6.2.1).
Notice that by "expansion ratio" I indicate quantities always
smaller than one; the opposite holds for "compression ratio".

** Although they are calculated altogether, acceleration and mixing
constitute two distinct thermodynamic processes: at constant v, ., the

former is mainly responsible for variations of pressure, the latter for
variations of temperature.
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Ch. 5) and 2 term accounting for disks, casings, struts etc. (Amg,, See

Par. 3.9).
3.4,2 Uncooled sections

' The uncooled turbine and the diffuser are calculated in one single

step. %p,. 1s determined from the mean value theorem applied to the

function in Fig. 4.5:

'Ip.ut-.j;:m"p,t(sp) 'dSP/(SPut,ln_SPuf..nut.) . (3-3)

The stage enthalpy drop used to evaluate SP; j, and SPy o is different
from the one used for the cooled turbine (see Par. 3.6), reflecting the
widespread practice of designing uncooled stages with lower 1load
factors and - in multi-shaft engines - lower peripheral speeds.

The efficiency given by Eq.(3.3) is also used to convert to work the

difference between inlet and outlet kinetic energy (Fig, 3.4c):

Wyt = m‘5' [(hin,sb—houc.at)+ﬂp,ut' (‘;g.cf._‘;s.dll) /2] (3.4)

where (hyg,in—hst,out) 15 the gas enthalpy drop calculated from u, .. For
turbines which are completely cooled, it is assumed that the diffuser
requires no cooling flow besides the one already included in myy;
notice that in this case it is still necessary to account for the term

np* (vi,ch—\;s'di}/Z, where 5, is the efficiency of the last expansion step.
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3,5 Heat transfer areas

The calculation of cooling flows calls for a link between heat
transfer areas and pressure-temperature history. This is realizéd by
assuming that the blade portion Ac/c spanned at each step (Fig. 3.5) is
constant. For the n.ozzle, Ac/c is simply given by (1"/nm,,;,,,), where

Ngrep,ne 18 the number of steps performed to reach Ma,,.” For the cooled

turbine:

(&c/c)er = (2:-0°°—1)/Nypqp,ct (3.5)

where n®®, the number of cooled stages, is treated as a real number and
is evaluated as illustrated in Par. 3.6.1; (2:n°®*-1) is the number of
cooled turbine rows; Dsyep e is the total number of steps performed to
calculate the cooled turbine (see Par. 3.4.1).

Since the variations of the total step AP,/P, are small (they are due
to variations of mixing AP, see Fig. 3.3), Eq.(3.5) implies that the
varizl—ztiqn of f’s along the turbine axis is roughly logarithmic (constant
dP/P), a good approximation of the low-reaction stages typical of
heavily cooled turbines.

Besides Ac/c, the other geometrical parameters necessary to evaluate
cooling flows are:

a) Ratios defining stage geometry: H/c, H/D,, ®, o, etc. (App. A)

b) Gas cross-sectional area A

c) Ratio a, between blade+shroud surface and blade surface

d) A parameter summarizing the characteristics of the cooling
channels

The calculation of a), b) and ¢) is based primarily on similarity rules
and -1s illustrated in Appendix A. The influence of cooling channels

geometry is discussed in Par. 5.2.
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3.6 Number of stages

Within the cooled turbine there is no distinction between stators
and rotors; nonetheless, the knowledge of the current stage number is
required for two reasons: (i) to update the enthalpy drop defining SP
and (ii) to upt_ial:e the number of cooled stages, _whichA determines the
total area to be cooled (Eq. 3.5). The computer program allows estimat-

ing the distribution of Ah;, and pressures among stages according to

four design options:

1) Constant f°5 and given number of stages
* t,

2) Constant B%8 and given' Ah:'fm

3) Constant Ah}.® and given number of stages

4) Constant Ah::’ and given Ah::?m:

With options 3) and 4) the reheat factor (Par. 2.2.3.3) used to
estimate the constant stage Ah;, is based on the overall 5, and 7, of
the previous iteration. Once the expansion ratio and thus the exit
pressure of each stage are known, the current:. stage number is deter-

mined according to the current step static pressure.

At the end of the cooled expansion n®® is updated by adding to the
current stage number (which is an integer) a fraction calculated
accordingly to the hypothesis of AP,/P,~constant. Letting ¢, Pir® be
the current stage expansion ratio and inlet pressure, and Py i,s the
pressure at the end of the cooled section (Fig. 3.4b), the portion of
the last stage which requires cooling is:

In(Bye, in,ee/R35) /10 (B7%) (3.6)

* If n®8 is integer, the input value of Ah;, camnot exactly

correspond to Ah::‘: in this case the input value is used as an upper
bound. '

For any actual turbine n®%® will obviously be an integer. However,
when considering a wide range of g and/or TIT, imposing an integer n*%s
introduces discontinuities: for this reason the computer code can also
treat n®*® as a real number.
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Due to the relevance of heat transfer areas in determining the cooling

flow, the choice of the design option (constant £*“# or constant AntE) ;

and the number of stages are factors of crucial importance. Constant-
p**® designs are superior because they yield higher gas temperature
drops in the first stages. Within the framework of the model, increas-

ing Ah::‘ is almost always beneficial because n®* and thus the cooling

flov are reduced, while 7, . suffers only modest penalties due to
reductions of SP. In practice, adopting very high Ahj;® without increas-
ing peripheral velocity (which is limited by material capabilities)
gives efficiency penalties due to stage overloadiﬁg, an effect not
accounted for by the model. For this reason, and given state-of-the-art
peripheral velocities around 400 m/sec, the efficiency prediction given

by the curve in Fig. 4.5 is plausible as long as 8h{® < 350-400kJ/kg.

3.6.1 Distribution of enthalpy drops

The calibr.jat:ion disecussed in Ch. 7 and the test cases presented in

Ch. 10 have been performed assuming that:

» All cooled stages have the same g°%8; its value is set to give the ;

input Ahi:’fm for the first stage.

e All uncooled stages have the same Ahj.S.

Since the turbine inlet conditions and f, are almost always fixed input

parameters, the distribution of f§°8 and 4h;, is generally calculated
only at the first iteration.

It is important to emphasize that — since the design option affects
the number of cooled stages and thus cooling flows - it has significant
effgcts on performance predictions. The choice adopted here is closest

to the design of actual commercial engines,
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3.7 Coolant conditions

Fig. 3.6 depicts the path followed by the rotor coolant (compression
0-1 is meaningful only for air cooling). In stationary cascades there
is no pumping, i.e. points 2 and 3 coincide. Transformation 3-4
represents thel expansion taking place within the céolant; ejection
holes, with v, ;, denoting the ideal outlet velocity. Point 3 represents
the conditions used to evaluate the cooling flow; point 4 the one used
to evaluate acceleration losses. The figure is based on the assumption
that the coﬁlant is always bled at stationary points. If not, there
should be an expansion immediately following point 1, to represent the
process between the bleed at the compressor shroud and the engine axis.
Notice that the expansion work corresponding to this process is very
likely to be lost anyway.

The pressure drop (P,—P;) accounts for all irreversibilities occuring

along the path followed by the coolant, i.e.: ’

o friction
e heat addition
¢ non-isentropic pumping

» non-isentropic acceleration to v 44

Therefore, the value of P;—P,is fietitious, always somewhat larger than
the actual pressure drop along the cooling channels. Independently of
the "type" of bleed pressure (see next Paragraph), points 1 to & of

Fig. 3.6 are determined by assuming that:

e P, equals the current gas pressure (i.e. pressure of point 2i of
Fig. 3.3)

e The peripheral speed is the same for all steps

¢ The pressure drop Pl—Pz equals the expansion drop P;—P,
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3.7.1 Coolant stream "type"
Each coolant stream can be of two "types“: ‘

1. "fixed-pressure", i.e. bleed pressure P, is constant.

2. "floating-pressure”, i.e. bleed pressure P; can "float" according to
the requirements imposed by the local gas pressure and the cooling
system pressure loss,

For fixed-pressure streams P, of Fig. 3.6 is constant, while the overall

pressure drop:
8Py /Pey=[(By—P2)+(P3—B,) ] /Py (3.7

is an output, and varies from step to step according to P,~P;. This
option is the only one available for steam cooling.

Floating-pressure simulates the multiple-bleed cooling schemes
adopted in modern engines; in this case AP.; /P, is an input datum, and
P, must be re-calculated at each step so that P,=P,. Compression 0-1lis
perférmegi with the same polytropic efficiency of the gas turbine
compressor. This is equivalent to imagining that the turbine incorpo-
rates a small, variable-g compressor to compress its coolant flow (see
Fig. 7.5).

The decrease (or rise) of coolant temperature due to heat transfer

from the bleed point to the blade root is neglected".

* However, it is.possible to account for cooling air pre-cooling
(i.e. before using it to cool the blades) by inserting a heat exchanger
between the bleed point and the turbine, a practice adopted in several
Westinghouse and ABB turbines.
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3,7.2 Pumping losses

Consexvation of enexgy for an adiabatic® flow entering at the rotor

axis and exiting at the blade tip gives:

hcl,!.n + w%l,iulz - hnl,out + w%l.,euh - u2/2 X (3.8)

) 0y

where velocities Wy i, and W, o are taken in a coordinate system moving
with the rotor. The difference (w? ;,—Wy o) 18 always much smaller than

u?/2, thus giving:

hey,out=he1, 10 = “2/ 2

The work wm-Amcn,-(uz/Z) absorbed by the coolant must be supplied by
the rotor and is therefore a net loss. Since friction is charged
totally to AP, the pressure increase APy, ensuing from Avpyn coOYre-
sponds to the isentropic compression depicted in Fig. 3.6 (from Point

2 to Point 3). If ¢, is constant:
Py = By un| [14(63/2)/(cp o1 Ter,4n)] 7 -1} (3.9

In the cooled turbine the model does not distinguish between stationary
and rotating cascades; the coolant pumping work and the ensuing 4P,
are evaluated by averaging wy, over the number (2:n**-1) of cooled

turbine rows:

Vo = [0°%/(2-0%%~1)]-Ameyy (u%/2) (3.10)

OBy = pcl,,,,-[ [1+wwm/(cp,c1-wcllm-mm)]1/<1-1)-1} (3.9a)

* The cooling flow is obviously non-adiabatic. However, as already
mentioned the pressure drop due to heat addition is "charged" to AP,
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3.8 Coolant acceleration and mixing

In addition to losses due to non-isentrépic' expansion, the nozzle

and the cooled turbine suffer additional losses due to:

e acceleration of injected coolant up to mainstream velocity

.

e gas-coolant mixing

The calculation of gas conditions after coolant acceleration and mixing
can be performed according to the method of influence coefficients
developed by Shapiro (1953, p. 219). However, in our case such a> me‘thod
is inconvenient because one of the independent variables chosen by
Shapiro is the cross-section variation dA/A, which in our scheme is
unknown. More convenient expressions can be derived by writing the
continuity, momentum and energy equations for the assumed hypothesis of
constant mainstream velocity® v,. Indicating with "D.." the total
derivative with respect to changes in »composition, pressure and
temperature, the equations describing the injection of an infinitesimal
dmch-dm:].gdmd,k into the frictionless, adiabatic, 1-D flow depicted in

Fig, 3.7 are:

Continuity: dA/A + Dpg/p, = 0 (3.11)
Momentum: dmgyy- (Vg—V,) = —A-dPy

(AB/P)g op = —7g-ME; (1-V_y/v,) - dmgye/mg (3.12)
Energy: (mgtdmeye) - (hy, portDhy o) = mgohg, portdmesehey tot

Dhy pot= Dhy ag= Dhy = —(hg pop—hey eor) - dmgye/mg  (3.13)

Molecular weight: (mg/W,)+(dme;e/W.y) = (mg+dmg,,)/(W+dW,) (3.14)

* In the first nozzle, the gas veloeity increases at each expansion
(see Par. 3.4.1). However, it is always assumed that v, before and after
coolant acceleration and mixing is the same.
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where V), is the coolant velocity component along the direction of v,
and Dhy ,.=Dhg ¢oc comes ‘from the assumption of constant v,. The gas
pressure and enthalpy after mixing are determined from Eqs.(3.12) and

(3.13) by assuming that (recall Fig. 3.6):

Ver ™ Tver‘Vel,is : . (3.1%)

The coolant enthalpy to be used in Eq.(3.13) is the one corresponding
to the inlet conditions (Point 3 of Fig. 3.6), before exchanging heat.
Therefore, the fact that dm,, and dmy,, are discharged at different
temperatures is irrelevant. Once the new h, and P, are known, all other
properties can be determined after calculating the new molecular weight

(WgtdW,) from Eq.(3.14) and then resetting the composition by:

Xig +dx1.a - [(xl,s'm;/wg)"'(xl,cl' cl.b/wc!.)] '(Ws’*'dwg)/(m;"'dmcl.t.) (3.16)

Notice that Dhg#dhg g~cp o-dT,, because the variation of h; is not
infinitesimal, In fact, the variations dh,,. and Ah ., of mainstream

and coolant supposed unmixed are related to Dh, by:
Dhg = dhg,st+(dme1t/m5) * [(hcl,toc_hs,tot)"'Ahel,:t"'(‘;s-‘;a.)/zl (3-17)
3.8.1 Finite Am,

If dm,./m; is not infinitesimal, the equations above must retain
higher-order terms. Indicating with 1 and 2 the conditions before and

after mixing, from continuity (p, 1/p,,2)=(A 2/A4,1) and thus:
AA/A; + 1/(L+py/Ap) = O (3.11a)

If we approximate Alfﬂz P-dA as (Pg y+AP/2) - (A;—A;), the integral of the

momentum equation gives:
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—ve1 M1 (1—Va/vg) -Amgye/mg = —AR/P=0.5- (AB/B-BA/A)

and substituting Eq.(3.1la):

APy 4t/Pgat,1 = [=7g,1'Mig1- (1=Va/vy) Ay /] (g 2/ Py, av) (3.12a)

where p, .=(05,1+Pg,2)/2. Since p,, is unknown, the calculation of AP,
requires an icération over the conditions at 2. Finally, the energy

equation becomes:

b, = —(hy gop—her,tot) - [1/(Lmg/bmeyy) | (3.13a)

Since the steps depicted in Fig. 3.3 are not necessarily infinitesimal,
the conditions after mixing should always be calculated from
Egs.(3.12a) and (3.13a). However, in all practical cases (AP/P), due to
mixing is always small (rarely larger than 1%); thus, the computer code
resorts to Eqs.(3.12) and (3.13), which allow eliminating the iteration
on p, ». The sensitivity analysis presented at Par. 7.4.3 shows that for
a tyﬁical stéte~of-the-art: cur‘pi.ne this procedure gives negligible

errors as long as ng,, > 20-25.
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3.9  Cooling flow for disks, casings, struts

Besides blades and shrouds, which will be extensively analyzedi in the
next chapter, there are other turbine components which need to be
cooled. The rotating disks sustaining the blades, the casings, the
struts connect:ipg the inner and outer casings and the shaft itself need
some form of cooling either because they are exposed to the hot gas, or
to prevent creep, excessive thermal expansion and/or thermal stresses.
Given the trend toward higher compression ratios (to take advantage of
higher TIT), future high-compression ratio engines, if not intercooled,
will also need some form of HP compressor cooling, a practice alrea&y
adopted in some aircraft engines (convective cooling of HP compressor

disks — Koff, 1989).

3.9.1 Literature

While very little is published about casings and struts (see Rice,
1983al an@ 1983b for a qualitative description), the flow field and the
heat transfer of rotating disks have received considerable attention.
Most studies refer to the unshrouded or shrouded configurations
depicted in Fig. 3.8: experimental data can be found in Bayley and Owen
(1970), Metzger (1970) and Sparrow and Goldstein (1976), while Haynes
and Owen (1975) present a boundary layer model.. Owen (1977) also
considers a rotating cavity with a ‘central axial throughflow of
coolant, a configuration similar to the one adopted to cool HP compres-
sor disks. Metzger, Mathis and Grochowsky (1979) analyzed the disk rim
impingement cooling scheme illustrated in Fig. 3.9. Compared to
convection, this arrangement does not seem to yieid cooling flow

reductions. Finally, 4 Farthing and Owen (1988) recently compared




&
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experimental results with the predictions of a theoretical model based

on the momentum- and energy-integral equations for turbulent floﬁ.

3,9.2 Fluidynamic aspects

A basic feature of the flow around rotating disks is the tendency of
the rotor to pump fluid radially outward, chrough the action of viscous
and centrifugal forces. Unless steps are taken to .prevent it, a
corresponding radially inward flow of hot gas will be established to
replenish the pumped flow. Consequently, rotor disk cooling implies not
only carrying away the heat conducted from the bladé, but also elimi-
nating hot gas inflow. Both goals can be achieved by introducing the
coolant at the rotor hub and having it flow radially outward. The
coolant flow, usually referred to as “"purge" flow, picks up heat from
the disks and, at the same time, prevents the hot gas from entering the
disk gap.

The calculation of disk cooling flow could proceed from evaluating
the minimum flow necessary to prevent hot gas inflow, and then verify
whether it gives an acceptable temperature distribution, While evalut-
ing the flow necessary to prevent gas inflow is relatively simple (see
Bayley and Owen, 1970), determining the temperature distribution is
quite imnvolved, because temperature depends on disk shape and the
pattern of local heat transfer coefficients. For the constant-thickness
disk considered by Haynes and Owen (1975) the temperature distribution
was approximately parabolic, i.e. T(r)-T(0) = k-r2,

Although an attempt could be made to evaluate disk cooling flows,
determining the overall my,y required by disks, casings and struts would

still be subject to a number of major incertainties:
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. Heat transfer areas ‘depend very much on the "design style"
adopted by each manufacturer and cannot be reasonably predicted
by similarity laws as is done for .blades and shrouds (Appendix
A). For example, all ABB turbines have constant hub diameter
with the blades "emerging® directly from the shaft and therefore
no disk to be cooled (Fig. 3.10); the shaft constitutes the
inner shroud and is protected from the hot gas by a continuous
layer of coolant covering its whole surface.

° To meet their different design criteria, disks, casings and
struts are made with materials different from the ones used for
blades. Their maximum allowable temperature is much lower than
the one afforded by state-of-the-art super-alloys and it is hard
to predict because it is set by a number of economic, reliabili- .
ty and durability considerationms.

. More than their maximum temperature, it is important that these
components undergo thermal expansions compatible with safe and
reliable operation (avoid undue thermal stresses, maintain tip
clearances, limit leakages etc.). This applies both to steady
state and, even more, to transients at start-up and shut-down.
Determining the cooling flow necessary to warrant such safe
operation obviously requires extremely detailed information
about geometry, flow and materials,

For these reasons, attempting to calculate mg,, is beyond the scope of
this model, and it is assumed that for each stage mgy is simply a

constant fraction of the gas flow, i.e.:
(myg/mg)5%8 = My = constant (3.18)

Since disks and casings are generally not exposed to the gas, most of
the thermal power is transmitted by conduction from the shrouds, thus
depending on the shroud temperature rather than the gas temperature.
Assuming that the temperature of the metal exposed to the gas is always

close to Ty, then my, should be proportional to:
(Tbm_Tm,d-k)/(me,dsk_Tcl)

where Tpy g 15 the maximum temperature tolerable by disks. The assump-

tion of comstant iy, ﬁeglects this dependence; it is like saying that




Princeton MAE Ph.D. 1893-T - 3.30

the influence of geometry and materials is much largei;' than the

influence of the coolant temperature.

3.9.3 Inclusion into calculation model

The flow of disk coolant for each step is calculated by assuming that

Amggy/m, stays constant:
Amygy = (n“'ﬁ'd:k'mg)/nﬂ..p (3.19)

i.e. gy is taken as the ratio between (mye/m,)**8 averaged over the
number of steps per stage. my,, has been set to 1% for all calculations,
The total coolant flow Am,, to be mixed with the gas at each step is

simply given by:

Amgyy = Amgyy, + Amgyy (3.20)
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NOMENCLATURE
ay (Blades+shrouds surface)/(blade surface), see Eq.(A.l)
A Cross-sectional area [m?]
Bi,,, Blade wall Biot number (see Par. 5.2.4.7)
c Blade chord {m]
cp Constant pressure specific heat [J/kg-K]
D Mean diameter . [m]
h Specific enthalpy or heat transfer coefficient [J/Rg, W/m?-K]
H Blade height S . " [m] ;
n Nondimensional mass flow, specific to M, [kg/kg,]
D1y Blades+shrouds non-D coolant flow per cascadekg/kg,-cascade] :
Mgk Disk non-D coolant flow per stage [kg/kg,-stage) K
M Mass flow [kg/s) 1
Ma Mach number 3
n Number (stages, steps) o
P Pressure [Pa)
Toel Ratio v,/v,, see Eq.(3.15)
S Heat transfer area (m2]
SP Turbomachinery size parameter (see Par. 2.1.1.4) Iy
Sty Gas-side Stanton number h‘/(c,,s-mslA,)
T Temperature K]
T&‘“" Maximum allowed blade temperature [K]
Ter "Effective" gas recovery temperature (see Par. 5.2.2) [K]
u Blade peripheral speed [m/s)
v Velocity [m/s]
w Work specific to M,; relative velocity [J/kgs, n/s]
W Molecular welght (kg/kmol ]
X Mol fraction in gas [gaseous mols/mixture gaseous mols)
Greek . i
B Pressure ratio (compressor, >1); expansion ratio (turbine, <1) i
y "Ratio cy/c, i
Ah Enthalpy drop [3/ke] ‘
Amgyy Blades+shrouds nondim. coolant flow per step”  [kg/kg,-step] !
Amgyy Total non-D coolant flow per step (Bmeip+Amy,y)  [Kg/kga-step) |
Amygey Disk&casings non-D coolant flow per step [kg/kg,-step) b
AP Pressure loss (or rise) Pa ’[
n Efficiency 1
3 ] Cooling effectiveness (see Eq. 3.1) i
3 o Ratio between blade perimeter and blade chord, see App. A i
) np Polytropic efficiency i
£, Heat transfer effectiveness defined by Eq.(5.26) !
? Density {kg/m®] !
o Solidity, chord/pitch
Subscripts
a Air
b Blade
bel Blade surface, coolant side
bg Blade surface, gas side
c Compressor '
* When applicable, Am,y, Amg, and Amg,y are also indicated with the
infinitesimal notation dmy,, dmgy, and dmgy,.
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cl Coolant ) i : 5
ct Cooled turbine ‘ ‘ :
dif Diffuser ' :
dsk Refers to disks, casings, struts, etc.
g . Hot gas
in Inlet
is Isentropic
1k Leakage
mx Maximum
nz Nozzle
org Organic
out Outlet
P Polytropic
pun Rotor pumping
sh Shaft
st Static conditions
step Steps to calculate cooled expansion
t Turbine
tot Total conditions
ut Uncooled turbine section s
0 Inlet of first turbine nozzle; compressor inlet
1 Exit of first stage; before mixing; coolant bleed
In Exit of first nozzle
it Inlet of first gas turbine rotor
2 After mixing; coolant at turbine axis
3 Coolant at blade tip
4 Coolant at ejection holes
11,21,31 Points defining ith expansion step (Fig. 3.3)
Superscripts
cs | Cooled stages ‘
i ith ‘expansion step {
stg Stage i L

e
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3.1 Schematic of cooled expansion model proposed by Traupel.
The coolant flow to be injected at each infinitesimal

expansion step is proporticnal to the difference P—Poraco01 -
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3.2 Schematic of simplified expansion models proposed by
Stecco and Facchini (upper diagram) and Consonni and
Macchi (lower diagram).
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expansion at Mp nz
Ay due to dilution here inject coolant
with coolant Amgyy
- mixing at
TIT CONDITIONS constant Vg
R ¥ /
v2 ith NOZZLE STEP
g,in . / /
2 expansion a“'l'p,ct
END OF here inject coolant
NOZZLE Ameyy
at constant Vg
2 .
| END V9 ct ith COOLED TURBINE STEP
| OF COOLED z .
| TURBINE expansion at T it
| ’ TURBINE :
! OUTLET !
| 2 i
| Ya.aif %
: 2 !
DIFFUSER
‘ INLET !
s !
3.3 Schematic of gas turbine expamsion. Vg 15, Vg o and vy gis

are determined from the corresponding input Mach numbers
(see Tab. 6.1). p, . changes from step to step according
to the curve in Fig. 4.5. The expansion ratio (Py;—P,;)/Py;
is the same for all steps. The static pressure drop (Py;-
P;;) is necessary to accelerate the coolant to the main-
stream velocity. Discontinuities at nozzle outlet and at
diffuser inlet are due to losses of kinetic energy: in
fact, (vz.m—\;oct)ﬂ is recovered with efficiency n!’; ot *
while (v: w—¥aie)/2 is recovered with efficiency n, ..
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h Po, tot
Po, st

Ahyot, dil

Py, tot ’ A

expansion
at np‘ nz

here inject
coolant

here .Mag = Manz

Wkin, lost !

3.4a Schematic of cooled nozzle expansion. Notice that:

e  Ahyg,ay is due to dilution with coolant

e Ah of each step is completely converted into kinetic
energy

e the exit velocity v, ;, is the one that realizes the
input Ma,,
m, increases after each coolant injection

o the kinetic energy difference (Vi.ln_‘;s.cﬁ)/z is con-
verted into work with efficiency pi . (i.e. np of
first cooled turbine step). In other words:

. wkin"”;,ct.' (Vilm_‘;s,cg) /2
Point 0 indicates total conditions at nozzle inlet; 1n

total conditions at nozzle exit; lt total conditions at
turbine inlet.
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Pit,tot

expansion
at nP, ct

here inject
coolant
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Pit, st

Schematic of cooled turbine. The net work per step is
given by the difference between gross work (m,-Ah,..,) and
pumping work (Eq. 3.10). Notice that both n, . and m,

change throughout the expansion.

Point ut,in indicates

total conditions at the uncooled turbine inlet. The cooled

expansion ends when T;I-Thm.
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. Put,i
u,in ut,in, tot
/ ’
Pdif, in, tot
dif,in
expansion e
at np ut Pdif, in, st
Wkin, lost
|
—> |
S |

3.4c  Schematic of uncooled turbine. Vg,aiz COrresponds to May;,
assigned in input, while Point dif,in indicates total
conditions at diffuser inlet. The difference between inlet
and outlet kinetic energies is converted into work with he
same efficiency Np,ut assumed for the static-to-static
process, i.e.:

wkln,lost'(l"'lp,ut.) ‘ (Jg,ct_&s,dié /2
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Pdit, in, tot

Pdif,out, tot= Poyr, 5t

dif,in
ouT " Pyig, i(st
vg,dit
2

vg dif ;
I'dir—i’—zd' = Bhis st

3.4d  Schematic of turbine- diffuser. Point dif,:lnb indicates

total inlet conditions, while OUT refers to total condi-
tions far downstream (exhaust flange). Thus, 5y, actually

embodies all losses occuring downstream the diffuser
inlet.
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p Gas side heat transfer T !
./ area spanned at each step : v‘

3.5 Schematic of the turbine section spanned at each step of
the cooled expansion. The gas-side heat transfer area is
computed by referring to a cascade with the average
characteristics discussed in Appendix A.
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AT SRR L1 a kil

P at blade tip
hA P of mainstream

P at turbine

wn

3.6 Rotor coolant enthalpy-entropy diagram. The pressure
increase due to rotor centrifugal acceleration corresponds
to an isentropic compression with Ah=u?/2. Point 3 repre-
sents the conditions used to evaluate cooling flows. The
coolant pumping work mg:(u?/2) must be supplied by the
rotor and is therefore a net loss. The figure is based on
the assumption that the coolant is always bled at station-
ary points.
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Rt Terhey Wedme

3.7 Schematics of coolant-acceleration and mixing. Inlet and
outlet gas velocities are the same, v, is the coolant
inlet veloeity; v, is its component along the direction
of v,. At exit, coolant and gas are completely and uni-
foxmly mixed. dm,, is the sum of dm,);, and dmgg.
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Unshroudad rotating disk

Haynes and Owen (1975).
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3.8 Unshrouded and shrouded rotating disk models considered by
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3.9 Disk rim impingement cooling considered by Metzger, Mathis
and Grochowsky (1979).
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3.10 Cross-section of ABB 13E heavy-duty turbine. Notice the
constant-hub diameter design and the absence of disks
exposed to the hot gas.
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4, TURBOMACHINERY EFFICIENCY

This Chapter addresses the evaluation of turbomachinery efficien-
cies. After assessing the relevance of the terms appearing in the gas
turbine model and expanding some concept previously recalled in
Par. 2.2, the functional form assumed for n,, is justified with the

support of theoretical results for optimized turbine sﬁéges and of data

regarding commercial gas turbines.

Finally, based on similarity and fluidynamic arguments, these

considerations are extended to the gas turbine compressor. The results

for optimized turbine stages have been produced by a computer code due

to Lozza, Macch:_l and Perdichizzi (1982). 7

oY
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4,1 Definitions

Fluidynamic losses occurring in turbomachines are evaluated by means

of the following efficiencies (see Par. 2.2.3 for a discussion on their

significance):
Moz = (dh/dhyy)gy = A(vZ/2)/dhyy oy ‘ (4.1)
Ton = (db/dhy)y = p-(db/dR)y 4.2)
Nag = Ahu,u/(vz,du/z) (4.3)
Moo = (dhyy/dh) oy = (dP/dh)gep/p S (ks)

where all quantities refer to the mainstream. For the diffuser, &hy,

is the iscentropic Ah corresponding to a compression from Pys i g tO
Paif,out,st (see Fig. 3.4d). Notice that g, . is static-to-static, while
fp,c 1S total-to-total. For the turbine, this has been done to be
consistent with n,,, which — given that in the nozzle hy, is con-

stant” — can be defined only as static-to-static; for the compressor

there was no other choice because kinetic terms are not calculated. In !
the cooled turbine (dh/dh,,),.=(dh/dh):s because v, . is constant.

Vg, aic 1s the diffuser inlet velocity, based on the input value of May,. i

* In the nozzle hy,y decreases due to dilution with cooling air.
However, this decrease has nothing to do with work production nor flow
acceleration. '
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4.2 Features and limits of approach adopted

While 9y, and ngye affect only a small portion of the cycle and thus
have a relatively minor effect on overall performances, the correct ' .
evaluation of n, . and n, . is of the utmost importance: besides logical

reasoning, this statement is demonstrated by the sensistivity analysis

presented in Par. 7.4. .
Given the rationale illustrated in Par., 3,3 —whereby it is crucial ’
to limit the number of unknown parameters and the computational
effort — in the present model it is assumed that:
® Npn; and ngy do not depend on the characteristics of the cycle:
their values are assigned in input and kept constant.

® ng,¢ and n, . depend only on the size parameter SP.

The functions ny.(SP) and 7, .(SP) are determined by calibrating t:he
performance prediction of 32 commercial gas turbines (see Ch. 7).

Although their functional form is based on calculations developed only

for turbines (Par. 4.5), the extension to compressors is justified by '
the analogy of many of the loss mechanisms (profile and annulus losses, ‘
finite trailing edge thickness, clearances, secondary flows). l

Given their importance and the latitude evidenced in the following 4
paragraphs, the method for the determination of 75, and np, . deserves
further work; in particular the introduction of a dependence from
specific speed could account for differences between single- and multi- |
shaft designs. On the other hand, the improvement of the correlations
for n, is strongly hampered by lack of data for actual turbomachines.
Based on the results of numerous, unsuccessful attempts to identify
alternative functional forms, the form presented here is the best

result made possible by the data available.
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4,3 Turbine nozzle and diffuser

fp.nz and nge are assumed to be independent of the turbine operating
conditions; in particular, all results preseﬁted in the Thesis refer to
7p,nz~0.95 and nd,f;O. 50.

Aside from engine size, in reality np,, and nge depend on a number
of fluid dynamic and geometric parameters; for example: (Adenubi, 1976;
Wilson, 1984, Ch. &), ng4e is a strong function of May,, diffuser shape
(radial, axial, presence of splittexs), inlet velocity proﬁle‘ (syirl,
circunferential and/or radial variations), divergence angle, lenght-
diameter ratio. However, accounting for such effects requires the full
design of the turbine ~ which would defeat the rationale illustrated in
Par. 3.3 —or further functional relationships —which would add to the
already high number of parameters to be calibrated.

Since n, o, and nge affect only a relatively small portion of the
expansion, neglecting their wvariations seems compatible with the
accuracy of the ﬁodel and, most of all, with the data available for
calibration. The sensitivity of results to this assumption is illus-

trated in Par. 7.4.




S. Consonni - 4.5

4.4 §1,mila;1tx considerations

If turbines could be realized in perféct'geometrical' similarity,
size would affect performance only indirectly, through variations of
the Reynolds number. Aside from compressibility effects, in such case
the efficiency of a stage would be a function of only‘ two parameters:

the specific speed n, and the specific diameter D,. Balje (1981) has

presented a series of charts giving the maximum efficiency and the

optimum geometrical parameters corresponding to each combination of n,

and D,: Fig. 4.1 reports the one for axial turbines. According to the

Balje charts, if the choice of n, and D, were unconstrained, it would /| /
always be possible to design turbine stages having an efficiency in
excess of 90%. Such optimum stages would all be geometrically similar,

and would have n, between 0.6 and 1.3, D; between 2.5 and 5.

4.4.1 Compressibility and scale effects

ﬁaljg charts work reasonably well for nearly-incompressible flows
3 and "large" engines, where "large" means that the minimum dimension is !
well above the one allowed by manufacturing capabilities. Macchi and
Perdichizzi (1981) have shown that if these conditions are not met, the

efficiency of an optimized stage, i.e. a stage with D, and all geometri- ]

cal parameters optimized for maximum efficiency, depends not only on n,, |

but also on:

o the size parameter SP=V3;3/Ah}.25, which accounts for scale effects
¢ the volumetric flow ratio V. /V,, which accounts for compressibility
effects
As pointed out in Par. 2.2.2.10, in gas turbine stages the effects of

compressibility on maximum attainable efficiencies are negligible
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because the volumetric flow ratio V., /Vi, is small — typically 1.5-2;
besides Fig. 2.12, this is apparent from Fig. 4.2, which shows that for
Vout/Vin < 2 the optimum n, and the maximum attainable efficiency
essentially depend only on SP, This dqes not mean that the flow is

incompressible. It means that the variations of volumetric flow and

Mach numbers between the stage inlet and outlet do not produce signifi-

cant efficiency variations with respect to machines handling incom-

pressible flow.

On the contrary, scale effects cause relevant efficiency variations.
Small turbines have poorer performances because — due to manufacturing
constraints — blade dimensions, trailing edge thicknesses and tip
clearances cannot go below cer;ain limits, thus preventing from
maintaining geometrical similarity. In cooled engines this effect is

much stronger because of: (i) bigger and thicker blades necessary to

house the cooling channels; (ii) larger trailing edge thickmesses to

allow for coolant ejection holes®; (iii) larger tip clearances to allow

for greater thermal expansions®™.

Problems related to the design of small, cooled, axial-flow turbines

are the subject of a number of experimental programs carried out by
NASA, Pratt&Whitney and others (see Due, Easterling and Haas, 1977 for

an overview).

*

The loss due to higher trailing edge thickness is partially
compensated by the kinetic energy of the ejected coolant.

" Liess (1969) .reports that discharge of cooling air from the
blade tip reduces the "effective" tip clearance and can have beneficial
effects on efficiency. Still, tip clearance losses of cooled engines
are likely to be larger than for uncooled engines,
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4.4,2 Other factors

Turbine efficiency is limited not only by manufacturing capabili-
ties. Mechanical constraints pose limits on the maximum peripheral
velocity - to limit centrifugal stresses — and on the blade shape - to
ease vibration and fatigue problems. Economic considerations' push
toward reducing the number of stages and the number of blades of each

cascade. Again, all these constraints are more compelling in highly

cooled engines,

4.4.3 Actual determinants of effiziency

Due to the considerations above, the ideal situation predicted by
the Balje charts is far from reality. Even assuming that the geometry

of real gas turbine stages is actually optimized for maximum efficien-

cy®, such efficiency still is a function of:

¢ rotational speed
s size parameter SP

¢ manufacturing, mechanical, economic constraints

Moreover, it must be noticed that: (i) the choice of w has to account
for compressor requirements; (ii) in a multi-stage turbine, efficiency

also depends on the distribution of Ah;, among stages and the number of

shafts*™,

* Although efficiency maximization is certainly a sensible choice,
other relevant optimization criteria could be the minimization of
specific cost ($/kW) or specific weight (kg/kW). Moreover, it must be
noticed that there is a substantial difference between maximizing the

efficiency of a single stage and maximizing the efficiency of a whole
multi-stage engine.

** Shafts constrain the variation of rotational speed from HP to
LP stages.
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4.5 Detailed estimates for turbine stages

The objective of this parag{:aph is to prove that for operating
conditions typical of commercial gas turbines the influence of SP on g,
is larger than that of n,. Then, as long as we want to represent n, as
a function of_ only one variable, the best choice 15 n=F£(SE). The
introduction of a two-variable function n=£(SP,n,) would certainly be
better, but would add to the already high number of parameters to be

calibrated (see Ch. 7).

4,5.1 n, vs, SP for commercial engines

Fig. 4.3 reports the specific speed and the size parameter SP for
the first and last stages of the "current generation" of turbines
listed in Tab. C.1 (the ones markeci with an asterisk in the first
leftward column of the table). While for both first and last stages SP

varies of almost an order of magnitude, the corresponding variation of

n, is less than a factor of two. This suggests that, after all, scale
effects and constraints do not influence much the choice of n,, and that
it is generally possible to choose a nearly-optimal distribution of

specific speeds among turbine stages. According to Macchi and Perdi-

chizzi (1981) the optimum specific speed of a single-stage turbine is
in the range 0.75-0.95 (the higher values corresponding to lower SP).

However, when more than one stage is mounted on the same shaft, a

compromise must be realized among the optimum speed of each stage.
High-pressure stages are typically designed for n, lower than optimum,
while the opposite is true for low-pressure stages. In view of this
consideration, the data in Fig. 4.3, strongly support the presumption

that the specific spéed of commercial turbines is generally fairly

R e
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close to the optimum for maximum efficiency.
4.5.2 Optimization

In order to show the relevance of n,, SP and geometric constraints,
calculations have been performed with an efficiency-maximization
procedure developed by Lozza, Macchi and Perdichizzi (‘1982). The
program searches for the maximum turbine efficiency by repeating at
each iteration the mean-line design and then calculating losses
according to the set of correlations proposed by Craig and Coi (1971),
possibly the most accredited method now available for turbine efficien-
cy predictions. The design of each stage depends on 9 independent
variables (load factor, degree of reaction, stator and rotor discharge
angles, etc.) and is subject to the constraints listed in Tab. 4.1,
Although the code does mot handle blade cooling, the resulting qualita-
tive behaviour of n, is also representative of cooled stages. Notice
that several of the constraints listed in Tab. 4.1 never bind the
optimal solution: they are used to "guide" the optimization process
along a path of plausible solutions, thus reducing computing time.

For the sake of simplicity, it is assumed that the enthalpy drop of
each stage has already been determined and refer to one single stage;
consequently, the absolute values appearing in Fig. 4.4 and 4.5 cannot
be translated directly to multi-stage turbines. The calculations have
been performed for conditions typical of the first high-pressure and
the last low-pressure stage of advanced, heavily-cooled engines. In the
former case we have analyzed the influence of SP for n,=0.35, 0.4 and
0.5; in the latter ne=0.9, 1.0 and 1.6. As shown in Fig. 4.3, such
values of n, apﬁroxima_tely correspond to the minimum, median and maximum

values encountered in commercial engines. As illustrated in Tab. 4.1,
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calculations have been perfomed for two sets of constraints: the first
(constraints A) is meant to represent uncooled "unconstrained", stages;

the second (constraints B) suffers the consequences of high temperature

and blade cooling, 1i.e.:
o Larger chord and trailing-edge thickness to accomodate the cdoling
system, )

o Larger minimum radial clearance to account for larger thermal expan-
sions.

o Smaller degree of reaction, to achieve higher gas AT within fewer
stages.

For LP stages, which are likely to be uncooled anyway, the constraint

on the degree of reaction has been neglected, while the one on the

minimum trailing-edge thickness' has been relaxed (see notes in

Tab. 4.1). The constraints on the maximum number of blades reflects

economic considerations; the ones on c,/D, are based on typical values

adopted in actual turbines.

4,5.3 n, vs. SP for optimized stages

Fig. 4.4 shows that for the range of n, adopted in commercial engines
scale effects are likely to be much more relevant than the ones of
rotational speed. For HP stages (curves with n,=0.35, 0.4, 0.5), if the
effect of n, is neglected — assuming, say, an average ng=0.4 - the
maximum error on n, is around 1 percentage point; instead, if we neglect
the effect of size — assuming, say, an average SP=0.35 ~ the error on
n, can be as high as 5 percentage points. Similar conclusions can be
drawn for low-pressure stages, although in that case the relevance of
SP vs. n, appears lower.

For the range of SP and typical constraints encountered in practical

applications 5, is an ever-increasing function of SP; however, at

’“L&aﬁ

v
4
A
5
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mpti intai r
W =29 kg/kmol, y = 1.33
rotor unshrouded, with disk®
stator inlet angle = 90°
Dogator = Dip,rotor
wotorin = 1:1*Hygaior o
suction-side curvature (downstream the throat)® = 1-10°
surface roughness = 2-10°
(stator-rotor clearance)/(axial chord) = 0.02
(tip clearance)/D,,, = 5-10*
(trailing-edge thickness)/throat = 0.05
peripheral velocity < 420 m/s
relative Mach rotor inlet <08
relative Mach rotor outlet <14
HD,, <0.25
Hmtor out/Hm!or in s L5 N
15 < Ah/@?2) <6
10 < number of blades < 300 (both stator and rotor)
0.225 < throat/(blade spacing)® < 0.866 ( " )
0.1 < throat/(axial chord) < 1.0 ( " )
10 mm < throat <100mm ( " )
0° < flaring angle < 15° ( " )
Assumptions for; n,=035,0405 1n,=091.0.16
Ty 1200°C 700°C
Py , 25 bar 2.0 bar
Py/P, 2.25 2.0
ah, . 310 ki/kg 178 kl/kg
Re 106 0.5-10°
i
Assumptions for; constraints A constraints B
min max min max :
degree of reaction 0.0 0.8 0.0 0.24 or 0.8° !
(stator axial chord)/D,, 0.03 0.20 0.05 0.20 1
(rotor axial chord)/D,, 0.03 0.20 0.04 0.20 ,
axial chord, mm 20.0 200. 40.0 200. !
min trailing-edge thickness, mm 0.5 2.0%0r 1.0° :
min tip clearance, mm 0.5 1.0 1
&  disks might be absent, with blades mounted directly on the shaft
b blade curvature affects supersonic expansion losses
€ ie. discharge angle between 13° and 60°
¢ forn,=0.35, 04, 0.5
¢ forn,=09, 1.0, 1.6

Table 4.1 Assumptio.ns adopted for the evaluation of the influence of
n, and SP on n.
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constant n, the function 15.(SP) will always have a maximum because:
- at low SP, 5, is low due to the greater relative importance of
finite thicknesses and clearances;

- at high SP, some constraint will eventually intervene to limit
the growth of n,, most likely the one on the maximum absolute

axial chord.
The constraint on H/D, has been introduced because the calculation
procedure does not account for radial variations, and its applicability
beyond H/D,=0.25 would be unrealistic*; for very high H/D, efficiency
tends to décrease due to the difficulty of optimizing radial blade
profile variations. In actual gas turbines H/D, is rarely greater than
0.25. Values up to 0.35 can be found in the last LP stages of steam

turbines for large nuclear plants.

4.5,3,1 Comparison with calibration results

If we want to describe the behaviour of the turbine efficiency as a
function of SP only, such function should be somewhere in between the
two dashed lines of Fig. 4.5, approaching the one for n,=0.4 at low SP,
and the one for n,=1 at high SP. Qualitatively, this situation is
confirmed by the line resulting from the calibration discussed in
Ch. 7, although such line is not as steep as we would expect from the
results for fully optimized stages*. Fig. 4.5 suggests that the
correlation resulting from the model calibration tends to overestimate

the efficiency of HP stages and to underestimate that of LP stages.

* For high H/D, it is necessary to resort to "through-flow", quasi-
3D procedures, whereby the flow is solved in the meridional plane
containing the turbine axis (see Par. 2.2.2.8).

™ Notice that the efficiency represented by the thick dash-dot
line is static-to-static, while the other lines represent total-to-
total efficiencies. However, for one stage fop-tot™Nst-st» bDecause the

difference between inlet and outlet absolute velocity is generally
small.
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Although more experimental data are needed to verify this 'conjeccure'.
this situation appears totally coherent with the exclusion of n, from -
the correlation for #,. In fact, stages with the same SP will exhibit
different efficiencies depending on their n,: HP stages (lower n,) will

have lower efficiency than LP stages (higher n,).

4.5.4 Influence of peometric constraints

Fig. 4.5 depicts the influence of constraints, and shows that the
penalties imposed by the presence of the cooling system — particularly
at small scale —can be quite substantial. At large scale 'and high n, ‘
such effects obviously tend to disappear because in those conditions
none of them can be binding. For example, at ng~1.0, SP=1.5 and con-
straints B, the optimization procedure gives (in meters) D =2.09,
e=0,235, H=0.432, a situation for which the constraints on the minimum
trailing-edge thickness and tip clerance are clearly irrelevant. It

must. be noticed that besides lower efficiencies cooled stages also

suffer mixing losses, which are accounted for separately as illustrated

in Par. 3.8.

4,5.4.1 Comparison with commercial engines - -

Fig. 4.6 and 4.7 depict the trends of some of the geometric parame-
ters utilized to determine heat transfer areas (see Appendix A).
Comparing the data in the figures with the ones in Tab. Al it can be

observed that:

- The specific diameter adopted in the first stage of actual
engines appears to be 10-15% lower than optimum. The reason might
be due to compressor requirements or to weight, compactness, and
economic considerations.

- As a consequence of lower-than-optimum specific diameters, actual
engines exhibit higher-than-optimum blade heights. This statement
applies particularly to large single-shaft heavy-duties, while

22
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multi-shaft aero-derivatives have H/D, closer to the optimum
predicted by Fig. 4.6.

- Solidities adopted in cooled engines are lower than the ones for

optimum aerodynamic performance. The trade-off between efficiency
and heat transfer area is evident.

- Probably due to mechanical and/orlstructural considerations, the
ratios c¢,/D, adopted in practice are higher than optimum.

.

Overall, the assumptions of Dg=3.25, (H/D;)¢=0.08, o=1.25 and ¢,/D;=0.055

agree reasonably well with the prediction of the optimization code.
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4.6 Turbine efficiency functional dependence

Provided that the influence of SP on the efficiency of actual gas
turbines stages is much larger than the one of n,, 5, can be represent-

ed as a function of SP only. We emphasize that this does not mean that

the rotational speed is of minor importance, but that since for actual

engines the specific speed of corresponding stages® is approximately

the same, size becomes the major factor. Based on the qualitative
behaviour shown in Fig. 4.4 and 4.5, it is assumed that turbine
efficiency is a parabolic function of log;o(SP), i.e.:
ot = Mp,ea (13- [by-10gya(SP)]?) for SP = 10°t
(4.5)
Np,t ™ Np,to for SP = 10
where ny o is the value of p, . reached for "large" SP=10°. Since the

constraints and the detailed design criteria used for actual gas

turbines are unknown, 7y ., 8 and b, cannot be determined theoretical-
ly: average values giving good agreement with the performance of
commercial engines have been determined through the calibration

discussed in Ch. 7.
4.6.1 Definition of local SP

The efficiency given by Eq.(4.5) and the size parameter SP are
properly defined only for one stage. Their definition is extended to a
continuous expansion by assuming that the local 7, of each step is

still given by Eq.(4.5) provided that:

0.5 0.25
SP = V /Ahm

* "Corresponding" refers to high-, intermediate-, low-pressure
stages.

22
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where V is the local volumetric flow and Ah;, is the current stage

enthalpy drop, calculated as described in Par. 3.6. Using this local SP

corresponds to smoothing the variations of 75,, from one stage to

another as depicted in Fig. 4.8,
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4.7 Extension to compressors

Similarly to turbines, Fig. 4.9 shows that also for compressors the
variations of SP encountered in commercial gas turbines are much larger
than the variations of n,, suggesting that scale effects and constraints

do not dramatically influence the choice of the rotacional speed.

The values of n, in Fig. 4.9 compare well with the Balje chart in

Fig. 4.10. The chart appears® to confirm that also for compressors HP

stages run at speeds lower than optimum, while the specific speed of
low-pressure stages approximately falls in the region _ of maximum
efficiency. The figure also shows that the sensitivity of g, to n, does a
not appear to be larger than it is for turbines, so that neglecting the
effect of n, on n. appears coherent with the same assumption already
made for the turbine. Again, it does not mean that n, is irrelevant, but
that since correspondent (low-, high-pressure) compressor stages

operate in a relatively narrow range of n,, size becomes the major

factor in determining n, .. Further work is needed to confirm the

correspondence between turbine and compressor scale effects.

Based on these considerations it is assumed that also for compres-

sors efficiency is only a function of the size parameter SP=Vj’/ah{;% i

and that the functional dependence is the same:

fp,c = Mp,c,at (L-ag: [be-Logy(SP)]2) for SP < 10°
(4.6)
fp,e = Mp,c, for SP = 10bc

As for the turbine, the determination of average values of 5y . o, 8, and

b, capable of predicting the performance of actual gas turbine compres-

* Caution must be exercised in interpreting the chart, because

several underlying hypotheses may not be actually verified.
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sors is addressed in Ch. 6. Similarly to Eq.(3.2), the average compres-

sor efficiency is dete'rminedgs:A

%p.c=fn Mp,c (SP) - dSP/ (SPg 1n~5Pc, gut) %.7
4,7.1 Q_i,st;; hug_ ion of compressor enthalpy drops '

The enthalpy drop used for the evaluation of. SP;, and SP,, can be

calculated according to the same four options described in Par. 3.6 for

the turbine:

1) Constant g*'% and given number of stages s
2) Constant f™% and given AhTE
3) Constant Ah}*® and given number of stages

4) Constant Ahj:® and given Ah::fmu

The last stage Vj, needed to calculate SP,, and the reheat factor ny/ny,

needed when using options 3) or 4) are based on the efficiencies

calculated at the previous iteration.
Unlike for the turbine, the choice of the compréssor design option

has essentially no effect on cooling flows*; thus, such choice affects

only ny ., with minor effects on performance predictionms.

4.7.2 Number of compressor stages !

In the HP turbine, the need for cooling drives toward higher Ah in
order to reduce T, faster, thus making constant-g%8 designs attractive.
On the other hand, constant-Ah;, designs give a better distribution of

stage aerodynamic loads and are more likely for the compressor. For

* A very small second-order effect is the variation of coolant

temperature — and thus cooling flow — due to variations of compressor
efficiency.

Iieproduced with permission of the copyright owner. Further reproduction prohibited without permission.



S. Consonni - 4.19

this reason, the calibration of Ch. 7 and the test cases presented in
Ch. 10 have been performed using option 3) — when the number of stages

was known — or otherwise option 4) with Ah,,=30 ki/kg (aero-deriva-

tives) or 20 kJ/kg (heavy-duties).
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NOMENCLATURE
‘a,b Coefficients of functions np(SP) (see Egs.4.5 and 4.6)
c Blade chord [m]
c, ‘Blade axial chord [m] . i
D, Stage mean diameter . [m] i
D, Specific diameter !
h Specific enthalpy . {I/kg)
H Blade height . [m]
n, Specific speed . o
P Pressure [Pa) :
Re Reynolds number o :
SP Turbomachinery size parameter [m}]
T Temperature [K]
u Blade peripheral speed [m/s]
v Velocity o m/s]
v Volumetric flow rate [m¥/s]
W Molecular weight [kg/kmol]
Greek S AR
B Pressure ratio (compressors, >1); expansion ratio (turbines, <1)
> Ratio c/ec,
Ah Enthalpy drop (or rise) [J/kg]
n Efficiency
p Density [kg/m?)
4 Solidity, chord/pitch
Subscripts
Compressor

c
dif Diffuser !
g - Hot gas !

i
in Inlet
is Isoentropic
nz Nozzle

opt Optimum \
out Outlet
P Polytropic

st Static conditions

t Turbine

tot Total conditions

0 Stage inlet

© Refers to large SP, i.e. no more scale effects (Eqs. 4.5 and 4.6)
Superscripts

stg Stage

]
i
Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.



Princeton MAE Ph.D. 1893.T - Figures Chp. &
FIGURES
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. ngd, diagram for turbines calculated for minimum loss coeflicients .. |

4,1 n,-D, diagrams for turbines calculated for minimum loss
coefficients (after Binsley and Balje, 1968).
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4,2 Efficiency predictions for a turbine stage at optimum
" specific speed (upper diagram) and optimum specific speed

vs. V0:3/ph);%=SP and V., /Vy, (lower diagram, after Macchi

and Perdichizzi, 1981). nyg=total-to-static efficiency and
Ng=n,/2x. As long as Vou/Vin < 2, both ng oy and g, essen-
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Similarity Parameters
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A First stage, O Last stage ul |

N 2 3 4 5 6.7 891 2 |
» Size parameter SP {m]

4.3 Specific speed n; and size parameter SP of the first amd
last stage of axial (both compressor and turbine) engines.
The numbers at each point identify the turbines listed in
Table C.1; some have been excluded due to lack of informa-
tion about the HP-shaft RPM. The pressure at the first
stage exit and at the last stage inlet have been calculated
by assuming that:

a) all cooled stages mounted on the same shaft have the
same expansion ratio

b) all uncooled stages mounted on the same shaft have the
same isoentropic enthalpy drop .

c) the HP turbine power of multi-shaft engines equals the
HP compressor power

3

Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.



S. Consonni - Figures Chp. 4

. Optimized turbine efficiency -

% Constrainis B
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4 =
// /7
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N 7

Total-to-total polytropic efficiency

80 [0~ n3=035  1O-n8=0.4 ;-v-n8eQ5 X~ Ns909 | ~@-ngel; - nsslf 'i
R 2 3 4 5 6.7.891 2 f
Size Parameter SP 'e

4.4 Optimized stage total-to-total efficiency as predicted by
the model of Lozza, Macchi and Perdichizzi (1982) under the
assumptions listed in Tab. 4.1 (constraints B).

L

Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.

e s




Princeton MAE Ph.D. 1893-T - Figures Chp. &

Optimized turbine efficiency
Solld lines constraints A - Daghed lines constraints B :
Thick fines as resuiting from calibration L ;

96 ,
> . /l!'rf ................... AR
& o L
K-} Q/T” """"""
3 92 . ..’#,:I_l_.'_'-
2 9 -
e — | |
ER EP S
g /A V"‘/ A_.
T 68 > ,
8 e |
1 g o4 =
3] 82 |
o ‘
" | v-ns=0.4 -o-ns=1 ,
1 2 3 4 5 6.78.91 2 i
Size Parameter SP :

4.5 - Influence of constraints on optimized stage total-to-total
efficiency. The thick lines represent the static-to-static
efficiency of "current" (solid line) and state-of-the-art
(dash-dot line) turbines as resulting from the calibration
carried out in Ch. 7.
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Optimized Ds and stator H/Dm at ns=0.4
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Solid lines constraints A - Dashed lines constraints B

| —a- Ds et —0~ H/Dm (right)

- &4

5

6 7 8.9 1
Size Parameter SP
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4

Stator H/Dm, %

Optimized specific diameter and H/D, for conditions typical

of high-pressure turbine stages.
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. Optimized solidity and ca/Dm at ns=0.4
Cot Constraints B ‘
- Solld lines stator - Dashed lines rotor
| —a— Solidty (left) 0 ca/Dm (ight)

25 25
2 20
P~
NG Py A o : °\° / /
g 15 ; M A A s E
> 8
Q
3 1 N 10 E
é .
—f 5
5 — th— N
0 ] ‘
: A 2 3 4 S5 6 .7‘.8 91
: ' Size Parameter SP

4.7 Optimized solidity and c,/D, for conditions typical of high-
pressure turbine stages. For SF>0.3 the optimum solution is
binded by the constraints on the minimum [ 974 B%
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A
¥ 7
’/
7”7
P
g
-
7/
7/
l 7 l
: 7/ |
: 7 '
z / 1
1st 2nd 3rd ;
stage stage stage

Axiél distance from turbine inlet

4.8 Variationms of n, ... The solid discontinuous line represents

.the efficiencies calculated from the function n, . (SP) using
the definition of "stage" SP, i.e. V3;i/Ah};2°. The dashed
continuous line represents the efficiencies calculated from
the same function n, .(SP) using the definition of "local®

SP, i.e. V%-5/aAh{;?5. The two lines must obviously meet at
the stage exit, where V=V,,.
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Similarity Parameters
Compressor ns vs. SP
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Size parameter SP [m)
SP of first and last compressor stages of axial gas

ng vs.
" turbines (the same already considered for Fig. 4.3). The
numbers at each.point identify the turbines listed in Table
C.1. SP and the volumetric flow at last stage inlet have
been calculated by assuming that all stages mounted on the
same shaft have the same Ah,.
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4.10 Single-stage axial compressor n,-D, diagram as given by
Balje (1981).

Calculated n.d, diagram for single-stage axial machines.
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5. BLADE COOLING

This Chapter deals with the evaluation of gas turbine blade cooling
flows. Aft{et a review of cooling technologies in Par. 5.1, Pars. 5.2
and 5.3 illustrate the scheme for the calculation of convection and
film cooling flows to be used in conjunction with the model of Ch. 3.
The two basic features of this blade cooling model are :.

s The characteristicgs c;f blade cooling technology are specified by
means of two parameters: one to describe the "quality" of convection

heat transfer inside the blade and another to describe the "quality"

of film cooling. These two parameters need to be calibrated with
experimental data.

o It is possible to account for variations of: (i) gas and coolant
thermo-physical properties (c,, Pr, p, W); (ii) gas and coolant
thexrmodynamic conditions (T, P); (iii) engine size and architecture
(Re,, meridional geometry).

The Chapter closes by presenting a scheme for the calculation of
impingement cooling flows (Par. 5.4); this scheme is used to perform
comparisons with the other two technologies, but it is not integrated
with the expansion model of Ch. 3. Full-coverage film cooling and

transpiration cooling are not ahélyzed.

Pars. 5.2 to 5.4 open with a summary of the strategy followed to
model each cooling technology and close with results showing the
influence of the most significant variables. Due to space limitationms,
the systematlc investigation of the merits of the cooling model is not
performed here; results are meant primarily to illustrate the capabili-
ties of the model and — if applicable — to support tﬂe outcome of the
calibration of Ch. 7. Notice that the results for convection and film
cooling (Pars. 5.2.8 and 5.3.7) have been produced by the same subrou-

tine Gsed to calculate the turbine expansion described in Ch. 3.
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5,1 Overview of blade cooling technology

Since the appearance of the first gas turbine engines in the late
40s, blade cooling has undergone tremendous developments. Although the
maximum operating temperature of super-alloys has also improved

remarkably (Fig. 5.1), most of the increases in t:m:l::i.ue~ inlet tempera-

ture must be ascribed to fmproved cooling capabilities (Fig. 5.2). This

paragraph briefly reviews the status of blade cooling technology.

5.,1,1 Cooling methods

To satisfy the demand for increasing operating temperatures, blade 4oyt
cooling has evolved through a variety of different techniques: examples
are illustrated in Fig. 5.3, while Fig. 5.4 11lustrates the evolution

of the schemes adopted in Rolls-Royce turbines. The design concept of

a modern cooled blade includes an elaborate combination of enhanced
convection, impingement and film.cooling (Fig. 5.5). Together with

: improved performances, this sophisticated technology has brought about \

increased complexity and cost: design and testing of state-of-the-art !

blades might require years, at a cost which can be higher than US$ i

2,500 per blade (Mom and Boogers, 1986). In the following I will

briefly describe the features of the techniques already in use and the ;

ones under study.

5.1.1.1 Convection cooling

Convection cooling is the simplest and still the most widely used
technique, whereby the blade acts as a convent:iénal heat exchanger. The
coolgnt flowing inside the blade picks up heat conducted by the wall
and is eventally discharged into the hot gas through orifices at the

blade tip or at the trailing edge (in closcd-loop systems like the ones
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examined by Stambler, 1989, the coolant would remain segregated from

the gas). Although other methods are now used in many applications,

they alwayé coexist with some form of convection cooling.

5.1,1.2 Film cooling

In film cooling the coolant is ejected through slots or holes in the

blade wall so as to establish-a film of relatively cool air on the
outer surface of the blade. The distinctive feature of film cooling is
a reduction of thermal power exchanged to maintain a given blade metal

temperature”. The cool film on the outer blade surface creates a shield

"protecting” thé blade from the hot gas, thus reducing the AT driving Y
the gas-side heat transfer., As shown in Par. 5.3.7, coolant flow

requirements can be reduced by a factor of 10 or more over convection

cooling. Film cooling is now adopted in almost all commercial gas

turbines: in heavy-duty units it is always limited to the first nozzle,

while in aero-derivatives it is used also downstream.

Aside from thermal and fluidynamic aspects, the construction of film
cooled blades is particularly demanding because holes and slots
(i) enhance oxidation and are subject to vibration and fatigue fail-
ures; (ii) should not impair the blade mechanical integrity nor create i
| strong fluidynamic disturbances. The latter drives toward a very high 5
number of miniature holes, which are difficult and costly to manufac-

ture (laser drilling is now helping to alleviate the problem).

5.1.1.3 Impingement cooling

Impingement cooling, a variation of convection cooling, is used to

achieve high local heat transfer and moxe uniform temperature distzibu-

* The thermal power transferred to the blade can actually be

reduced also by TBC coatings (see 5.2.7).
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tions by directing jets of coolant against the imner surface of the
blade wall. As in convection cooling, the thermal power to be exchanged
is fixed by the gas-side conditions and the temperature difference
(Tgr—Tiex) . The results presented in Par. 5.4 show that coolant flow

requirements are comparable, if not higher, than in convection syst;ems.

5,1,1,4 Full-coverage film cooling

Full-coverage film cooling is an extreme form of film cooling
vwhereby a film covering the whole blade surface is created by injecting
the coolant through a very high number of small closely-spaced holes.
Due to strong interaction among the film cooling jets, the thermo-
fluidynamics of this configuration are substantially different from
those where only a few coolant injection sites are used (Hempel and
Friedrich, 1978). 1Its performances are somewhere in between film

cooling and transpiration cooling.

5,1,1,5 Transpiration cooling

Transpiration cooling is acbbmplished by manufacturing the blade
wall as a porous matrix. The coolant transpires uniformly across the
porous wall, cooling it as well as reducing the gas-side heat transfer
coefficient. For a given cooling flow, transpiration cooling yields the
maximum reduction of thermal power transferred to the blade. Its heat
transfer perfomances set an upper bound on all blade cooling technolo-
gies. According to Livinghood, Ellerbrock and Kaufman (1971), the main
problem preventing actual implementation is the susceptibility of the
porous materials to flow restriction due to oxidation, Once significant
oxida.tion starts, the metal temperature rises and further accelerates
the oxidation and flow restriction processes. The coolant flow can be

completely obstructed in a few hundreds of hours of operation. Increas-
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ing the pore size would alleviate the problem but involves departure
from ideal transpiration and a possible reduction in cooling effective-
ness. Although it is still the subject of research, in the short to
medium term the actual implementation of transpiration cooling appears

unlikely.

5.1,2 Alternative cooling fluids

In recent years many papers have analyzed the use of steam and water
as alternative cooling fluids. Obviously, this is feasible only for
stationary turbines, where the added weight and complication of the
water supply system and the boiler are not major drawbacks. They appear
most interesting for application in Gas/Steam Cycles, where water and
steam would be present anyway. Analyses of the impact of steam cooling
on the performances of Combined Cycles have been presented by Rice
(1982, 1983a and 1983b) and Wu and Louis (1984), while Takeya and Yasui
(1987) have considered steam cooling for a st:ea.m-injeéted reheat
turbine. Stamblexr (1989) diécuéées the potential benefits of closed-
loop steam cooling. Compared to air cooling, the appeal of water and
steam cooling comes from a number of factors:

e Due to much higher specific heat of water or steam, the flow rates
necessary to exchange a given thermal power are much smaller. The
reduction of cooling flow becomes dramatic when water evaporates
inside the blade (two-phase cooling).

e The coolant can be compressed as liquid, thereby reducing the
necessary pumping power by orders of magnitude. However, it must be
noticed that, after evaporation, the reversible work losses due to
pressure drops in the cooling circuit are comparable to those with
any other compressible coolant.

e It is easier to have low coolant temperatures at high pressure
ratios. In air-cooled engines this can be realized by cooling the
air bled from the compressor (as is the case of several heavy-duty

models produced by ABB, Fiat and Westinghouse) but it involves the
use of additional heat exchangers. With water or steam the coolant

R

Ry s IR
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temperature can be kept low, even at very high pressures, without
resorting to additional components.

e As pointed out by Han and Jenkins (1982)‘, the film cooling effec-
tiveness of steam (see definitions at Par. 5.3.2) 1s considerably
higher than for air.

e In a closed-loop scheme, whereby the coolant is not discharged into
the gas, acceleration and mixing losses are eliminated (see Ch. 8),
and the heat absorbed by the steam can be utilized in a steam
turbine. The closed-loop option is particularly interesting in a
Combined Cycle, where:the steam turbine would be present anyway.

Although very appealing and considerably studied (e.g. El-Masri and

Louis, 1978; El-Masri, Kobayashi and Louis, 1982; El-Masri,A 1§83;
Schilke and DeGeorge, 1982 and 1983), water cooling presenﬁs a series ‘
of major handica'ps: erosion and scaling of cooling channels, instabili- \
ties of the liquid-vapour mixture, strong temperature gradients within
the blade wall, high thermal stresses.

Steam cooling appears much closer to practical implementation. The

major problems with steam are: (i) need for very high purity steam;
(ii) corrosion and erosion of cooling passages; (iii) formation of

deposits and plugging of film cobiing channels and orifices. Due to its

higher corrosion potential, steam cooling will almost certainly require

the adoption of internal protective coatings, a technique already being

introduced in air-cooled aircraft engines (Mom and Boogers, 1986).
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5.1.3 Materials

The increase in operating

1950 1970

temperature of both the compres-
Aluminum alloys 24 . 6
sor and the turbine (the former Composite materials - 4

. Nickel super-alloys 10 28
brought about by higher compres- Steels 66 40
P Titanium alloys = - 22

sion ratios) has resulted :l.ﬁ

Table 5.1 Percent weight material
usage in jet engines (from Meetham,
1981). co

increasing use of super-alloys
(Tab. 5.1). According to Bradley
(1988), in 1985 super-alloys constituted about 50% of jet engines
weight, a figurt; expected to reach 60% by 1993. A super-alloy is an
alloy developed for elevated temperature service, severe mechanical
stress and resistance to hot corrosion and erosion. It generally
consists of an austenitic face-centered ;:ubic matrix phase plus a
variety of secondary phases. The basic elements are iro.n, nickel,
cobalt, and chromium, as well as lesser amounts of tungsten, molybde-
num, tantalum, niobium, titanium and aluminum. Chromium 'i.s the basic
element for hot corrosion resistance, and is present in significant
amounts in all super-alloys: however, as shown Fig. 5.6 there is a
trade-off between chromium-related corrosion resistance and temperature
capability. The potential of high-strength, low-chromium alloys can be
greatly enhanced by oxidation-resistant coatings, although reliability
and expected life of such coatings can constitute a major concern.
Recent major advances in superal}oy technology have been the introduc-
tion of directional and single-crystal solidification - whereby
mechanical properties are greatly improved by eliminating grain
boundaries - and Powder Metallurgy —which gives higher property

uniformity and manufacturing flexibility.
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The three basic issues to be remarked about the choice of gas
turbine materials are that:
¢ In the past 40 years, material temperature capability has steadily
improved, but not as fast as cooling technology.

o Blade operating temperatures are the result of a very complex design
process which is much beyond the scope of a thermodynamic ‘analysis.

e There is a trade-off between operating temperature and life,

5.1,3.1 Requirements

Given the variety of engine components and their operating. co;ldi-
tions, the requ;gements to be met by materials vary on a very broad
spectrum. A basic factor is the interaction with the operating environ-
ment: since there is generally a trade-off between high-temperature
strength apd hot corrosion resistance (Fig. 5.6), mechanical properties
alone are insufficient to identify the potential of a superalloy.
Besides tensile strength and corrosion/oxidation resistance, other

properties playing a critical role are:

e Creep/stress rupture resistance. In most instances the relationship
between stress, temperature and life can be expressed in terms of
the Larson-Miller parameter P=T:(C+log,st), where T is the tempera-
ture (Kelvin), t the time (hours) for creep/stress rupture and C a
constant depending on the material (Larson and Miller, 1952).
Experiments indicate that P is a reasonably well defined, decreasing
function of stress, with the typical behaviour depicted in Fig. 5.7.
In their original paper Larson and Miller proposed C=20, a value
which gives good accuracy for a very wide variety of materials, This
implies that, for the same stress, increasing T by 4-5% decreases
life by one order of magnitude.

o Fatigue strength. Its importance can be appreciated when considering
that, as quoted by Bradley (1988, p. 61), about 90% of all engineer-
ing structures fail because of fatigue.

Ease and cost of manufacture. Fewer processing steps and lower cost
are the main reasons for the remarkable increase in castings and
powders usage shown in Tab. 5.2.
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The most arduous requirements are

1980 1984 1989
almost always faced by rotor

Sheet 7.0 6.0 3.5
blades, which are subject to high Forging 45.3 43.1 21.4

Ring 17.2 16.7 8.2
temperature, high stress, rapid Bar 10.3 11,8 12.2

Casting 19.0 20.2. 43.6
temperature transients and highly Powder 1.2 - 2.2 11.0 |

Iy

oxidizing atmospheres. For station- Table 5.2 Evolution of percent

weight superalloy usage in jet en-
gines (Gorham International Studi-
es, 1989).

ary applications, stafé-;)f-the;arc
operating temperatures are in the
range 750-850°C (Grinling, 1979; Erbes, 1990; Sabella, 1990; a slightly
higher range can be drawn from the upper diagram in Fig. 5.2, taken
from Meetham, 1986) . Alrcraft and military engine components operate in
temperature ranges sﬁbstantially higher: about 50-100°C in civil
applications, 150°C and even more in military engines; on the other
hand, component life is decreased by at least an order of magnitude,
The critical temperature-stress condition is generally‘encounterd
around midspan because the root, although more stressed, is generally
cooler, while at the tip cem':rif{xgal stresses go to zero'. However, it
must be emphasized that stress-temperature is only one of the trade-
offs to be considered: Fig. 5.8 shows relevant criteria for rotor
blades of military jet engines. First stage vanes peak temperatures can
reach 900°C, although stresses (predominantly bending) are about 50%
lower than in rotors (Grunling, 1979). Combustion liner walls experi-

ence peak temperatures of 1000°C and mean temperatures around 800°C

* The centrifugal tensile stress at the root of a constant-cross-
section blade is 2:py-ud.(H/D;). For p,=8900 kg/m® (Nickel demsity),
;=400 m/s and H/Dy=0.10, this gives a value of about 285 MPa. From hub
to tip, centrifugal stresses decrease parabolically to zero, so at mid-
span they are likely to be in the range 50-90 MPa. Bending and shear
stresses depend on blade aerodynamic loads. According to Grunling

(1979), cooled stage vanes bending stresses are in the range 100-200
Mpa.

I?eproduced with permission of the copyright owner. Further reproduction prohibited without permission.
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(Meetham, 1981). High mechanical and thermal stresses are endured by
disks, where however the highest stresses occur in the region at the
lowest temperature (the bore). Fig. 5.9 depicts the operating ranges of
heavy-duty turbine blades reported by Grunling (1979): due to continu-

ing metallurgical progress, the situation in the figure is now probably

outdated.

5.1.3.2 cu. raig operating temperatures
Translating the data in Figs. 5.1, 5.2 and 5.6-5.9 to calculations
of gas turbine cycles is extremely difficult because in order to

quantify the maximum allowable operating temperature it is necessary to

know:

a) Stress tensor under normal operating conditions.
b) Larson-Miller parameter.

c¢) Variation of the Larson-Miller parameter with the stress tensor.
d) Influence of corrosion.

e) Influence of fatigue.

f) Influence of non-uniform temperature distributioms.
g) Influence of thermal cycling.
h) Off-design temperature and stress distributions.

Since each one of these items can be the responsible for temperature

limitations, determining the operating temperature is very involved.

5.1.3.3 Implications for cycle analyses

The brief notes above make clear that the choice of materials and
their operating temperature is extremely complex and it is much beyond
the purpose of a thermodynamic analysis. For civil applicatio.ns, the
choice is ultimately based on economic, reliability and durability

considerations. The calibration performed in Ch. 7 is based on:

Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.
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e For "average" engines, maximum nozzle and cooled turbine tempera-
tures of 800°C and 770°C, respectively.

o For state-of-the-art engines, maximum nozzle and cooled turbine i

temperatures of 830°C and 800°C. :
Since these values have the meaning of average surface temperatures,
and since temperature nonuniformities can be higher than 100°C, these

assumptions imply that peak metal temperatures can be as high as 850-

880°C.

»
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5.2 Convection cooling

Convection cooling is modeled by assuming that the turbine portion
spanned at each calculation step (Fig. 3.5) behaves like a heat

exchanger subject to the heat flux:
§ = by (T5~Tyy) ' (5.1)

where ’1‘;, is the gas recovery temperature corrected by the pattern
factor (see Par. 5.2.2.1). At eagh expansion step (Fig. 3.3), hy and T;:
are assumed constant, while the external (gas-side) blade temperature
Tpg varies according to the coolant temperature inside the blade (and
the shroud). The dependence of Ty, on coolant flow couples the gas-side
and coolant-side heat transfer, thus requiring a simultaneous solution
of the equations for both sides of the blade. The gas conditions (T, P,
composition) used to calculate the cooling flow to be injected at each
step are the ones corresponding to Point 21 of Fig. 3.3 (end of step-
wise expansion).

The next three paragraphs discuss the evaluation of the quantities
appearing in Eq.(5.1), while Pars. 5.2.4 to 5.2.6 show how to calculate
the coolant flow per step (Am,,) and the corresponding coolant-side
pressure loss. Aside from modifications of the geometrical arrangement
(number of coolant channels, their diameter, number of passes),

improvements in convection cooling can be achieved by three means:

1) Enhance coolant-side heat transfer
2) Reduce blade wall thickness

3) Apply Thermal Barrier Coatings (TBC) onto the external blade
‘surface ‘

Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.
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The implications of these options are addressed in Pars. 5.2.4.4,
5.2.4.7 and 5.2.7. Finally, Par. 5.2.8 presents results obtained with
the same subroutine used by program GS (see Ch. 9) to calculate the

turbine expansion.
5.2,1 Gas- heat transfer coe ent

Although h, undergoeé stroﬁg spanwise and chordwise variations
(Fig. 5.10), determining its local variations is much beyond the scope
of our analysis. It appears more appropriate to resort to correlations
giving the average St;, as a function of Re,. Fig. 5.1la reports a
summary of the-c'oi'relations developed by various investigators for the
cascade mean Nusselt number (Nu,) vs. the Reynolds number at the cascade
exit (Re,) . The shaded area comprising these correlations and represent-

ed in the figure corresponds to:

Ny, = K-Re0:®3 0.135 s K < 0.285 (5.2a) |

Pr does not appear because all the limes in Fig. 5.1la are based on
tests peffomed with air. Assuming that the Prandtl number dependence

is the same as for a flat plate” and that Pr,=0.7 gives:

Nu, = 1.126-K-Re,%53.Pr, /3 (5.2b)
which can also be written as:

Sty, = 1.126+K-Re,™0-%97.Pr,2/3 (5.3)

where Stp,=hg/(pg-Cp g°Vge) 1s the mean Stanton number referenced to the

cascade exit velocity v,,. Recasting Eq.(5.3) in terms of St, and Re, by

* Although it requires experimental verification, this is a fairly
common assumption in many heat transfer studies,
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noting that (Uy/v,,)=sina,, (vhere a,, is the angle formed by the cascade

exit velocity with the tangential direction, see Fig.2.l10a):
Stg = (1.126/sin%%,,) -K-Re, 037 pr,2/3 (5.4)

age 1s typically in the range 20-45°. Assuming an average vaiue Aof 30°

gives:
Sty = 1.743:K-Re,"0:37.pr,2/3 (5.5a)

For Pr,~0.7 this equation gives the shaded area depicted in Fig.' 5.11b.

Considering that:

¢ typical HP turbine values of Re, are in the range 0.2-1.5:.10%;

e both Louis, Hiraoka and El-Masri (1983) and El-Masri (1986a) assumed
Sty=constant=0.005 (independent of Re;);

¢ Measurements performed by Dunn (1985) give for St; referenced to the
stage inlet velocity the range 0.004-0,010;

e The high turbulence encountered in actual turbines should enhance
gas-side heat transfer (Louis, 1977)

it was decided to use for K a value close to the upper bound of its

range of variation, i.e. K=0,258. Consequently:
Sty = 0.45-Re"°‘37-Pr3‘2/3 (5.5b)

which for Re,=0.2-2.10% gives St,=0.0026-0.0062. The derivation of
Eq.(5.5b) makes clear that the coefficient 0.45 is rather umcertain,
and that its more precise definition definitely deserves further work.

For the HP stages of modern gas turbines, the quantities appearing

in St; are typically within the following ranges:

g Ug=500-1200 kg/n’-s  (corresponds to pg=3-6 kg/n?, Uy=150-250 m/s)

Cp.e=1.2-1.3 ki/kg-K
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Considering that higher p,-U, (i.e. high Re,) correspond to lower St
Eq.(5.5b) suggests that h, = si:,-c,,,,- pg'Ug = 3-5 kW/m?-K, a range con-
firmed by many experimental and theoretical investigations: see for

example Figs. 5.10 and 5.12,

5.2.2 Gas recovery temperature

An accurate evaluafioﬁ of T;,, accounting ‘for the effects of blade
curvature and pressure gradients, would require the solution of the
boundary-layer equations and a detailed specification of blade géome-
try"; since this is beyond the scope of the present analysis, Ty is

estimated by (Holman, 1986, p. 254):

(Tsx_T;.n.)/q,zoc"T;,sc) - Pr‘llB (5.6)

which applies to turbulent flow (Prandtl number exponent would be 1/2
for laminar flow) and where T, ., represents the averaée Tg,t0 Of
stationary and rotating cascades. Due to discontinuities of the
velocity relative to the blade, in an actual engine Tg,tot Vvaries
discontinuously as illustrated in Fig. 5.13; in the cooled turbine

section such discontinuities are "smoothed" by using in Eq. (5.6):

Tg,f.ot. - Tg,n + [(Ts,eot-T .lt.)nz"'(T;,toc’T;.u)ct.]/z (5.7)

where T, , 1is the static temperature before mixing (point 2i of

Fig. 3.3); (Tg,cot—Tg,st)nz is the static-to-total AT corresponding to the

* At low-Mach numbers (M < 0.2-0.3) the difference between Ty, st
Tg,tor and T, is negligible. However, at higher speeds the conversion of
kinetic into thermal energy taking place within the boundary layer
causes significant temperature increases. If the gas deceleration were
adiabatic, Ty, would equal T, ;. ; however, such temperature can never be
reached because the temperature gradient within the boundary layer

generates a heat flux from the boundary layer itself toward the
mainstream flow.
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> s

velocity v, ;, at the first nozzle exit; (TS,,°,¥T5,,;)‘,= is the static-to-

total AT corresponding to velocity v, .. (see Figs. 3.3 and 3.4). Notice

that the temperature used in nozzle is the actual Ty, and that in the

cooled turbine (T, :o1—T,,.) 18 constant, This procedure produces for

ety AA T N A

T,.tot the profile shown in Fig. 5.13; the line indicated as "Model T, ,." :

is the outcome of the step-by-step process portrayed in Fig. 3.3.

5.,2.2.1 Pattern factor i

Due to incomplete mixing, the temperature of the hot gases exiting '

the combustor is far from being uniform. The difference between peak
and average gas temperatures can be accounted for by a pattern factor

defined as (Lefebvre, 1983, p. 142; El-Masri, 1988):

A = (T4, peac—Tg,avg) /8T can (5.8)

where AT.y is the combustor temperature rise based on the hyﬁot:hesis of

complete mixing. X depends on the combustor design (it is generally |

lower for annular combustors) and, due to mixing inside the turbine, it i

decreases rapidly after the nozzle, In order to insure an adequate
safety margin, the design of the cooling system is likely to be based

-
on the peak recovery temperature T, rather than its average:

Ty, = Tge + AT (5.9) @

where T, is given by Eq.(5.6) and, similarly to El-Masri. (1988), A is

set to:

A = 0,10 in the first nozzle
A = 0.03 in the cooled turbine

All calculations of Ch., 7 and 10 have been performed by substituting T;:

for T, (and 1, =T, /Ty for 7,.); in other words, cooling flows are
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estimated as if the gas temperature were '1‘;! rather than T,,. It must be
emphasized that — especially for the mnozzle where A~0.10 - this
assumption- has a rather important effect on cooling flow (see also

sensitivity analysis of Par. 7.4).

5.2,3 Blade temperature

The gas-side blade Eemperai:ure is a very complex function of
geometry and flow conditions. To reduce thermal stresses it would be
desirable to maintain constant T,; over the whole blade surface;
however, this can never be achieved because:

¢ There are always very strong chordwise variations of h,. The typical
behaviour depicted in Fig. 5.10 shows the much higher values ob-
tained at the leading edge and at the transition from laminar to
turbulent boundary layer.

o In correspondence of the coolant chamnels inlet, where the coolant
is at its lowest temperature, Tp; is inevitably lower than at the
channels outlet. This behavior is confirmed by Figs. 5.14, 5.15, and
5,16, showing that in the region close to the coolant entrance
(blade hub in Figs. 5.14 and 5.15, vane tip in Fig. 5.16) T}, can be
100-150°C lower than at the coolant exit.

A detailed description of the temperature field at the blade surface
can be obtained only through elaborate 2-D or 3-D computations. On the
other hand, while assuming that at each calculation step T, and h, are
constant appears reasonable, assuming that Ty, is also constant would
completely uncouple gas-side and coolant-side heat transfer, concealing
the fact that achieving Ty =<T),, depends on both internal and external
heat transfer. The situation is illustrated in Fig. 5.17: although the
blade geometry is much more complex than the single tube considered in
the figure, the behaviour of the wall temperature is similar., For a

given geometry, the maximum wall temperature reached at the coolant

exit will depend on mgy, T, and Tg 4, by and h,, where h, is a
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function of mgy,. I will deal with the variations of Ty, by proceeding

as follows:

1) St:ipula.te the cooling channels geometry. ’ :
2) Assume that along the cooling channel Ty, is variable.

3) Calculate the value of mgy, giving Tp,=Tin at the end of the cooling
channel. -

4) Calculate the coolant-side pressure drop AP, required by mg,.

e i 2 e f AR A b v SR

The limit on Ty; should be verified where the stress-temperature
relation is most critical, which for rotor blades typically occurs at
mid-span. Assumption 3) guarantees that Tp,=<T),, everywhere, and is
therefore conservative. If AP, exceeds the maximum allowed value, then
there is no solution, because if we reduced m; in order to meet the

constraint on AP.; we would increase AT and therefore the maximum Ty,.

5,2,.4 The blade as a heat exchanger

I will now show that, aside from the gas and coolant conditions, the
x . cooling flow required to achievé Tys<Tyax depends on a single parameter
representative of convection cooling téchﬁology. This is accomplished ’
: by assuming that the blade behaves like a crossflow heat exchanger
| constituted of a tube bundle, with the thermal capacity of the hot j

fluid much larger than the one of the cold fluid (Fig. 5.18). The

schematization is essentially an extension of the one presented by
Ainley (1957), who however did not consider: (i) heat resistance of
blade wall; (ii) multi-pass cooling channels; (iii) coolant-side heat
transfer augmentation. On the other hand, unlike Ainley I will not

calculate the spanwise temperature distribution.
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5.2.46,1 Assumptions

The parallel between blades and heat exchangers is established by

means of five assumptions:

1) Within each blade there are n, cooling channels with hydraulic
diameter d, shape factor ¢y, each consisting of n, passes.
d=(4-A)/(periphery) and  Pg~(periphery)/(=x-d), thus; giving
A=py-n-d%/4, - Po~1 for circular channels, greater for all other
shapes. Each pass goes from hub to tip and has a length equal to the
blade height H. The cross-section of each blade will have ng'n,
"holes" (Fig. 5.18).

2) The total cross-section of the "holes" inside the blade is a con-
stant fraction of the chord squared, i.e.

Nep Ny (Pa e dz/‘*) - ay-c? (5.10)

where o, is a constant. Since the average blade thickness" 1is
typically around [0.10-0.15]-c, a reasonable range for a;, will be
0.04-0.10, This assumption implies that there can be either few
large or many small cooling channels.

3) Due to interference among adjacent cooling channels, the "effective"
heat transfer area of each channel is reduced by a factor ;. In
practice, interference will be different for each channel, but its
proper evaluation would require a full 3-D analysis. y; is somewhat
similar to the fin efficiency defined for extended-surface heat i
exchangers: both parameters testify to the impossibility of effec- i

' tively utilizing the whole heat transfer surface.

i 4) The ratio between the blades+shrouds coolant flow (m.,) and the
coolant flow for the blades equals the ratio a, between the area wet !
by the gas and the blade surface. This is like saying that cooling
the blades and the shrouds is totally equivalent and that blade and
; shroud cooling flows follow separate, equivalent paths. mgy is
} calculated based only on what takes place into the blades, disre-
i garding the shrouds. Notice that a, (see Eq. A.1) is rarely larger
: than 1.3-1.4: thus, the shroud surface (and cooling flow) is always i
much smaller than the one of the blade.

5) The ratio between the coolant flow Amg, of the portion spanned at
each step (Fig. 3.5) and the flow m; for the whole cascade equals

the ratio between the length of such portion and the blade chord,
i.e.:

Amey, /By, = Ac/c (5.11)

This is like saying that the coolant flow is uniformly distributed
along the blade chord.

‘ * By average blade thickness (demoted by t,) I mean here the ratio
between the blade cross-section and the blade chord.
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Assumptions 2) and 3) allow calculating the ratio a; between the
effective heat transfer area of the cooling channels and the blade

surface’:
8o = Y1 (N Ty Yoo Q-H)/(B-c-H) = ¥y~ (4-ap/B)-(c/d)  ~ (5.12)

where @ 1s the ratio (blade periphery)/c.. Before calculating the
coolant flow (Par, 5.2.5), let’'s first express Re, and St as functions

of licn,.

5.2.4,2 Coolant Reynolds numbexr
Denoting with z the number of blades and recalling Eq.(5.10), the

flow within one blade can be expressed as:

Boyn/ (85°2) = Dep-pey Uy Pa-m-d2/4 = poy Uy oay-c?/my (5.13)
and after observing that z.¢ = 7.0-Dy:

per-Uar = [1/(x-ay:0)] - (np/ay) “Heyy/ (e +Dy) (5.14)

Reey = pe1Uer d/per = [1/(m-a,-0)]- (np/an) - (d/c) - [Mean/ (D i) ] (5.15)

It is now convenient to introduce m, and to rearrange the last term of
Eq.(5.15). Recalling that the gas cross-sectional area A; equals

7P H-D, (see Eq. A.1):

ﬁlclh/(Dm'”cl) - [mg/(Dm'p;)] . (I‘g/“cl) ‘ (i‘clh/mg)

= w3y (H/c) -Reg- (g/pcy) - (0cypn/mg) (5.16)

which gives:

Reg) = [¥g' (H/e)/(ay-0) ] - [Reg: (me/ber) |- [(np/ay)/(e/d) ] - (Mepn/mg)  (5.17)
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The three terms within square brackets express the influence of stage
geometry, flow conditions and cooling channels geometry, respectively.
Before proceeding further, let’s determine whether the coolant flow is
likely to be laminar or turbulent. Typical values of the parameters

appearing in Eq.(5.17) are:

o P~0.85; H/c=0.7-2 (lower in HP section); a,=1.1-1.3 (higher in HP

section); o=1-1.8 (lower in HP section). These values give for the
first term in Eq.(5.17) the range 0.5-0.9, with lower values corre-
sponding to the HP section,

Based on elementary kinetic theory considerations viscosity varies
approximately with T3, Since for air cooling the gas and coolant
composition are similar, in this case pg/pg = (Tp/Tcy)%% = 1,1-1.5
At 1 bar and .400°C the viscosity of air is 33-10"® Pa.s, while for
steam it is 24,5-10°® Pa.-s. Assuming that the ratio of the two
viscosities does not vary with T, we can say that for steam cooling
Pg/"cl = 1.5-2.

Finally, since Re, is typically in the range 0.2-2.10%, the second
square-bracketed term of Eq.(5.17) will be = 0,2-4-10° The lowest
values correspond to low-pressure ratio, low-power output turbines
(low p, and small c).

ng=1-3; ay=0.04-0.10; c/d=5-40. Since cooling is most critical in the
HP section, there we should expect the higher values of all these
parameters. Therefore a reasonable range for [(“p/"h) /(c/d)] is
0.75-5.

These estimates show that a lower bound for Re;; is =75:10%: (@yp/m,) .
The lowest values are likely to be reached in the HP section, where
although (@./mg) is large, the first and third terms of Eq.(5.17) are
small. But in the HP section m.y,,/m, is generally a few percent, so that
Re;; > =10,000 and the occurence of laminar flow is very unlikely. In

the following I will always use correlations for turbulent flow.

5.2,4,3 Coolant Stanton number

The Stanton number is estimated by the well-known Colburn equation:

Ste = Ey-0.023-Regy 2. Pr,, 2/ (5.18)

i g
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vhere the enhancement factor E, is introduced to account for the
presence of turbolators and fins for heat transfer enhancement. Defined
as the ratio of the heat transfer coefficient with and without heat
transfer augmentation — referred to the smooth tube surface' - E, will
be a function of position, Re, geometry and, for rotor .bladeé, of the
rotational speed (Morris and Harasgama, 1985). However, for t:l;e sake of
simplicity I will assume lt:hat it is constant; ‘che range of its typical
values is discussed in 5.2.4.4.

In view of further formulations, it is useful to substitute

Eq.(5.17) into (5.18):
Stey = [0.023:/(C41%2:Cgy) ] {Ey- [(c/d) -ah/nl,]"'z) . (ma/ﬁlm,)"‘2 (5.19)

where C;, depends on the stage geometry and Cy depends on the gas and

coolant flow characteristics:

Cy = ¥y (H/c)/(a-a) (5.20)

Coy = Pro2l- [Rey: (ig/ber) 12 (5.21)

5.2.4.4 Heat transfer erhancement
Heat transfer enhancement is achieved either by inserting pin
fins into the cooling channel (typically in the trailing-edge re-

gion), or by roughening the channel walls, Indicative experimental

values of E, are:

e =~ 3,5-3,9 for the staggered pin fin array depicted in Fig. 5.19
(Metzger, Berry and Bronson, 1982)

* By referring to.the surface of the smooth tube, E, embodies the
effects of increased heat transfer areas. As discussed further, E, also
includes the effects of increased heat transfer in the 180° bends of
multi-pass channels.
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e = 3-3.3 for the in-line array shown in Fig. 5.20 (Arora and Abdel
Messeh, 1985) .

e = 1,5-2,3 for the square duct with two opi)osite rib-roughened walls
depicted in Fig. 5.21 (Han, 1984; Han, Park and Lei, 1984 and 1985)

El-Masri and Pourkey (1986) quote for E, the range 2-6, although the
results mentioned above suggest that obtaining values above ‘5 appears

extremely difficult”.

5.2,4,5 Influence of 180° bends

Aside from the presence of heat transfer augmentation devii:es', in j
the 180° bends of a multi-pass channel heat transfer increases due to

increased turbulence. Although this phenomenon is unrelated to heat

transfer enhancement devices, I will include its effects in E;: its
proper definition is therefore the "ratio between the average h, of the
actual cooling channel and the one of a smooth straight channel having

the same cross-section, same length and same mass flow rate”. According

to this definition, for a multi-pass channel E,>1 even for a smooth

tube. Kakag¢, Shah and Aung (1987, p. 10-13) report the following
correlation for the local Nusselt number in a 180° bend of a circular

tube:

Nu, = 0.0285-Re; %8 - PxO+4. (x/Dyy) 94 (Dyn/d) 018 (e /ihyanr )2 (5.22) I

where x is the axial distance along the bend axis measured from the

bend inlet and Dy, is the bend diameter. The correlation is valid for

i * Going toward high values of E, will require a substantial

: augmentation of .the .effective heat transfer area of the coolant

! channels. However, at the low diameters required to have an efficient

f utilization of the coolant flow (no more than a few millimeters), such
area augmentation poses formidable manufacturing problems.
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4.8 < Dyy/d < 26 and 10*<Re;<3-10*. Neglecting viscosity variations and

integrating over the whole bend":

Nug = [0.0637/(Dya/d)% 133] - Re,,0-81. Pr0-4 (5.23)

Due to space limitations, the bends of multi-pass channels g.tebl;ke]‘.y
to have D,,/d around 1.2-1.5. Extrapolating (5.22) to such r;.nge gives
for Dy/d = 1.5 an a‘ver‘age Nu about 80% higher than the one of a
straight tube. The bend will also cause variations of the heat transfer
coefficient in the downstream pipe; however, according to other
correlations given by Kakag, Shah and Aung (1987, p. 10-15) the
departure from undisturbed straight tube behaviour is very small.

The impact on E, will depend on the ratio between the bend surface

and the total channel surface, which is approximately given by:

[(np=1) +7+Dyr/2]/[mp-H] = (7/2) - (1=1/mp) - (¢/H) : (Dyp/d)/ (c/d)

Since (c/H)=1, for (Dy,/d)=1.5, n=2-3, (c/d)=10-40 this ratio ranges
0.03-0.15; this means that an 80% higher bend heat transfer translates
to E, =~ 1.02-1.12.

For the non-circular cross-sections often adopted in gas turbines
this estimate must be revised. Experimental data obtained from Metzger
and Sahm (1986) for rectangular ducts (Fig. 5.22) indicate that the
increase of Nu,, is analogous to the one estimated above (about 30-90%).
Therefore, it can be concluded that except for very low c¢/d (which are
unlikely, because they yield poor heat transfer performances) the
presence of 180° turns increases the overall coolant-side heat transfer
by no more than 5-10%. As shown in Par, 5.2.6.2, the conclusion is

dramatically different for pressure drops.

* Nu, is simply calculated as (2/1r')-j;"l 2 Nu, - d(x/Dyy) .
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§ 2 z .& 2 § Heg; tzanstg: effgct;veness

Since at each step AT,<<AT; the heat transfer effectiveness of one
cooling channel can be calculated by assuming that the hot fluid

thermal capacity is infinite., Following Kays and London (1964):

€ = 1 = exp(~NTU) L (5.20)

where the effectiveneés ¢ and the number of thermal units NTU are given

by:

€= (Tcl,oub_Tcl,in)/(Tn"Tcl,ln) (5.25a)

NTU = U,-5/C,y (5.25b) /1

Since the external blade temperature can never exceed Ty, it is useful

to introduce an effectiveness ¢, defined by:

€ = (Tel,oub—Tcl,in)/(Tbm-Tel.in)- € (Tsr—Tcl,in)/(Tbuu_Tcl.in) ' (5.26)

The above definition compares the actual AT, not to the maximum

l "thermodynamic” AT which would be realized with infinite heat transfer
area, but to the maximum "technological" AT allowed by material
limitations. For this reason I will present results in terms of ¢;

rather than e. |

5.,2.4.7 NTU and blade wall Biot number

; Observing that the area of each chamnel that effectively "partici-

| pates" in heat transfer is": ¥;-ny-¥g-m-d-H:

NTU = [ac: (1/hgttpu/ky)+1/hoy] ™ (5 1p- g7 d-H) /[Tp,c1 Mg/ (847 2+ D) ]

(5.27)

* I have assumed that the area of multi-pass channels is simply n,

times the area of one straight channel with length equal to the blade
height.

23
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But the mass flow of each chsnnel is mgy/(a,-z-ng) = peyr-Uey-Pa-x-d2/4

and collecting h;, in the first term:

NTU = 4-Stgy ¥y ny (c/d) - (H/e)/ [1+(a;hoy/hy) « (1+Biy,)] (5.28)

where the Biot number:

Bib,, - h;'tbw/kb .

accounts for the heat resistance of the blade wall. Based on typical
values of 3-5 kW/m?-K for hg (HP stages), 1.5-2.5 mm for ty,, 15-26 W)m-l(
for k, (Inconel 718, Udimet 700), Bi,, will range = 0.3-0.8., These
relatively higi\ (values reflect the non-trivial heat resistance of the
blade wall, and call for a AT between the outer and inner blade surface

which can be as high as 150°C (see Fig. 5.23).

5,2.4.8 Convection cooling parameter Z

Substituting Eq.(5.19) into (5.28):

NTU = 0.092- [ (H/e)/(Cy1%%Cpy) ] -2+ (my/Mey) %2/ [14(8e- hor/hy) - (1+Bigy) ]

(5.29)

where the parameter Z summarizes the heat transfer characteristics of

the convection cooling technology:

Z = ¥y-ap-2.nd-8.Ey- (c/d)1-? (5.30)

Ainley (1957), who neglects interference and does not consider multi-
pass channels and heat transfer enhancement, obtains Z=ad-2- (c/d)-2. The
definition of Eq.(5.30) embodies all relevant features of convection
coolirnig techmology. It is clear that the higher the value of Z, the

more sophisticated the cooling system; consequently, cooling flow

f\"eproduced with permission of the copyright owner. Further reproduction prohibited without permission.
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should always be a monotonic, decreasing function of Z, an expectation
c;anfimed by the results of Pars. 5.2.8 and 5.3.7. |

For vthel large engines likely to be used in central stations the

probable range of Z can be estimated considering that:

e c i3 typically 50-80 mm for aeroderivatives and 100-200 mm for
heavy-duties, while in order to reduce the risk of clogging it is
very unlikely that d be smaller than 2-3 mm. As a conseguence, upper
bounds for c/d should be =~ 40 for aeroderivatives and = 100 for
heavy duties., Based on cross-sections shown in company publications,
actual engines appear to have c/d=10-20.

o The smaller the value of d, the more difficult is the realization of
heat transfer augmentation inside the cooling channels. Therefore,
at the highest (c¢/d) E, cannot be much greater than one. Since the
bends of multi-pass channels increase the heat transfer coefficient
(see 5.2.4.2), n>l gives slightly higher E.

The more "holes" inside the blade the lower the interference coeffi-
cient ¥;, because for the channels deep inside the blade it becomes
difficult to exchange heat effectively. From Eq.(5.10) the number of
holes is:

Noymp = (4/7) -$g-ay- (c/d)?

| showing that at high a, and (c¢/d) we should expect lower ;.

¢ In order to limit pressure losses (see Par. 5.2.6.1) n, will rarely :
be greater than 3, i

These considerations, together with oy~0.04-0.10 already mentioned in
w 5.2.4.1, give for Z a probable "technological" upper bound of 250, a

value which could be obtained, for example, with:

¥ = 0.7

1 o, = 0.10

i n, =3
E, = 2.5
c/d = 45

In actual engines Z is likely to be differenf: for each cascade. To
reduce costs, the intermediate-pressure stages, where cooling flow

g requirements are limited, will probably be designed with Z lower than

in the HP stages.
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Due to their smaller size, achieving high c/d and therefore superior
ﬁeat: transfer performances should be more difficult for aere-derivative
engineé. in fact, the implications of adopting small blade chords and
its adverse effect on blade cooling has é.lteady been quoted by Liess

(1969) and Livinghood, Ellerbrock and Kaufman (1971). ‘

.

5,2.4,9 Ratio of hedg':;egigggg'ces
Eq.(5.29) still contains one unknown, the ratio between gas-side and

coolant-side heat resistance:
ac'ht:ll./h; = .8 (Stnl./Stg) - (& ,cl/cp,g) * (Pcl'ucl)/(Pg'U;) (5.31)
From Egs.(5.5) and (5.19) the ratio of Stanton numbers becomes:

Stoy/Sty =

(0.046/Cyy"-2) - (Re,> %+ Pr 2/3/Cyy )  ( By [(c/d) - ap/np] °-2) + (my/igyy) -2

(5.32)
while recalling Eq.(5.14) ar}d t:bgt Ag=pygem-H Dyt
(Pe1-Uer)/(pg-Ug) = Cyy (np/an) - (ieyn/my) (5.33)
Putting together Egs.(5.12) and (5.31 to 5.33) gives:
a,hoy/hy = 0,184 (Cyy®8/8) - Cpp+ 2+ (g /mg) 8 (5.34)
where Cp; depends on the characteristics of the fluid:
Coz = Re% V. (%) c1/cy, o)« Clor/bg) "2+ (Pry/Pryy)2? (5.35)
Notice that while &,. is averaged between T i, and Ty our Cp,z 1S

evaluated at T, because AT, of each calculation step is very small.
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5,2.4,10 Blade temperature
The equations expressing the heat flux balance across the blade wall

are’:

(h;/ac) * (Tgl:_rb;) - [kh/(ac'tbw)] ' (Tbg_Tbol.) - hcl' (Tbcl_Tcl) (5.36)

S

Dividing by h,,lland non-dimensionalizing the temperatures by Tyg,:

[hg/(ac'hcl)] : (fu_’bs) - [h;/(ac'hel)] *(1/Bipy) - (Tpg—Tpe1) = (Tper—Ter)

and solving for ry,:

Tog = (Tt [Binythe/(a. he)] - 1)/ [14Bithy/(ac hey)] (5.37)

Togetﬁer with Eqs.(5.24), (5.29) and (5.34), this equation allows
determining r,,. For a “pure" counter-current situation with no héat
conduction this could be done locally to give the temperature distribu-
tion along the channel. However, in our case all quantitites given by
Egs.(5.24), (5.29) and (5.34) —-i.e. &, NTU, ratio of heat resistanc-
es - are properly defined only for the whole blade; thus, using those
equationé to determine the terms appearing in Eq.(5.37) is legitimate
only for the final temperature Ty, o, &t the end of the cooling channel.

But from Eq.(5.25a):
Tolout ™ (=€) 7oy snte 1y
which gives for ry, gu!

Tog,out = ((1=£) 7y it e+Bly#h,/(ac-hoy) 174} /[14Bip,thy/ (a5 hy) ]

(5.38)

* As pointed out in 5.2.2.1, in order to include the effects of the
pattern factor A, in the cflc\:lacions of Chs. 7 and 10 I have substi-
tuted T, for Ty, and and 7 =T, /Tiq for ry,.
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5.2.5 Caleula ) ola ow

Eqs.(5.24), (5.29), (5.34) and (5.38) allow expressing ry, o as a

function of:

Stage geometry (H/c, ®, Cy)

Fluid and material properties (Rey, Csz1, Cez, Bipy, 7gry Tor,in)

Cooling technology parameter Z

Nondimensional cooling flow i;u/m,

Since stage geometry and fluid properties are given®, the convection
cooling problem consist of determining — for each value of Z — the !

i cooling flow that gives an acceptable blade temperature distribution.

Given that the highest Ty, is reached at the end of the cooling channel,

we can assure that Ty<Ty,, by imposing:

Thg,out ™ 1

This assumption is conservative because, as mentioned in Par. 5.1.3.1,
the limit on Tpy should be verified where the stress-temperature- s
fatigue-corrosion conditions are most critical. Notice that since Ty; gy
: is a monotonic decreasing function of m; (see Par. 5.2.8.1 and

Fig. 5.27), the flow giving rp, o=l is the minimum among all those ‘

which warrant Ty <Tyng,.

5.2.51 Scale effects

The list of paramters affecting ry, . does not include the stage

diameter nor any other absolute dimension. Size can influence the

* In practice there is always interaction between the design of the
stage and the cooling system. For example, cooled stages tend to have
lower o (to reduce heat transfer areas) and higher Ah;, (to "bring down"
the gas temperature in fewer stages). However, the effects of this
interaction on the parameters appearing in our analysis is very small.
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solution of the heat transfer problem only through variations of Re,.
However, since the exponents of Re; in Eqs.(5.21) and (5.35) are small —
0.2 and 0.17, respectively — scale effects will be very small, a
situation substantially different from the one encountered in Par. 4.5

for turbomachines.

.

It is also worth noting that y4 has dropped out, signifying that what

matters is the coolant channel cross-section (ay) and not the channel

shape.

5.2.5.2 Iterative procedure

The system formed by Eqs.(5.24), (5.29), (5.34) and (5.38) estab- !
lishes a relationship £(ru,outsMcyn/my)=0 which, due to its non-lineari-
ty, cannot be solved explicitly for 7y, g.:. Therefore, the cooling flow

must be found iteratively, adjusting mgp/m, until ry, ou=1; given the

variations of gas (and possibly coolant) conditions, this iterative

procedure must be repeated for each expansion step of Fig. 3.3.

5.2.5.3 Significance of @y
Once Mgy, is known, the coolant flow Amc,_‘b required by the portion of

blade represented in Fig. 3.5 is given by Eq.(5.11):

Amgyy /Moy = Ac/c

Since gas conditions change from one step to another, for the same
blade row the calculation will give more than one value of m.;, none of
which will necessarily coincide with =(Am). This makes clear that mg,,
is just a fictitious variable, which would correspond to the cascade

cooling flow only if gas conditions were constant along the whole

chord.

Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.



i

Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.

Princeton MAE Ph.D. 1893-T - 5,32

5,2,6 Pressure Drops

The cooling flow must be verified against pressure drop require-
ments. For 1-D flow in a constant cross-section channel with friction,
heat addition and centrifugal acceleration, the pressure change along

an infinitesimal length dx in the outward radial direction is:

GB/P = [~7-Hal/(1-Mad)] -d(mrc, ) —

(y-Ma®/2) -F-4-£-dx/d + F-[w?-D/(2-R-T)] -dx

where Q is the thermal power transferred to the fluid, f the friction
factor, D/2 thé radius of rotation and F=[l+(y—1)-Ma?)/(1-Ma?).The
first. term accounts for heat transfer, the second for friction, the
third for centrifugal forces. The last term is present only in rotor
blades (pumping effect) and in multi-pass channels it changes sign with
the radial direction of the flow. In the following, this term will be
dropped, thus obtaining conservative estimates for AP/P. Since the

coolant Mach number is typically low, Ma’<<l, and after eliminating the

centrifugal term:
dP/P = —y-Ma?.dY/(m-c,-T) — (y-Ma?/2)-4-£-dx/d

Observing that in our case:

dQ/(m'cp’T) - [hcl"bd'"'d'dx'(Tbcl—Tcl)]/(cp,cl'pcl'ucl"ﬁd'"'dz/l’)

= 4:5t+ (Tper/Tey—1) +dx/d

the first term can be related to the friction coefficient by means of

the Reynolds analogy St-Pr2/3=f/2, Substituting into the expression for

dP/P, the coolant pressure loss becomes:

dPc1/Bey = Yo+ Maly- [Prc3R- (Tyoy/Tey—1) + Eg] -2-£-dx/d (5.39)

e e N R N
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vhere E; is a multiplier of the AP due to friction that accounts for the
presence of heat transfer augmentation devices and, for multi-pass
channels, the extra-losses caused by curves. Its average value,

discussed in the next parsgraph, ranges from a minimum of 1 for single-

pass, smooth channels to 10-40 and even higher for multi-pass channels

with heat transfer enhancement. The term Pr;3/%:(Tpo/T.i—1) is due to

R AT L S R e A L

heat transfer and ranges 0.2-0.6. Neglecting compressibility effects,

the integration of Eq.(5.39) gives: C ' !

APy /Py = 7y -Maly Epe2.£eny,. (H/e) - (c/d) (5.40) sl

vwhere the two terms in square brackets of Eq.(5.39) have been lumped

into:

Ep = [Pred/®: (Tuer/Tei—1) + Eglyy . (5.41)

The subscript 'av’ indicates the average over the whole cooling

channel. An expression for Ma?=U% /a? can be found by observing that,

; according to Eq.(5.16): o !

i’clb/(Pcl‘c'Dm) - [ilc].b/(Dm'l‘cl)] (v /fe) =

= Ty (H/) - (Rege py/Ber) * (Ver/€) * (Moyn/mg)
and then substituting this expression into Eq.(5.14):
UL = Cgy* (p/ay) - (Reg - pig/bey) * (Bern/Mg) - (ve1/c) (5.42)
Now inserting into Eq.(5.40) and collecting the n#n-dimensional groups:

APcl/Pdl - =2.f. [(H/C) '0312] * [Reg'#g/“cllz' {Yer* [(ucl/c)/acllz) *

[Ep- (n*/ay2) - (/) ] - (lcan/mg)

b,
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For 2.10%<Re,,<10°® the smooth-tube friction factor can be expressed as":
£ = 0.046-Reg, 02 (5.43)
and using Eq.(5.17) to express Re; finally gives:

APy /Pyy = 0.092: [(H/e)Cyyt-®] - [Rey- pg/Bor] % (Yor- [(Var/e) /801]?) -

Zp- (Dorn/mg) *+° ' (5.44)

where Zp summarizes the pressure loss characteristics of the cooling

technology:

Zp = a, 0828 Epe (c/d) 2% = [(Ep/Ey) 02/ (ay$y)]2 (5.45)

Eq.(5.45) reveals that for the same heat transfer performances (i.e.
same Z2), a multi-pass geometry yields much higher AP.. Should pressure
losses become a binding constraint, single-pass channels with high c/d

are preferable to multi-pass channels with lower c/d.

5,2.6,1 Pressure loss_augmentation factor

According to Eq.(5.40), Ep is defined as the "ratio between AP, of
the actual channel and the one of an incompressible flow through a
straight smooth duct with the same cross-section, same length and same

mass flow rate"®. E; is the friction—analog of E;, and it expresses

how much it is necessary to "spend" in terms of pressure loss to

increase the heat transfer coefficient by a factor E,. For incompress-

»*

For a rough tube the friction factor is independent of the
Reynolds number. A constant f would complicate the relationship between
Zp and Z, but wouldn’t alter the considerations above. The same holds
if Re. were lower than 20,000: in such case the smooth-tube friction
factor is better approximated by 0.079-Re %25,

** Being referred to the same cross-section and mass flow rate, Ep
embodies the effects of increased velocity due to reduced cross-
sectional area.

ol e R b i
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ible flow Ep=E, ~ i.e. AP, is fine only to friction. Fig. 5.24 depicts
the relationship between E; and E, for transverse rib-roughened tubes,
s'howing' that there is a "ceiling" to heat transfer increase. Although
the value of such ceiling can vary with the heat transfer augmentation
technique, the trend is quite general: E; tends to be largel‘; than E,,
and increasing AP "pays off" only up to a certain point. For the
straight ducts already quoted when discussing E, (5.2.4.4), Eg . 1s

very high*:

e = 50 for the staggered pin fins arrays of Fig. 5.19
e =25 for the in-line pin fins arrays of Fig. 5.20

o =« 3-10 for the rib-roughened walls of Fig. 5.21

These very high values signify that pressure losses can pose very
significant constraints on the design of the cooling system. The
implications for the calculation of cooling flows are discussed at

Par. 5.2.6.3.
5,2.6,2 Influence of 180° bends

For multi-pass chamnels E, also includes the effect of 180° turms.
According to correlations given in Kakag, Shah and Aung (1987, p. 10-
4), the pressure drop across a 180° bend of a circular tube with

Recy (Dpn/d)2 > 91, 2 < (Dy/d) < 15 and 2:10* < Re,; < 4-105 can be

expressed as:

APy, = (0.4338: [1+4116/(Dyn/d)* 2] - (Dpn/d) 8 Rey 017}« (pU2/2)  (5.46)

* Besides increased friction, the increase of E, with pin fins is
due to higher velocities caused by reduced cross-sectional areas. If we
eliminated such kinetic energy effect, E, would become =~ 20 for stag-
gered arrays and = 9 for in-line arrays.
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For a straight tube having the same length #-D,,/2 and friction factor

given by Eq.(5.43) the pressure loss is:
Aé,,, - 0.289- (Dy,/d) -Re ,0-2- (p-U2/2)
thus giving:
APy, /APy, =- 1.5 [14116/(Dyp/d)*+32] - (Dyp/d) 018 Re,, - (5.47)

Extrapolating Eq.(5.46) to the value (Dy,/d)=1.5 already considered in
5.2.4.4 gives, for Re,=10*, a ratio (AP,/AP,..)=~36. This can be restated
by saying that the bend is equivalent to a straight tube 36 times
longer than the. a'c;:ual bend, or that the bend adds (36-1).7/2 = 55 tube
diameters to the effective tube length. For (Dy,/d)=1.5, the ratio
between total effective tube length and actual length (i.e. Ef of a

smooth tube), can therefore be approximated by*:

[0y -H+55-d- (n,~1)]/(ny-H) = 1 + 55-(1-1/mp) - (c/H)/(c/d)

Based on correlations for bends with rectangular cross-section again
given by Kakag¢, Shah and Aung (1987, p. 10-16), the friction augmenta-
tion factor of non-circular channels is substantially higher.

In a roughened tube, the pressure drop across the bends is essen-
tially the same as for the bends of a smooth tube because: (i) to
reduce manufacturing problems, turbolators are generally placed only
along the straight sections; (ii) even if bends were roughened, their
AP is already so high that its additional increase is small. If the AP
of the straight sections increases by a factor Eg,.., the overall

incompressible flow AP increases approximately by.a factor:

* Given the very small exponent appearing in Eq.(5.47), variations
of Re;; have essentially no effect on APy /AP,.
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Eg,stx + 55+ (1=1/np)- (c/H)/(c/d)

Recalling that: (i) Eg 4, ranges 2-50; (ii) c¢/H is typically around one;
(ii1) the term due to heat transfer appearing in Eq.(5.41) ranges 0.2-

0.6 we can conclude that:

Ep = (1.2 to 1.6} + 55-(1-1/n,)/(c/d) for smooth circular tubes
Ep = {2 to 50} + 55-(L-1/n,)/(c/d) for roughened circular tubes

Finally, considering the values of E, given in 5.2.4.4, n,<3 and typical
(c/d)=10-40, the ratio Ep/E, is likely to be:

1.2-1.6 for smooth single-pass channels

2-12 and even higher for single-pass channels with heat augmentation
1.5-4 for smooth multi-pass circular channels

3-13 and even higher for multi-pass channels with heat augmentation

5.2.6.3 Limitations on coolant-side pressure drop
In an actual turbine the value of AP, required by the passage of m,,
through the chanmnels of the cooling circuit camnot be arbitrary

because:

o There is an upper bound set by the difference between the pressure
at the compressor bleed and that of the gas where the coolant is
eventually discharged.

o If the cooling channel cross-section is constant, AP /P, cannot be
larger than the value producing sonic flow (frictional/thermal
choking). As illustrated by Shapiro (1953, pp.242-247), this limit-
ing value depends on the nature of the heat transfer process”.
Higher pressure drops would require variable-cross-section ducts

* For a flow initially at rest, y=l.4 and no heat transfer (Fanno
line), the pressure drop giving Ma=l is about 90%; instead, with heat
transfer and no friction (Rayleigh line) Ma=l is reached with AP/P~60%.
With both friction and heat transfer the value of AP/P giving Ma=1l
depends on the laws of heat addition and friction: constant wall
temperature, constant heat flux, constant friction factor, ete.
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with supersonic flow, a situation very difficult to real.ize and
vhich would presumably entail very large throttling losses”.
Given the severe penalties imposed by pressl;rellosses on cycle effi-
ciency and that AP, /P, « U, there are strong incentives toward the
adoption of low coolant velocities. On the other hand, the derivation
of Par. 5.2.6 shows that U; -— and thus AP, — are fully determined b}"
the thermal problem; if AP, 1is unacceptably high it means that there
is no solution which simultaneously satisfies thermal (Ty,<Tpy,) and
pressure drop constraints.

In this case the only possibility is to reduce the ratio Zp (Eq.5.45)

by acting on ay, 'tip, Ep or c¢/d. Accomplishing this reduction implies:

e Modifying the whole design of the cooling system.
o Modify Z, which depends on a;, n, and c¢/d. This alters the thermal
problem and thus the value of m; which allows obtaining T,<Ty.,.
Except for the increase of ap — which mildly increases Z while
decreasing Zp — any change which reduces Zp also reduces Z.
Provided that a solution satisfying both Tp,=Tygy and AP<AP ;,, does
exist, in general it will cotre'spond to lower Zp, lower Z and higher
cooling flow.

To summarize, limitations on AP, /P, may require higher cooling flows

and a complete re-design of the cooling system. Verifing the accept-

ability of AP.;/P.; given by the solution of the thermal problem would

* In theory, accelerating the coolant to high Mach numbers could
be beneficial because it would decrease its temperature. However, the
losses incurred in the expansion and in the subsequent high velocity
flow through the cooling channels would totally offset the benefits
brought about by lower temperatures.

More interesting possibilities might exists for the discharge
through film cooling holes. In this case, realizing a tramsonic or
supersonic expansion would decrease the boundary layer temperature —
i.e. Ty, —while the coolant kinetic energy would be transferred to the
mainstream gas (reduction of acceleration losses, see Par. 3.8). In
addition, this practice would also "energize" the boundary layer, thus
possibly contributing to a decrease of profile losses.




1

Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.

S. Consonni -~ 5.39

be des.irable, but would require to define the laws of heat addition and
friction along the cooling channels and to determine a value for Zp. In
particular, due to its dependence from ny?®, Zpis likely to undergo
strong variations from one cascade to another, thus requiring the
definition of its variation along the expansion. However, given the
lack of experimeﬁtal- data even an approximate evaluation‘. of tllleﬁe
quantities would be viary: uncertain, strongly undermining the signifi-
cance of pressure drop estimates.

For these reasons the estimate of AP/P. has been neglected in all
calculations of Chs. 7 and 10, assuming that the constant pressure loss
discussed at Par. 3.7 (P,—P, of Fig. 3.6) is alvays sufficient to let

bmgyy, through the whole cooling circuit.

5.2.7 Thermal Barrier Coatings

For given gas and coolant conditions, the cooling flow ‘requirements
can be substantially reduced by applying on the blade and shroud
surface a layer of ceramic material. Due to their low thermal conduc-
tivity, such layers create a barrier to the transfer of heat, and for
this reason are referred to as Thermal Barrier Coating (TBC): as shown
in Fig. 5.25, they act by decreasing the temperature difference driving
the transfer of heat to the blade, thus reducing heat flux and cooling
requirements,

Mainly based on zirconia, which has a thermal conductivity an order
of magnitude lower than nickel superalloys, TBC coatings have been

successfully used in combustors for more than 15 years; two-layer

Szremicaiiie s
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coatings® have recently been introduced in stator shrouds of the Rolls-
Royce RB211-535E4, where they avoid the need fo:{ film cooling (Meetham,
1986). Despite their large pay-off potential, the incorporation of TBC
coatings into commercial engines has been hampered by several problems

recently overviewed by Sheffler and Gupta (1988):

)

e Thermally-driven spallation of the brittle coating resulting from
accumulation of fatigue cracking damage in the ceramic adjacent to
the metal interface. The phenomenon is basically due to the signifi-
cant difference between the metal and ceramic coefficients of
thermal expansion. Tolokan, Nablo and Brady (1982) have proposed to
improve ceramic attachment by interposing an intermediate, expansi-
vity-compensating layer between the ceramic and the metal.

e The lack of reliable methodologies to predict the life of these
components, A tentative life-prediction model has recently been
proposed by Miller (1988), although the author remarks that there
are still many unanswered questions about the oxidation mechanism,
the effects of creep and inelasticity, the role of shearing stress-
es, etc.

e Substantial sensitivity to fuel impurities, particularly Vanadium
(Bratton et. al., 1982). This is particularly relevant to. stationary
applications, which might not rely on the high-grade fuels used for
aircrafts.

¢ A number of fluidynamic problems: alteration of film cooling hole
geometry as a result of ceramic deposition, increased surface
roughness, variation of airfoil aerodynamics, etc. The trade-off
between reduction of cooling flows and decrease of aerodynamic
efficiency due to higher leading-edge and trailing-edge thicknesses

(particularly important for small engines), is pointed out by Jaeger
(1979).

5.2.7.1 Inclusion into cooling model
The inclusion of TBC coatings into the cooling model is straightfor-
ward. As already done by El-Masri (1986b), it simply requires adding

one more heat resistance to the gas-coolant thermal model (Fig. 5.26).

The heat flux balance (Eq. 5.36) becomes:

*

The outer layer — consisting of partially yttria stabilized
zirconia - is the actual TBC coat. The inner layer —a thinner Chromi-
un-Aluminum-Yttria bond coat ~ is used to strengthen the attachment to
the base superalloy.
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(hy/ae) * (Tge—Tracy) = [krnc/(8c* trac)] - (Tracs—Thg) =

= [k/(ac" ti)] * (Tog=Ther) = hey* (Tpor—Ter) (5.48)
After dividing by h; and non-dimensionalizing the temperatures by Tpge:

[h;/(ac'hcl)] . (';:‘fmc;) - [hs/(ac'hel)] *(1/Bigmc) * (T1cg—Tng)
= [hg/(ac-hep)] - (1/Bigy) - (rrg—Trc1)

= (fper—~Te1)

Solving for ry,:

7pg = ((L+Bigge) - 7oy +{Bipythy/ (@ hey) ) 75}/ [14BipetBigthy/(achey) ]

- (5.49)
As already discussed in Par. 5.2.5, the minimum coolant flow compatible
with Tl,s'l;m can be found by imposing 7y, ou=l. Recalling Eq.(5.25a),
Tpg,out 15 found by substituting roy=(1—-¢) -7,y yyte- 74 into Eq.(5.49). The

effectiveness ¢ is found by observing that Eq.(5.27) for NTU becomes:
NTU =
[ac* (L/hg+tpy/Ky+tome/Rac) +1/hey ]2 (yony g 7-d-H)/[8p, 1 Born/ (842 *Ny) ]

(5.50)
and similarly to Eq.(5.29):

NTU = 0.092- [(H/c)/(Cy1*2Ce1)] -2+ (my/ Mo} °-2/ [1+(ag - hoy /by ) + (14Biy, #Binge) ]
(5.51)
Typical values of blade and TBC thickness adopted in actual turbines

are type=0.2-0.3 mm and ty,>2—3 mm; since Kppe~10-k, (Brink, 1989)", this

implies Bigge=Bi,,.

* The thermal cdnductivit:y of ceramics depends on temperature,

density and method of manufacture. Thus, kpe/ky is subject to consider-
able variations.




.

Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.

Princeton MAE Ph.D. 1893-T - 5.42
2.2.8 Results

The results presented in this section illustrate the role played by
the most s.ignif:lcam: parameters of the convection cooling model. All
calculations have been referenced to the operating conditions typical
of the first nozzle of current heavy-duty engines (GE 9001E, /ABB GT13E
or similar) and to A¢/¢-0.25 (see Fig. 3.5). Ac/c=0:25 means that
Figs. 5.27 to 5.32 report the flow necessary to cool only one quarter
of the nozzle; this is done because, by representing the situat:;loq for
only one of the many steps comprising the expansion depicted in
Fig. 3.3, it is .possible to identify unequivocally h./h.;, &1, AP.y/Pg,
etc. I}ecalling that Amgp/m=Ac/c (Eq.5.11) and considering what was
pointed out in Par. 5.2.5.3, the cooling flow m, for the whole cascade
will be around 4 times the values in the figures. For the sake of
clarity, in this illustration I have assumed A=0, i.e. T;:-TG, (see
Par. 5.2.2.1).

Since they are not compared with experimental data (which are not
available), the value of the results below is somewhat limited and,
given the reference to only one operat:iﬁg condition, any generalization
must be done with great care. Despite these limits, these results help
in understanding the physics of convection cooling, as well as verify-
ing whether the model can justify the evolution followed (and expected)
by convection cooling. In addition, there is fairly good agreement with

the outcome of the calibration of Ch. 7.
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5,2.8.1 Parameter Z

Fig. 5.27 depicts the influence of Amyy; and Z on coolant and blade
temperature at the cooling channel outlet. As expected, Tpg,out 1S a
monotonic, decreasing function of Amgy,, and, glven all things equal, it

also decreases with Z. The reduction of Ty, .. achieved with higher

cooling flow iﬁcreases the heat flux (see Eq.5.1), thus increasing the
temperature drop (Ty;—Ty.) across the blade, On the coolant-side, the
higher heat flux is accommodated by a strong increase of the heat

transfer coefficient, while the temperature difference Ty,-T. is

substantially rgduced.

Fig. 5.28 shows the influence of Z on cooling flow, ¢, h./h; and
‘z;.c-h‘,]_./h5 necessary to achieve rp; ~l. Increasing the sophistication of
the cooling technology "pays” until Z<100-150; higher Z yield only
marginal reductions of cooling flow. Given the value Z=100 resulting

from the calibration of state-of-the-art engines (see Ch. 7), it can be

inferred that gas turbine technology has already accomplished most of
the gains achievable with convection cooling. Further gains will be

achieved only by other means: TBC coatiﬁgs; film cooling, impingement, |

I
|
etc. .

Fig. 5.28 also shows that at high Z the internal heat transfer
coefficient is only about 50% of the one on the gas-side. This unbal-
ance is more than compensated by the area ratio a,, so that the ratio
ag hg/hy of the gas-side and coolant-side heat resistances keeps on
increasing with Z. Even at very high Z, the effectiveness ¢; remains

below 50%, testifying to the difficulty of utilizing the temperature

difference (Typ—Te),1n) without intervening on the gas-side AT;. Varia-
tions with T, are discussed later in conjuction with film cooling

(Par, 5.3.7).

Im?eproduced with permission of the copyright owner. Further reproduction prohibited without permission.
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5.2.8.2 Pressure losses
Fig. 5.29 reports the preésm:e losses given by Eq.(5.44) and the
corresponding coolant velocity U, for three different values of n,. In
order to account for the strong pressure drop caused by the 180° turns
of multi-pass channels (see Par. 5.2.6.2), it is assumed that IIEP/I:},,
increases with n,. Since it is also assumed that ay=0.08 and ¢;—0.7, the
curves in the figure‘co;:respoﬁd to (see Eq.5.45) Zp/é = 71, 426 and
1278, respectively.

At low Z, AP, decreases with Z because the reduction of cooling flow
caused by higher Z more than compensates for higher c/d (see Eq.5.40).
At large 2 thé .s'ituation is reversed, and AP, becomes an increasing
function of Z. These opposing tendencies establish an optimum region in
the range 50<Z<150 where pressure losses are at a minimum. It is
interesting to notice that the value Z=100 predicted by the calibration
of state-of-the-art engines (see Ch.7) falls very close to .t:fxe optimum;
instead, the value Z=36 predicted for "current" engines suggests that
the past generation of cooling systems was subject to some pressure
loss penalty.

About coolant velocities, notice that values higher than 100-150 m/s
obtained for Z<20-30 are probably unrealistic, and require a revision

of the incompressible flow assumption.

5,2.8.3 Blade wall heat resistance

Effectiveness could be considerably improved by decreasing blade
thickness. Fig. 5.30 shows the variations of cooling flow and effec-
tiveness when going from Bi,,~0.1 to Bip=l. The improvements can be
dramatic: for example, for Z=100 the cooling flow required with Bi,,~0.1

is less than 1/4th of the one required with Bi,=l1.
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Achieving high effectiveness by adopting very thin blade walis is
the basis of the "shell-spar"' concept pursued by some manufacturer
(Allison, Westinghouse, Fig. 5.31). It consists of an hollow investment

cast structural spar with chordwise cooling channels cast in the outer

surface and a 0.5 mm thick formed sheet shell of corrosion feﬂstam:

superalloy diffusion bonded to the spar (Butt and North, 1‘985). The
purpose of the spar is t:o; bear axial and tangential loads® and possibly '
thermal stresses, while the shell has just to separate the cooiant:,
flowing between the spar and the shell, from the gas, In this way the
shell can be very thin, while at the same time the load-bearing spar
operates at mu(.:}; lower temperatures and can be made with cheaper

materials.

5.2.8.4 TBC coatings

Fig. 5.32 shows that also TBC coatings afford remarkable reductions

of cooling flow: a layer just a few tenths of a millimeter thick can
reduce m.;;, by as much as 50%, a gain which is fairly independent of Z i

and, as discussed in Par. 5.3.7, is fully comparable with the ones

afforded by film cooling. The substantial increase of heat transfer
effectiveness ¢; shows how the thermal barrier created by the TBC coat

allows fuller exploitation of the available coolant AT.

* Centrifugal loads, if present, act on all components.

k.
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5.3 Film cooling

The convection cooling model of the previous paragraph is now
extended to the case where the coolant, instead of being discharged at

the blade tip (or trailing edge), film-cools the blade surface. In this

"way the task accomplished by the coolant is twofold: i) it picks up

heat by convection wh_ile; flowing inside the blade; 2) it lowers the
temperature of the boundary layer at the blade surface and shields it
from the hot mainstream gas.

The extension to film cooling is done by substituting the recovery
temperature T;r-used in Eq.(5.1) with the adiabatic wall temperature T,,
now dr}.vi.ng the gas-side heat transfer, where T,, is the temperature
reached by the wall for zero heat flux. Since the correlation giving T,,
involves both m,, and T, o4, the film-cooling and convection cooling
problems are coupled and must be solved simultaneously.

The results presented in Par. 5.3.7 exemplify the model capabilities

and tﬁe options available for technological improvements.

5.3.1 Strétegx adopted to solve the problem

Predicting the heat transfer characteristics of film cooled blades
is extremely demanding because the flow is generally compressible,
turbulent, with strong pressure gradiemts and curvature effects and
difficult to reproduce in laboratory-scale experiments. In particular,
modeling coolant injection through holes presents formidable challenges
because: (i) the flow is highly 3-D and (ii) at high blowing rates the
coolant jet penetrates into the mainstream flow, generating a very
complex velocity and temperature field.

Aside from being theoretically unresolved, an accurate calculation

of the heat transfer problem would require a detailed specification of
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blade geometry and flow conditions. These data are very difficult to |

produce and, most of all, they are irrelevant to the analysis of the
whole t:henpodynamic cycle.

For this reason the present model resorts to simple, algebraic
correlations developed for flows over flat plates. Although the

resulting film cooling predictions are locally inaccurate, they do

provide a satisfying framework for the calculation of overall turbine

performances,

5,3.2 Variables relevant to heat transfer

The "shielding effect" of f£ilm cooling can be quantified by means of YA
several different effectiveness and/or variations of gas-side heat
transfer. In this paragraph I review and discuss the definitions most

commonly used.

5.3.2.1 Adiabatic wall temperature

]
i i
:i The adiabatic wall temperature is the temperature reached by the g

' wall for zero heat flux (i.e. ‘adiabatic wall). Without film cooling i
such temperature is obviously the recovery temperature T,,. With film
cooling T,, < T, because the reduced boundary-layer temperature allows

"blocking" the heat flux at lower wall temperatures. T,, is a function

of the distance from the injection point: at the injection point it

equals . the . coolant total temperature, while at large distance it

reaches T,,.

5,3.2,2 Isothermal effectiveness

Isothermal effectiveness is defined in terms of the ratio between

the heat flux with f£ilm cooling (ge) and the purely convective heat

flux (qey):
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Miso = 1 — (Gre/dev) (5.52)

where the heat fluxes are given by:

oy = h;,w'(ng"Tbg) (5.53)

Geo = g,ic'(Taw"'Tb;) (5.54)

5.3.2.3 Heat transfer coefficjent

Eq.(5.54) emphasizes that the variation of heat flux accomplished
through film cooling is due to changes in both h and the AT driving the

heat transfer'. In most instances the latter is the pre;lomi.nant: effect,

because the variations of the average blade h, are small. Among the many s

experimental investigations on the subject, Hartnett, Birkebak and

Eckert (1961), Liess (1975) and Kruse (1985) show that immediately
after the injection point there is a tendency toward higher h, but

shortly downstream h reduces to the value expected with ‘no blowing

(Figs. 5.33, 5.34). Metzger, Carper and Swank (1968) and Metzger and

Fletcher (1971) found that for injection through slots with a=60° (see
Fig. 5.36) and 10,5, over the first 50-70 slot widths h,, can be 20-50%
higher than h,; however, such difference totally disappears at injec-

tion angles of 20°., Fig. 5.35 shows the effect of the blowing rate for

T A A T PN T T s

injection from a single row of holes (Eriksen and Goldstein, 1974): as |
long as M<l also in this case hg~h.,. Following the recommendation of
Hartnett (1985), in my analysis I will always assume h; g=h; o, which

gives:

-

Some authors (Metzger, Carper and Swank, 1968; Metzger and
Fletcher, 1971; Arts, 1991) prefer not to introduce T,, and refer to a
heat transfer coefficient defined as the ratio qu./(Tg-Ty,). Even if
this can be convenient to present experimental results, the use of T,,
more correctly breaks down the two effects of film cooling, 1i.e.
variation of h and variation of "effective" AT.
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Nigo = (Tye— aw) / (Tgr—Thg) (5.55)

5.3,2.4 Adisbatic effectiveness ,
Although n,,, gives a straightforward quantification of f£ilm cooling,

its correlation to experimental data is generally poor. .For film

cooling over a flat plate and low-speed flows, a better ;:orreiatioxi can

be found by introducing the adiabatic effectiveness Nad?
Dad ™ (Ts—an)/(T;"'Tcl,out.)

For high-speed flows, a definition which is found to correlate experi-

mental results better than the one above is:

Mt = (Tan,1—Taw)/(Tuet, s~ Tued) (5.56)

where T, 1is the wall temperature at the injection point and the
subscript "i" refers to a situation with the same mainstream condi-
t:i.ons. same flow rates, but coolant total temperature equal to the one
of the mainstream flow ("isoene:geti.c'; injection). Since 5,4, compares
two situations with identical velocity fields, in the hypothesis of
constant fluid properties it has the theoretical advantage of eliminat-
ing the effects of viscous dissipation. Therefore if the values of the
pertinent dimensionless variables remain the same, 5,43 will be the same
for both high and low-speed flows. Notice that T,,; Is a function of
position (distance from injection location).

The use of n,9,4 1s rather complex since not only the effectiveness
but also the adiabatic temperature distribution for isoenergetic
injection (T,y ;) is unknown. However, in many applications the differ-
ence between Ty and T, ; is much smaller than (Twer,1~Twer) » S0 that Ty

can be used in place of T,,; (Goldstein, Eckert and Wilson, 1968);
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morever, in blade cooling applications the velocity of the injected
coolant is small, 50 T, ™T, out. This allows using a simpler expression

for ng, (Liess, 1975; Ito, Goldstein and Eckert, 1978):
Nag = (Tgr—Tw)/(Tgr—Tul.ouh) (5.57)

where T,, can be considered approximately constant also \;vith film
cooling, From now on I will refer to the défiﬂit:l.on abo§e, which is by
far the most commonly used; in the calculations of Chs. 7 and 10 the
pattern factor )\ is accounted for by substituting the fictitious T;: to

Ty (see Par. 5.2.2.1),

5,3.3 Literature survey

The determination of %,5, both analytical and experimental, is the
subject of an extensive literature. After early studies on inject;on
through slots, in the past two decades the attention haé vf‘ocused on
injection through rows of circular holes, an arrangement much more
common in gas turbine blades. Excellent overviews of the theoretical
models and experimental data produced to predict n,4, as well as hy,
have been given by Goldstein (1971) and more recently by Hartnett
(1985). Let’'s summarize here the findings which are particularly
relevant to gas turbine applications:

¢ The correlations developed for incompressible flow can be used also

for supersonic flows if the fluid properties are evaluated at a

reference temperature T,o¢=T, 54+0.72:(Tg—T, 5.) (Goldstein, Eckert and
Wilson, 1968).

o For moderate blowing rates (M<0.5) the correlations developed for
injection through slots predict reasonably well the centerline
effectiveness of single row of holes provided that the slot width w
is.replaced with the equivalent width w,~(Area hole)/(hole pitch)
(Goldstein, Eckert and Burggraf, 1974).

¢ As shown in Fig. 5.37, close to injection the effectiveness of a row
of holes exhibits strong lateral variations.
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o For injection through holes there is generally an optimum blowing
rate, This is because at high M the momentum of the coolant carries
it farther out into the mainstream, thus causing more rapid mixing
and lower effectiveness.

o For similar reasons higher injection angles (relative to the wall)
give lower effectiveness, This holds for both slots and holes.

¢ In general, convex curvatures results in effectiveness higher than
the flat-plate value, while the opposite is true for concave curva-
tures. This holds for both slots (Mayle et al., 1977) and row of
holes (Ito, Goldstein and Eckert 1978)

e A favorable pressure gradient results in a slight decrease in
effectiveness while adverse pressure gradients cause a slight
increase, the latter being more pronounced for row of holes
(Hartnett, 1985).

¢ The effect of rotation appears negligible, while swirl tend to
decrease effectiveness (Hartnett, 1985).

¢ For injection from a row of holes and Ma, < 0.9 the mainstream
velocity has no measurable effect on the film cooling parameters
(Liess, 1975).

¢ The mainstream Reynolds number has a relatively small influence
(Goldstein, Eckert and Ramsey, 1968).

¢ There is a strong influence of the density ratio p./p,. For the same
blowing rate higher density gases have lower momentum and remain
closer to the surface, thus yielding higher effectiveness (Pedersen,
Eckert and Goldst:ein, 1977, Goldst:ein, Eckert and Burggraf, 1974;
Paradis, 1977).

* Staggered row of holes give performances superior to inline configu- «
rations (Hartnett, 1985).

¢ For moderate blowing rates and large row spacings the effectiveness '
of multiple hole rows can be predicted by a superposition principle.
Once more, the heat transfer coefficient is approximately equal to ;
the value with no film cooling (Hartnett, 1985). ‘

Since in our model the geometry and actual mainstream conditions are

unknown, I will resort to correlations developed for injection from

slots over flat plates, wit:h no pressure gradients and subsonic flow.

As already mentioned, this approach is completely inadequate for
predicting local flow variables; nonetheless, it should give a reason-

able approximation of the effects of film cooling on overall turbine

pexrformances.
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Correlations for slots ove at. plates

Theoretical 2-D analyses are all based on heat sink models in which
the added coolant is considered as a sink of heat at the point of
injection, reducing the temperature in the downstream boundary layer i =
and thus the temperature of the wall. Following the 'firsﬁ; study of
Klein and Tribﬁs (1?532, yhicfn was mainly interested in the heat

transfer along non-isothermal surfaces, KXutateladze and Leont’ev

(1963), Librizzi and Cresci (1964), Stollery and El-Ehwany (1965,
1967), developed models which all proceed from an energy balance of the
boundary layer and assume that the velocity profiles' are not affected

by injection. The basic difference among the three analyses is the

assumed location where the total mass flow in the boundary-layer
starts. The resulting expressions for 5,4 have been rearranged by Han

and Jenkins (1982) to explicitly show the influence of cooling gas

8 physical properties:

Kutateladze and Leont'ev:

i flaa = 1/(14(cp,g/Cp,01) - [0.329- (4.0L+(ny/py)-2- £)0-8~11)  (5.58) !

Librizzi and Cresci:

Naa = 1/(140.329- (cp,o/Cp, c1) * (g/c)*2:£%-%) (5.59)

Stollery and El-Ehwany:
Tlag = 3.03: (cp,c1/Cp) * (Ber/Hg) "2 470-%)/

[1+{(cp,c1/Cp,6) =11+ [3.09 (pior/ag) -2+ €70-8]) (5.60)

where £ is defined by:

* They all assume for the mainstream flow a (1/7)th power turbulent
velocity profile. For further details see Goldstein (1971).
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¢ = [x/(w-M)]-Re, 0% (5.61)

x is. the distance from the injection location, M is the blowing rate
(pc,_-Uﬂ')/('ps-Us), w is the injection slot width and Re,~U., -w/v,. For
injection through hole rows, the centerline effectiveness can be found
by substituting w with the equivalent slot width w, (area holeé per unit
length). ‘

Goldstein and Haji-Sheikh (1967) go one step further. Rather than
making assumptions on the temperature and velocity boundary layer they
resort to experimental data and include the effect of the in;']ec“.:ion
angle and the mainstream Prandtl number. In the form rearranged by Han

and Jenkins (1982) their correlation for n, is:

Mea = 1.9-Prg23/[140.329+ (cp o/ep, ) - (e/Ber)’2-600-8]  (5.62)

B accounts for injection angles different from zexo (see Fig. 5.36, a=0
means injection parallel to the wall) and is calculated according to

the following experimental relationship:
B =1+ 1.5-10" Rey, (ie1/Bg) - (H/Wey) - sina (5.63)

The coolant properties are calculated at the injection conditions. For
high-speed flows, the gas properties should be calculated at the
reference temperature T oe~T,+0.72-(T,.—T,) already mentioned”.

Figs. 5.38, 5.39, 5.40 depict the effectiveness given by some of the
expressions above and show comparisons with experimental data.
Fig. 5.41, taken from Abuaf and Cohn (1988), shows that the correlation

of Goldstein and Haji-Sheikh gives best results for air-into-air

* As already discussed, the iso-energetic effectiveness 5,4 ; should
also replace 75,9. All calculations of this Thesis always use 1, and
evaluate gas properties at its static temperature.
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injection, while the ones by Librizzi and Cresci and Kutateladze and

Leont’ev are more accurate for injection of helium and CO,.

5.3.6.1 Region close to injection point

Since Egqs.(5.58) to (5.63) assume complete coolant mixing in the
mainstream boundary layer, they are not valid close to the point of
injection and are a solution for n,y only at some distance downstream.
In fact, Stollery and El-Ehwany (1965) point out that the heat sink
model is strictly an asymptotically correct solution of t:t'xe film
cooling problem, whose accuracy improves as x/w increases. A proof of
this situation is that at x=0 Eqs.(5.60) and (5.62) predict effective-
ness greater than one, which is clearly impossible.

To avoid this inconsistency, Mukherjee (1976) proposes to use three
different equations: for the region close to injection, characterized
by é<1, he suggests nm,4~l; for the turbulent boundary layer regionm,
defined by {>4, he recommends Eq.(5.62), while for the intermediate

region with 1<€<4 the correlation:

Nag = 1.9-Pr2/3/[140.525¢ (cp g/ Cp,c1) * (gl biey)®- 1173 £0-47] (5.64)

He also notices that for non-tangential injection with a« < 30°, better
results are obtained by correcting 5,4 by the factor cos({0.8+a) proposed

by Papell (1960) rather than by the factor 8 given by Eq.(5.63).

5.3.4,2 Correlation adopted in the model

All calculations performed to discuss the effect of film cooling and
to obtain the results of Chs. 7 and 10 are base& on the correlation of
Goldstein and Haji-Sheikh (Eq.5.62). Adapting the analysis and the
compu.t:er progrém to other correlations is quite straightforward.

Following the suggestion of Mukherjee (1976), the applicability of
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Eq.(5.62) is verified by testing whether £<4: in practice, the values
of £ used for the evaluation of the average film cooling effectiveness

are considerably higher, typically in the ramge 20-500.
5.3,5 Integration with convection cooling mode

Extending the model of Par, 5.2 to £ilm cooling calls for a revi‘sidn
of the equation expressing the gas-side heat flux . (Eq.5.1). The
recovery temperature T;, appearing in this equation must be substituted
with T,,, whose value is determined from n,y. Also in this case the
system is closed by the heat balance across the blade (Eq.5.36), and
coolant flow is found by imposing ry oue=1 (Par. 5.2.5). Even more than
for convection, non-linearities prevent obtaining explicit expressions

and dictate an iterative solution procedure.

5.3,5.1 Assumptions

In order to evaluate cooling flows we need to stipulate where and

how the coolant is injected and then integrate the local 5,4 given by
Eq.(5.62) over the blade (or shroud) surface. This is dome on the basis

of the following assumptions:

1) As already stipulated for convection cooling, the coolant is uni-
formly distributed along the chord, i.e. Amgy/my=Ac/c. Moreover,
the ratio between the coolant flow per step (Amg;) and the coolant
flow for the blades equals the ratio a, between the area wet by the
gas and the blade surface (see Eq. A.1l) This is like saying that
film cooling the blades and the shrouds is equivalent and it approx-
imately corresponds to a continuous slot extending along the whole
perimeter of the gas cross-section' (Fig. 5.42).

2) After exchanging heat by comvection, a fraction ry of the total
blade coolant is injected through slots (or hole rows) running from
the root to the tip of the blade (Fig. 5.42). The remaining coolant

* The correspondence is not exact because a, is slightly different
from the ratio between the gas cross-section perimeter and the lenght
of the blade slots (2:-H).

Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.




Princeton MAE Ph.D: 1893-T - 5.56

is ejected at the blade tip (or at the trailing edge) without
contributing to £ilm cooling.

3) The distance between two adjacent slots equals the chord segment
spanned at each step, i.e. Ac.

4) Similarly to Louis, Hiraoka and El-Masri (1983), the average effec-
tiveness 7,4 over the surface wet at each step equals the value given
by Eq.(5.62) for X=Ac. Since n,4 is a monotonic decreasing function
of x, this might seem a rather conservative assumption because:
(1) it uses the minimum n,4 in place of its average value and (ii) it
neglects all superposition effects. However, it must be remembered
that the average spanwise® effectiveness of hole rows, much likely
to be used in gas turbines, is substantially lower than the one of
a slot. The ratio %/Ac could be used as a non-dimensional parameter
to describe the "quality" of film cooling as an alternative to rg.

Based on assumption 2) and the continuity equation, coolant flow must

satisfy:

TgorAmgy = 8y peyUgy - (2-2-w-H) = [2-7-a-0-(H/e) -w-Dy):pey-Upy (5.65)

where U, now indicates the velocity at the injection slot,

5,3,5.2 Film cooling mass ratio x,.
The ratio re. between the flow used for film cooling and the total ;
cooling flow is essentially a‘n indicator of the "quality" of film
cooling technology. It correctly account:sv for the fact that only part
of the cooling flow is used for film cooling, but it can also be used t
to "tune” the value of 5,9 given by Eq.(5.62) to the one corresponding »
to the actual geometry. It could also be defined as a "correction |
factor" of Amy, accounting for the performance of the actual geometry
vs, the slot over a flat plate. ry should be close to one in the first
nozzle and decreases in the cascades downstream, where film cooling is

used mainly at the leading and trailing edge but not in the midchord

region.

* "spanwise" refers to the direction perpendicular to the main-
stream.
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The reason why in actual blades only a fraction of i, is used for
film cooling is related to a number of drawbacks pointed out by

Livinghood, Ellerbrock and Kaufman (1971):

holes and slots result in weaker blade structures

o openings in the blade walls are susceptible to vibration and fatigue
failures

o foreign object damage and clogging by surface oxidation or dircy
cooling air pose serious problems

e injecting the coolant into the mainstream flow affects aerodynamic
performance o

s fabrication techniques are more complicated and expensive

We might also add that the coolant discharged at the trailing edge,
which is generally a relevant fraction of @, can effectively be
utilized for film cooling only for a small fraction of the blade

surface.

5,3.5,3 Number of film cooling slots

The number of steps of the film-cooled section is gemerally higher
than the number of injection slots of an actual gas turbine. Therefore
our model substitutes few, largely-spaced slots with several, closely-
spaced slots, each having a lower coolant flow rate. lLet’s assess the
impact of this assumption on the average effectiveness 7j,4=n.a(X). Based
on Eq.(5.65) and recalling that p U, = m/A; = m,/(m-,H:D;) (see

Eq. A.1):
%/ (w-M) = (2-ap-0/1hg) - (R/c) - (my/Bme1y) - (1/1gc) (5.66)
The slot Reynolds number appearing in Eq.(5.61) can be rearranged as:

Re, = Mewepy U/ = [(w-H)/x] - (x/€) -Rey+ (ig/bicr) (5.67)
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thus giving:

€ = [x/(w-M)]25/[Rey- (pg/bcr) - (%/€)]0% (5.68)
Now putting together (5.63), (5.61) and (5.67):

(#3/#4:1)0'2' go-8 ﬁ = (x/c)?8. Res'°‘2.

.

[(2-ay-0/%;) : (mg/bmey,) /xgc+0.00015- sine-Rey-Wy/Wer]  (5.69)

vhere since (mg/Amy)/re. >> 1 the first term within square brackets '

dominates the second”. Eq.(5.69) shows that if we substitute one slot

with n,; slots each having:

Amgy x = Amgyp/ng) % = X/ng

then the product £°-°.8 used to calculate 7,y of the small slots

approximately increases by a factor n,%2. The ratio between 7,4, and

the effectiveness #j,q of the single-slot case is:

Tad,x/Med =

[1+0.329: (cp, o/Cp, c1) *§°B+B1/[140.329 (cp,g/Cp, c1) ' *2 8%+ B] (5.70)

which can be rearranged as: <

ad,x/Maa = 1.9-Pr 23/ (050219 -Pr, 23— (n,) 0 2-1) 7gy) (5.71) s

This equation is plotted in Fig. 5.43, showing that at high n,; and low
fea the predicted film cooling effectiveness of the n, -slot case can be
substantially lower. The calculations performed to calculate the
results of Chs. 7 and 10 typically involve 4-7 expansion steps per
cooled cascade. Since a film cooled blade has always at least 2-3 hole

rows, it follows that in our calculations n,=2-3. In this range we can

* The second term disappears for tangential injection (a=0).
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say that the effectiveness penalty given by Eq.(5.71) is simply one
more conservative assumption®; however, if the number of expansion

steps per cascade is very high the model tends to underestimate 7.4.

5.3,5.4 Slots vs, hole rows _
The correlations presented in 5.3.4 for 2-D film ~cool:l.ng do' not
capture two important features of film cooling through-hole rows:

¢ The major effect of the coolant-to-freestream density ratio™
Pe1/Pg. Together with the blowing rate M, the density ratio deter-
mines whether the coolant jet exiting the hole penetrates inteo the
mainstream, and influences how much and how socon the jet spreads
laterally.

o The fact that the average spanwise effectiveness might have a peak
at some distance from the hole row. Before the peak, the average
spanwise effectiveness is low due to poor lateral spreading of the
jets;  after the peak, it decreases due to mixing with the main-
stream.

A set of correlations to predict the film cooling effectiveness of rows
of circular holes has recently been presented by L'Ecuyer and Soechting

(1985). Its application to our calculation scheme would certainly be

interesting, although it would not eliminate the need for a parameter
describing the "quality” of film cooling (similar to r,). As long as
the blade and hole row geometry, as well as the mainstream conditions,

are not specified precisely, such parameter is needed to match predic-

tions with the cooling flow required by actual cascades.

5.3,5.5 Variation of r, along cooled turbine

* Since Amy, varies at each step, the assumption that each "small”
slot injects the same flow rate is inaccurate. Adding that the real
blade geometry and n, are ‘unknown makes clear that attempting to
quantify #.q,x/Maa s rather useless.

** For a given blowing rate M, varying "Per/py 1s equivalent to
varying the coolant-to-freestream momentum ratio.
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If there is film cooling, the mass ratio r, is varied along the

turbine according to Fig. 5.43a:

o In the nozzle, ry is constant.

¢ In the cooled turbine ry, can either be zero (i.e. no film cooling)
or vary limearly with T, until it reaches zero at the end of the
cooled turbine. C

Tgo,ct=0 corresponds to current heavy-duty gas turbines, where film

cooling is used only in the first nozzle. Instead, the linear variation
of ry, . corresponds to current aero-derivatives; after the nozzle, film
cooling becomes less relevant because (i) to improve mechanical
strength, rotof 'b';lades are not as heavily film-cooled as stator blades;
(ii1) to reduce manufacturing costs, film cooling is rarely utilized in

the last cooled cascades.

5,3.6 Calculation of cooling flow

As for convection cooling, the cooling flow is determined by

[ imposing that the blade external temperature at the coolant channel

exit be equal to Ty, L.e, rpgon=l. However, with film cooling the

driving gas-side AT is T,,—Tpgrather than Ty —Ty,, and Eq.(5.38) becomes: ’

Thg,out ™ {(l-g)- Tcl,1n+[ c"'Bilm"'hg/(ac'hcl)] * raw)/[1+Bibw+h5/(ac 'hcl) ] ‘

(5.72) |

The adiabatic wall temperature can be found by observing that in this

case (adapt Eq.25a):

Tcl.ouf. - Tcl,in + e (Taw_Tcl.in) (5.73)

Substituting this expression into the definition of n, (Eq.5.57),

expliciting T,, and dividing by Ty
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Taw = [(1-ng4a) 74 (1=2) nag' Ter, 1]/ (1 ~€naa) - (5.74)

The cooling flow corresponding to ry, .~1 is found by iterating on ﬁob.
Given mg;,, the heat transfer effectiveness ¢ is determined according to . '
the relationships derived in 5.2.4.6, 5.2.4.7 and 5.2.4.9; the film . 3

cooling effectiveness comes from substituting Eq.(5.695 intg (5.62):

flaa = 1.9-Pr,2/3/(140,329: (¢, g/Cp 1) -Reg 02+ (/)02

o S e e

[(2-a,-0/%,) - (mg/Amgy,) /rc+0.00015 - sina-Rey Wy /Woy]) (5.75)

and from hyptheses 1) and 4) of Par. 5.3.5.1:

Amgy, /ey, = Ac/c
.X/c = Ac/c

5.3.7 Results

Similarly to Par. 5.2.8, this section presents results referring to

the operating conditions typical of the nozzle of current heavy-duty

engines and to Ac/c=0.25. Given the same hypotheses, Figs. 5.44 to 5.49

are directly comparable with Figs. 5.27 to 5.32.

; 5.3.7.1 Influence of Z and r,.
Fig. 5.44 depicts the influence of Z and re. on the cooling flow ‘

required by the nozzle typical of heavy-duty engines already considered

in Figs. 5.27 and 5.28. As usual, the cooling flow is for (1/4)th of
the cascade, i.e. Ac/c = Amgp/mgy = 0.25. Notice that the gains
achievable with £ilm cooling are comparable to the ones achievable with
more sophisticated convection cooling. For example, starting from Z2=20
and rg~0, approximately the same reduction of Am, can be obtained by
going to re=l or to -2=250; however, the latter option is likely to

entail higher costs. The benefits of film cooling decrease at high Z:
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going from r,~0 to r,~l decreases Am,, by a factor of about 8 at Z=10,
and by a factor of about 2 at Z=300.

To summarize, the figure proves that it is the synergic combination
of convection and film cooling that gives best results, a consideration
already pointed out by Colladay (1972).

The effectiveness and the heat transfer characteristics d‘epicted in
Figs. 5.44 and 5.45 show that:

e By reducing the gas-side heat flux, film cooling allows reducing
(Tpe1—Tc;) at the end of the cooling chamnel, thus increasing «;.
Therefore, film cooling "pays twice", because besides reducing the
heat flux it also affords higher heat transfer effectiveness,

¢ When going from no film cooling to re=1 the internal heat transfer
coefficient decreases by a factor between 2 and 8. Therefore, in

film cooled blades we would expect more widespread use of impinge-
ment cooling as a way to achieve high local h, (see Par. 5.4).

5.3.7,2 Variations of gas temperature

Figs. 5.46, 5.47, and 5.48 shows the variations of Am/m,;, hg/hg,
Nad» €3 and dP;; /P with T,. The vglue of 75 chosen for Z is close to the
result of the calibration of Ch. 7 and could be achieved, for example,
with ¥y=0.7, o;=0.08, n,=3, Ey=1.6, c/d=24. It is clear that for
Tg>1300°C some form of film cooling must necessarily be adopted”. Due
to gas-coolant mixing before the first rotor — and leaving aside the
pattern factor X —T,~l300°C at the nozzle inlet corresponds to
TIT=1200-1230°C. Convection cooling performs so poorly at high T,
because in order to transmit the high heat fluxes imposed on the gas-

side, T oy must become very low and ¢, practically goes to zero.

* Considering that Ac/c=0.25, the value Am,/m,=~3.5% given by the
figure for no film cooling and T,~1300°C implies that in those condi-
tions the cooling flow for the whole nozzle must be 11-14% of m;, a

fraction already very high, not to mention the effect of the pattern
factor.
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Besides, Fig. 5.48 shows that without film cooling the pressure drop of :

multi-pass cooling channels is likely to pose major constraints.

5.3.7.3 TBC coatings ;

The combined effect of £ilm cooling and TBC coatings can be obtained

by correcting Eq.(5.72) according to Eq.(5.49) and caléulating NTU by

Eq.(5.51). Fig., 5.49 shows that the relative gains afforded by TBC
coatings decrease with the level of film cooling technology. For
example, for T,=1300°C and no film cooling, TBC coatings with
Birge=Bip=0.5 give a 60% reduction of cooling flow; however, if r,=0.5
the reduction of m,, is only 30%. Conversely, with TBC coatings there 7]
is less incentive to go toward film cooling. This is to be expected
because both TBC coatings and film cooling act by decreasing the heat
flux to the blade, thus "competing" for the same task. If one of the
two techniques is already in use, adding the other yields lower

marginal gains. From the point of view of reliability, stable, corro-

sion-resistant TBC coatings should be preferable to film cooling i

because they eliminate the risk of plugging”.

* The obstruction of film-cooling holes, which is generally fatal
to the integrity of the engine, is a problem often encountered in
aircrafts operating in desert areas, where sand ingested into the
compressor melts during combustion and then forms a glass-like cover on
the turbine blades. With TBC coatings, such occurrence would actually
increase the resistance opposed by the thermal barrier.

¢
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5.4 Imiggemenc cooling

This paragraph reviews the basic features of impingement cooling,
and presents a model for the calculation of the flow required by fully-
impingement cooled blades.

Since the schematization is radically different ffom the one of

convection and film, the model illustrated here is not one further : 1

extension of the model of Par. 5.3: it is an alternative method which

cannot be used in conjunction with the others. The geometrical arrange-

ment is particularly simple, different from the ones adoi)ted in

practice; nonetheless, the analysis allows appreciating the merits of A
this technique and the differences with convection and film.
The model of this paragraph has not been included into the computer

code implementing the algorithms of Ch. 3 for two reasons:

¢ Generally, impingement is used only locally (e.g. leading edge
region); thus, its effects on overall gas turbine performance are
limited.

¢ A model handling convection+film+impingement cooling would require :

too much information on blade geometry. i

Thus, the results discussed at Par. 5.4.4 have been obtained by a ‘

program different from the one used to calculate cooled gas turbines |

(see Ch.9), and the results of Ch. 7 and 10 do not include impingement ?

cooling calculations.

5.4.1 Generalities

Impingement heat transfer consists in directing high velocity gas
jets against the surface to be cooled (or heated). Besides gas tur-

bines, it has considerable applications in drying of textile and paper,
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tempering of glass, spot cooling of electrical apparatus, Its distinc-

tive features are the possibility of achieving:

o High heat transfer coefficients in localized regionms

e Good heat transfer in regions where it is impractical to realize
channels for convection cooling

o More uniform blade temperature distributions.

These capabilities are particularly relevant to cooling of the leading
edge, a region which needs intense heat removal and where it is
technologicélly difficult to realize cooling channels with good heat
transfer performances. Impingement may also be used in the midchord
region in order to obtain a more uniform temperature distribution.
The various flow regions formed by a jef impinging on a solid
surface are shovn in Fig. 5.50. The theoretical prediction of the heat
transfer characteristics is extremely difficult because, in addition to
the complexity of the flow field created by a single jet, the cooling
schemes adopted in practice always consist of arrays of jets which
strongly interfere with each other. Both local and average heat
transfer are strongly influenced by a number of geometrical and
fluidynamic parameters, such as jet type (slot or circular), jet
spacing, arrangement of the jet array (inline or staggered), distance
from the surface to be cooled, fluid properties and velocities,
presence of crossflow perpendicular to the jets etc. Given the impossi-
bility of solving the fluidynamic problem theoretically, investigators
have aimed at determining empirical correlations of the relevant non-

dimensional parameters. All such correlations express the Nusselt

1HE et SVET e 5D
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number as a function of Reynolds and Prandtl number®, the system
geometry and the characteristic crossflow parameters. Nu and Re are

generally, but not always, based on jet diameter and jet mass velocity.

5 ,4', 2 Literature survey

Most of the research has focused on arrays of jets :lmpinginé against
a flat surface, an arréngément which approxima‘tes reasonably well the
one adopted in the mid-chord region of turbine blades (Fig. 5.51).
Correlations for heat transfer from a single circular jet were first
obtained by Perry (1954) and later by Gordon and Cobonque (1961) and
Huang (1963), wh'o'also discussed and gave experimental data for jet
arrays. In these papers it is recognized that the crossflow of spent
gas, which after being impinged flows perpendicularly to the jets
toward a discharge orifice, can substantially reduce heat transfer.
Schuh and Pettersson (1966) developed a correlation for.:lnjection
through a single row of slots and found that a crossflow with velocity
up to 60% of jet velocity (v;) does not reduce the heat transfer
coefficient; instead, some reduction is observed with injection through
a row of circular holes. After discussing the characteristics of the
crossflow originated by the spent flow, Kercher and Tabakoff (1970)
obtained a general heat transfer correlation for the square array of
circular jets depicted in Fig. 5.52. The c:rrelation requires the use

of three graphical presentations and expresses Nu, averaged over one

* Since all the experimentation has been conducted with air, the
Prandtl number dependence is simply assumed equal to the one for flow

parallel to a flat plate (Nu = Pr'/®) and, to our knowledge, has not
been verified.
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streamwise” hole spacing, as a function of:

Re and Pr

* Hole ‘spa'cing

Distance between jet plate and heat transfer surface

s A parameter expressing crossflow intensity

Due to crossflo&, it is (not possible to find an expression for the
average plate Nu; the heat transfer problem can be solved only after
determining the crossflow and jet flow variations from one hole row to
another.
More sophisticated analyses of crossflow and other effects have been
performed in a series of recent papers:
e Hollworth and Berry (1978) pointed out that although small hole
spacings increase the heat transfer coefficient, the average heat
transfer per unit of coolant flow decreases. The strong reduction of

cooling flow requirements afforded by large hole spacings is sup-
ported by the analysis developed in the next paragraph.

o Metzger et al. (1979) and Florschuetz, Berry and Metzger (1980) |
uncovered periodic streamwise variations of the . heat transfer ;
coefficient. This can produce. significant temperature non-uniformi- i
ties of the heat transfer surface and defeat one of the primary i
goals of impingement, i.e. the achievement of more uniform blade ‘
temperatures to reduce thermal stresses. Temperature variatioms can
be smoothed by reducing the jet diameter; however, smaller holes ‘
yield higher pressure drops and increase the probability of plug- i
ging.

¢ Florschuetz, Truman and Metzger (1981) developed a theoretical model
of the spent crossflow for the geometry of Fig. 5.52. They also
present a correlation for Nu (averaged over one streamwise hole
spacing) which does not require the use of charts and can account
for both streamwise and spanwise hole spacing (non-square arrays).

Florschuetz, Metzger and Su (1984) analyze the effect of an initial
external crossflow at a temperature different from the one of the
jets. This scheme correctly models the midchord region of a gas
turbine blade (Fig. 5.51), where the jets are crossed by spent flow
coming from the leading edge. Because of heat pickup at the leading
edge, the temperature of such initial crossflow is substantially

*

In this paragraph “streamwise" and "spanwise" refer to the
direction of the crossflow.

3
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above the midchord jets. The situation can be viewed as a three- !
temperature problem, where the heat transfer is to a fluid in the
" process of mixing from two sources at different temperatures. This
is very similar to film cooling, and can be modeled by introducing
an effectiveness analogous to the one defined in Eq.(5.57). . )

A A S R

Nac

Finally, Chupp et al. (1969) and Jusionis (1970) developed correlations

Famalad S aaN

for the impingement of a single row of jets over a concave circular
heat transfer surface, a situation encountered at the blade leading
edge (Fig. 5.53). In both papers it is assumed that there is only one

row of jets, i.e. no crossflow effects.

5.4,3 Calculation of cooling flow

The heat transfer and the pressure loss of convection and impinge-
ment systems have been compared by Schuh and Pettersson (1966), who
however did not discuss cooling flow requirements. Hollworth and Berry

(1978) mention the importance of reducing the cooling flow but do not

attempt any comparison with convection systems. Performing a rational

compaﬁson is intricate because in both systems there are a number of 1‘
| geometrical parameters which need to be optimized under the constraints
‘ imposed by manufacturing capabilities, blade thermal load, maximum
allowable temperature. The optimum blade design is likely to include,

as it is actually done in practice, a combination of convection and

impingement. In the following I will determine the cooling flow
requirements of the fully impingement cooled blade depicted in
Fig. 5.54. Although approximate and referring to a design which is not
adopted in actual blades, the analysis clarifies the relative merits of

convection and impingement,
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5.4,2.1 Assumptions
The cooling flow required by the blade in Fig. 5.54 has been
estimated dccording to the following assumptions: ‘ : ;
1) The ratio between the cascade and the blade cooling flow is .again
equal to the area ratio a, (Eq. A.l).

2) Within each blade, the cooling flow is equally divided between
pressure and suction side.

3) Blade curvature and compressibility effects are negligible. This
allows using the correlations developed for flat plates.

4) The jet array is square, staggered, with length equal to the blade ‘
chord. ‘ ;

5) There are no- flow and temperature variations along the radial [

direction :

From hypothesis 5), and indicating with x, the jet spacing, the number

of jet rows for each blade side is:

ny, = c/xy, = (c/d)/(x,/d) (5.76)

while the total number of holes is 2-(H/x;)-(¢/%;). The "open area

ratio” a; between the total jet cross section and the blade surface is:
ay = 2-(H/%,): (c/%y) + (m+d%/4) /(B-c-H) = (x/2)/[®- (x,/d)¥] (5.77) |

Based on assumptions 1) and 2), the average jet mass velocity 6.1 is: \

Gy = [Mewn/(ay-2)]/[a5:-c-H] = [1/(n-a;-8,-2:0)] - [my/(H-Dp)] * (Boyn/mg)

(5.78)

5.4.2,2 Flow distribution and Reynolds number
Due to the need ta discharge the spent coolant, in the hiatus

between the jet plate and the blade wall there will be a pressure
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gradient between the leading and trailing edge. Such pressure gradient

cannot be ignored because it seriously affects the mass velocity Gj at
each jet row, as well as the chordwise heat transfer and temperature
distribution. Florschuetz, Truman and Metzger (1981) imagine to replace
the discrete hole array by a surface over which injection is conti-

nuosly distributed; assuming that the streamwise pressure gradient is

due only to crossflow acceleration (i.e. no wall shear), the integra-

tion of the force-momentum balance gives:

6(x)/Gy = [B-nye/sinh(f-ny,)] -cosh(B-x/x,) (5.79)

where x is the distance from the edge of the jet plate (in our case the

leading edge, see Fig. 5.54) and, indicating with Cp the jet discharge

coefficient my/(p;-Us-Ay):

B = Cp+2%5. (x/6) /[ (%,/Q) - (2,/)]

Assuming that in the discrete hole case the mass velocity of the ith

| row corresponds to G(x) calculated at the row centerline, where

®/Xy=(1-1/2):

G;],i/EJ = 1y = [f-ny/sinh(8:ny.)]-cosh[B: (1-1/2)] i=1,2, .. n;,

: (5.80)

By the same argument, the crossflow G, can be expressed by:
(Ge/G5)y = [1/(2%:3-Cp)]-sinh[B- (i-1)]/cosh[B-(1-1/2)] (5.81)

As shown in Fig. 5.55, the variations of Gy and G, with the jet row are

quite substantial and are more pronounced for high ny,. Although Kercher

and Tabakoff (1970) have shown that the jet discharge coefficient Cp
|
! varies with Re; and d within the range 0.75~0.90, for the sake of the
i

”
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argument we'’ll assume constant Cpy=0.8. Recalling Eq.(5.78) and observing

that: o !

mg-d/[H-Dg- ] = Rey- (g/mer) - [x-9/(c/D)] ' (5.82)

the Reynolds number G; ,+d/p.; of the ith jet row can be expreésed as:

Rey,y = Cyo- [(ry,1/85)/(c/0)] - [Rey: (iy/Bar)]* (Beyn/my) - (5.83)

Cgz = g/ (ay-2-0) (5.84)

TR LT I LY

5.4,2,3 Heat transfer

The most complete correlation for the evaluation of wall-to-jet heat
transfer has been proposed by Florschuetz, Truman and Metzger (1981). : ‘
Correlations proposed by other investigators give similar dependencies

of Nu vs. Re; (Hollworth and Berry, 1978 give Re}-®; Behbahani and

Goldstein, 1983 give Re}-7%) but do not explicit the separate influence
of x,/d, y./d, 2z,/d and G./G,. For staggered arrays, the expression

proposed by Florschuetz, Truman and Metzger (1981) is (in our case must

set Ry=yy):
Nu; = Nuy- [1-1.07- (x,/d)"0-8%. (z,/d)0-7%8. (G /G,)0¢¢] (5.85)

where Nu,, the Nusselt number of the first row (where G.=0), is:

Nuy = 0.363:(x,/d)0-975. (2, /d)°-068.Re; *-727.Pr 13 (5.86)

and 2, 1s the wall-to-jet spacing. These expressions hold for:

2.5.10° < Rey < 7-10
4 < x/d <10
1<zy/d<3

0 < G/Gy < 0.8

=
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and refer to a heat transfer coefficient which in our case would be

defined as (Metzger et al., 1979):

hoy,s = 43/(Thex,1~Te1,im)

q; is the heat flux averaged over the ith streamwise hole spécing and
the subscript ",i" emphasizes that hy, and Ty vary with the _'iet row',
This definition 1mplie; ti\at: thé coolant-side AT to be used to deter-
mine the thermal power exchanged at each jet row 1is the whole

(Tyer,1=Tey,4n) rather than a suitable averaged AT.

5.4.2.4 Blade_ temperature
Neglecting conduction, the heat flux balance for the section of

blade wall facing the ith jet row is therefore:
By (Tgr—Thg,1) = (Kp/tue) * (Tng,3~Ther,i) = ey, i (Tper,1=Te1,1a)

Explicing Ty, 4 and non-dimensionalizing the temperatures this gives,

similarly to Eq.(5.37):

Tog,i ™ [rel,ln'*'(Bibw"'h;/hcl,i) . 75:]/(1+Bibw+h5/hc1,i) i-1,2, .. 0y,

(5.87)
The ratio h,/h, ; can be found by observing that:
hcl.i/hg - (Stcl,i/Sts) N (cp,ul/cp,g) 'Gj,i/(P;'Ug) (5.88)

where, consistently with the definition of Re; ;, the ith row Stanton

number is defined as hgy 3/(cp 1°Gy,1). Once Nu; is known, St ; can be

" Rather than T ;,, Metzger et al. (1979) actually use a reference
temperature which may be identified as the adiabatic wall temperature.
However, they suggest that in applications like blade cooling the use
of T in adequately predicts the heat fluxes. Behbahani and Goldstein
(1983) refer only to the adiabatic wall temperature, although for their
experiments T,yTc) in.
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found from St = Nu/(Re:Pr); as for the ratio of mass velocities we

héve:
Gy,1/(PgUg) = Gy,i°Ag/my = Cya* (Ty,1/8y) * (Me1n/mg) (5.89)

which allows determining h; ;/h, as a function of (m.n/m,). Similarly
to what already aone fqr cf)mlect:i_.on cooling, we can now determine m.y,/m,
by imposing that 7y, ;<1 V i=1,2, .. ny. Given the geometric parameters
(%p/d, 2,/d, c/d, C), the gas Reynolds Re, and the fluid conditions
(T,P,u), the 'temperature distributien resulting from each ﬁ:,;n,/ms can be

found by calculating:

(1) - ry,, at each row from Eq.(5.80)
(ii) Re;,; from Eq.(5.83)

(iii) Nu; from Eq.(5.85)

(iv) hg,i/h; from Eq.(5.88)

(V)  7yg,; from Eq.(5.87)

Notice that no reference is made to the actual physical size of the
system nor to absolute mass flows. Absolute quantities can be found
after specifying the gas flow rate per unit cross-sectional area

mg/(n-H-Dy) appearing” in Eq.(5.78).
5.4.3 Pressure drops

Assuming that the flow through the impingement holes is 1-D,

adiabatic and frictionless, the pressure drop can be expressed as:

AP = (p-U%/2)-[1 + Ma?/t + (2~v) -Ma*/24+ . . . ]

d Introducing the stage specific diameter D,—D,,,-Al'lf,‘zs 2;‘: (Par.
2.1.1.3) gives: ’
mg/(H-D,) = pg-Ahd;3/ [x-DE- (H/Dy)]
Since Ah;,, D, and H/D, typically fall within a narrow range (see
Par. 2,1), the gas specific flow rate depends mainly on gas density.

Igzeproduced with permission of the copyright owner. Further reproduction prohibited without permission.

f
i
1




Princeton MAE Ph.D. 1893-T - 5.74

Although the jet Mach number can be high (Metzger et al., 1979 report ‘
that for some of their experiments May=1), I will neglect compressibili-
ty effects and assume APy =(p-U%/2). Besides its convenience, this is
done to maintain compatibility with Eqs.(5.79) and (5.8_0), which are

based on the hypothesis of incompressible flow; the resulting AP is

therefore an optimistic estimate. The pressure drop at each hole row

is:

APy = pgy U3 1/2 = (Gy,4/Cp)2/(2:pc1) (5.90)

Since Gy ; is maximum at the last hole row (spent coolant discharge),

the required coolant-side pressure drop corresponds to im=n,,:

APy = [1}n,,/(2-CB:pe1)] G5 (5.91)

Recalling Eq.(5.78) and that P, =p,-a%,/v.; we can obtain an éxpression

similar to Eq.(5.44): !

APcl/Pel - C%z‘ [Res'”s/“cljz' (Yer [(Vcl/c)/acl]z) ‘

[,/ (2-CF-aD)] - (ibe1n/mg)2 (5.92)

Since the open area ratio a; given by Eq.(l) varies with (x,/d)2, the

pressure loss is proportional to (x,/d)*. L.
|

5.4.4 Results

The impingement cooling model has been used to calculate the cooling
flow required by a nozzle operating under the same conditions consid-
ered in Pars. 5.2.8 and 5.3.7. However, unlike the results presented
1 for convection and film - vhich referred to 25% of the blade

(Ac/c=0.25) — in this paragraph all calculations refer to the whole

Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.



S. Consonni - 5.75
blade and assume that T,, is constant along the chord. This is done to
exemplify an unequivocal chord-wise coolant distribution.

The calculation of impingement flows could be made compatible with
the step-by-step model of Ch. 3 by assuming that if Am), is the flow
required to cool Ac, then Am,,/mp=Ac/c (Par. 5.2.4.1). In such case
the distributions in Fig. 5.56 would become a fictitious ;epre;entation

corresponding to T, wconstant,

5.4.4,1 Chord-wise distributions

Fig. 5.56 depicts the chord-wise heat transfer and blade temperature
profiles corresponding to the situation with 7y, ;<1 Vi. Disuniformities
tend to disappear at high x,/d, for which the highest temperature is
reached at the last jet row (in our case the trailing edge). Since h;

is assumed constant, the solid curves represent the variations of h.

In the leading edge region (low x/c) heat transfer benefits from the

absence of cross-flow, but suffers from low coolant velocities. Moving
toward the trailing edge (higher _x/c), h;; is subject to the antagonis-
tic effects of increased crossflow and higher jet velocities. For
X,/d=10, crossflow effects prevail because, as illustrated in Fig. 5.55,
jet velocity is almost constant. For x,/d=4, crossflow prevails only in
the leading edge region; past the mid-chord, h, starts increasing due
to much higher jet velocities. For x,/d=10, h., is about 2-3.5 times
higher than for convection (compare with Fig. 5.28); local values up to

100% higher are obtained with x,/d=4, which however gives strong

chordwise variations.

5.4.4,2 Influence of geometry and gas temperature
The influence of geometry and T, on the overall cooling flow is

illustrated in Figs. 5.57 to 5.59. Points with AP, /P.;>55-60% have been
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removed because they would imply nearly supersonic flow and require a

different analytic treatment. The figures show that:

o The adoption of large hole spacings allows dramatic reductions of
the cooling flow. Low X,/d require large cooling flows because, al-
though h;; is high, the heat transfer area corresponding to each jet
row is very small and the coolant has no "room" nor "time" to
exchange heat. .

o The wall-to-jet spacing z,/d has minor effects on cooling flows, but
substantial effects on pressure losses. Although high z,/d decrease
h,y (see Eq. 5.85), they also yield lower crossflow intensities
(smaller B in Eq. 5.81). The relative insensitivity of m,/m, is due
to these two antagonistic effects. Instead, AP /P.; is affected only
by crossflow and coolant flow variations, thus increasing at low
Z,/d.

¢ Similarly to z,/d, the ratio c¢/d mainly affects pressure losses. For s
each hole spacing there is an optimum c¢/d that minimizes the cooling
flow and another, typically lower, that minimizes pressure losses.

¢ In order to obtain cooling flows comparable with convection cooling
systems it 1s necessary to adopt xX,/d = 6. The most interesting
solution (x,/d=10, z,/d=2, ¢/d>100) gives cooling flows corresponding
to approximately the lower bound of convection systems.

¢ The wvalues of G,-a; depicted in Fig. 5.57 (corresponding to
my/(m-H-Dy) =~ 300 kg/s-n?, a value typical of large heavy-duty !
engines) are substantially higher than the range 0.5-1 kg/s-m? quoted
by Abdul Husain et al. (1988). This could perhaps be explained by
considering that in actual blades impingement is only part of a
complex scheme including also convection and f£ilm cooling. |

¢ All configurations require a pressure loss of at least 8-10%. In :
practice, pressure losses are likely to be lower because, as already i
mentioned, actual blades utilize cooling schemes different from the
one considered in the present study.

o At gas temperatures above 1200°C, x,/d=10 appears the only viable
solution.

The above results make clear that, compared to convection, impingement

does not offer significant cooling flow reductions, The major advantage

is therefore an increase of the local h;, by a factor between 1.5 and

5. However, as illustrated by Andrews et al. (1988), the presence of

film cooling on the external blade surface may substantially alter the

situation.
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The reason why AP is much higher than for convection is mainly due
to the difference in coolant flow cross-sectional area and therefore

its velocity. Recalling Egs.(5.10) and (5_.77) , the total cross-section-

al areas are:

for convection: ay-c?/n,
for impingement: Gp-2-(H/x,):(c/x,)-x-d%/4

For the same mass flow, the ratio of average coolant velocities is

therefore:

Uop,1/Uet,ov = (2/7) [on/(Cp1p)] + (e/H) - (%,/d)?

For the values adopted in Figs. 5.29 and 5.58 (ay=0.08, Cp=0.8, ny=1,

c¢/H=1.37) U;, , can be, depending on x,/d, 1.5 to more than 8 times

higher than U .
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5.5 1ssues deserving further work ‘ ’

The schematization presented in this chapizer allows predicting ;
cooling flow requirements for all the three techniques now used in gas ' E
turbine: convection, film and impingement.

Although the detail and the accuracy of the present f;)rmulation are

satisfactory for the purposes of this Thesis, there are areas where it

would be desirable to perform further work: ' !

e More precise definition of the average gas-side heat transfer
coefficient.

e Calculation of pressure losses for each step of the cooled expan- T
sion.

o Development of an integrated scheme for convection, film and im-
pingement

e For film cooling, differentiation between continuous slots and rows
of holes.

In most cases these improvements will involve the collection of

substantial amount of experimental data.
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NOMENCLATURE
a Speed of sound [m/s])
a, Ratio between impingement jet cross- -section and blade sutface

a, Ratio inner/outer blade heat transfer area (Eq. 5.12)

ag Ratio between blades+shrouds surface and blade surface (Eq. A.l)
A Cross-sectional area [m?]
Biy, Blade wall Biot numbexr h,-tp,/k, (Par. 5.2.4.7)

Birpe Thermal Barrier Coating Biot number h,-trpc/Kree

c Blade chord ‘ . ‘[m]
< Constant pressure specific heat [J/kg-K]
C Thermal capacity m-c, ' {W/K]

Cp Impingement jet discharge coefficient m/(py-Us-Ay)

Cay Fluid properties coefficient defined by Eq.(5.21)

Cs;  Fluid properties coefficient defined by Eq.(5.35)

Ca1 Stage geometry coefficient defined by Eq.(5.20)

Cgz Stage geometry coefficient defined by Eq.(5.84)

a Cooling channel or impingement hole hydraulic diameter:

4.A/(periphery) [m]
Amg),, Blades+shrouds coolant flow per step [kg/kg,~step]
D Diameter [m])

Ey, Heat transfer augmentation factor

E¢ Friction augmentation factor

Ep AP augmentation factor (frictiontheat transfer)

£ Friction factor, see Eq.(5.43)

Gy Impingement jet mass velocity based on hole area my/A; [kg/s-m?]

k Thermal conductivity [W/m-K]

K Coefficient introduced by Eq.(5.2a)

h Specific enthalpy or heat transfer coefficient [J/Kg or W/m?-X)

H Blade height [m]

n Mass flow rate, specific to compressor inlet air flow [kg/kg,]

My, Blades+shrouds coolant flow per cascade [kg/kg,-cascade]

M Blowing rate parameter (pcy'Ue1)/(pg:Ug)

Ma Mach number

ng  Number of coolant channels per blade

n;,  Number of impingement jet rows per blade side (pressure, suction)

n, Number of passes of each coolant channel

ngy  Number of small closely-spaced film cooling slots (see

Par. 5.3.5.3)

Nu Nusselt number h-c/k

Nu, Mean Nu over one cascade or over a 180° bend

P Pressure [Pa]

Pr Prandtl number

ree Ratio between flow used for film cooling and total cooling flow

r; Ratio actual/average impingement jet mass velocity

R Gas constant [J/kg-K]

Re;; Coolant Reynolds number based on channel diameter pgy-Ugy-d/pcy

Re;, Gas Reynolds number based on chord and mass velocity
(mg'c)/(Ag'“g)

Re, Gas Reynolds number based on chord and stage exit velocity

pg'vge'c/ Hg

Re;  Impingement jet Reynolds number G;-d/m.

Re, Coolant Reynolds. number based on slot width p.-Ug We/Bcy

q Heat flux {W/m?]
Q Thermal power )
S Heat transfer area [m? or J/K)
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St,; Coolant Stanton number h,/(cy - pe1°Uct)
St; Gas Stanton number hg/(ep, s-mB/A‘)
St,, Mean cascade St based on cascade exit velocity, see Eq.(5.3)

tp Average blade thickness: (blade cross-section)/c ‘ [m]
t,e Blade wall thickness . [m]
tree Thermal Barrier Coating thickness [m]
T Temperature (K]
T Average T used used in the cooled turbine, see Eq. (5 6). . [K]
Tinx Maximum allowed blade temperature _ K]
u Blade peripheral speed « [m/s]
U Average mass velocity: m/(p-A); average axial velocity [m/s]
U, Overall heat transfer coefficient ' [W/m2-K]
W Injection slot width [m]
A Equivalent injection slot width (area holes)/(hole pitch) [m]
4 Molecular weight [kg/kmol]
X Distance from film cooling slot or edge of impingement jet
plate [m)
Xy Streamwise spacing between impingement jets [m]
Ya Spanwise spacing between impingement jets [m]
z Number of blades ro
2z, Gap between heat transfer plate and imp:lngement jet: plate [m]
2z Cooling technology heat transfer parameter :[»‘ 9-8. - (c/d)1-2
Zp Cooling technology AP parameter [(Ep/E)- n,,/(a:,l \bi) ¥4

Greek

a Film cooling injection angle or cascade exit angle

ay Coolant passages cross-section/c?, see Eq.(5.10)

B Coefficient defined by Eq.(5.63) or appearing in Eq.(5.79)
v Ratio cy/c,

[ Ratio between blade perimeter and blade chord
th  Enthalpy drop (J/ke] :
’ AP Pressure loss [Pa] !

Naa  Film cooling adiabatic effectiveness, see Eq.(5.57)
Nise Film cooling isothermal effectiveness, see Eq.(5.52)
€ Heat transfer effectiveness defined by Eq.(5.25a)
£ Heat transfer effectiveness defined by Eq.(5.26)

A Pattern factor

U Viscosity [Pa s]

v Kinematic viscosity [m?/s] .
£ Film cooling parameter, see Eq.(5.61) |
) Density [kg/m?] i
T Ratio T/Tpey

g Solidity, i.e. chord/pitch

Vs Axial cross-section coefficient l-¢-t/c,, see Eq.(A.14)

Ya Cooling channel shape factor, (periphery of ome channel)/(x-d)
Vg Gas cross-section coefficient l-o-t/c, see Eq.(A.1)

¥y Coolant channels interference coefficient (Par. 5.2.4.1)

Subscripts

a Air

av Average

aw Adiabatic wall

b Blade

bel  Blade, coolant s:.de

bg Blade, gas side

bn 180° bend of multi-pass cooling channels

§

|

&
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bw Blade wall

c Compressor

cl Coolant

clb Blades+shrouds cooling flow
cmb  Combustor

cv Convection

fc Film cooling

g Hot gas

ge Hot gas at cascade exit

gr Hot gas at recovery temperature

i Isoenergetic or ith impingement jet row
in Inlet L .

j Impingement jet

k kth injection slot (Par. 5.3.7.3)

m Mean

max Maximum

out Outlet

st Static conditions

str Straight tube

tot Total conditions

wel Wall, at the point of coolant injection

Superscripts
- average
* corrected by pattern factor
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Historical development and typical temperature capability
of superalloys. Upper diagram is from Bradley (1988). Lower
diagram is from Wilson (1984), and refers to 1000 hrs life
under a stress of 150 MPa.
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5.2 Relative evolution of turbine blade cooling and material
capabilities. Upper diagram is from Meetham, 1986. Lower
diagram is from Anderson (1979) and refers to military jet

engines.
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5.3 Methods for turbine blade cooling (from Livinghood,
Ellerbrock and Kaufman, 1971).
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a) Conway b) RB211-22B c) RB211-535E4

5.4 Evolution of cooling schemes adopted in Rolls-Royce engines
‘(from Meetham, 1986). Notice the two separate coolant
circuits (black and white arrows) of the RB211-22B and the
trend toward multi-pass channels with smaller diameters

(implying higher values of the cooling technology para-
meter 2).
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5.5 Design concept of a modern cooled blade.
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5.6 Corrosion resistance and temperature capability vs. chromi-
‘um content of selected super-alloys (from Grunling, 1979).
The former is.quantitavely expressed by the penetration
rate of the corrosion attack; the latter by the temperature
producing rupture after 10,000 hrs under a stress of
200 MPa (=~ 20 Kg/mm?).

o
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5.7 Creep/stress rupture properties of IN738LC and FSX4l4 in
coated and uncoated conditions. (from Strang, 1979). The
figure gives a feeling of the trade-off between operating
temperature, stress and life. For IN738LC — an alloy widely
used in gas turbines — under a stress of 100 Mpa — probably
close to the one experienced at midspan of rotor
blades - the maximum temperature compatible with a life of
100,000 hrs is approximately 830°C. At 300 Mpa — typical of
rotor blade root conditions - such maximum temperature
drops to =725°C,
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Blade Mechanical Design Criteria
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5.8 Relevant design criteria for rotor blades of military
engines. The figure is taken from Anderson (1979), whose
comments give an idea of the complexities of turbine blade
design: "The tip of the blade is subjected to
oxidation/corrosion since tip rubs occur removing protec-
tive coatings. LCF (Low Cycle Fatigue) and Thermal Fatigue
is also a problem. The blade pitch is sized for rupture and
LCF capability. Since complex cooling configurations can
produce high thermal gradients and low life, the designer

" needs all the LCF margin he can get in this area. The root
of the airfoil is another critical area and a good balance
of rupture strength and LCF margin is essential. The
dovetail area is LCF limited, but at a much lower tempera-
ture than the remainder of the airfoil".
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5.9 Temperature capabilities and design range of heavy-duty
turbines as reported by Grinling (1979). The bottom figure
shows the probable operating ranges of advanced materials.
Directionally-solidified alloys are now being introduced in
commercial stationary turbines.
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5.10 Heat transfer coefficient and temperature distribution (in
Kelvin) of a convection cooled rotor blade (from Kuhl,
1977). The figures refer to a single-stage turbine under
the following test conditions:

Turbine inlet temperature: 1073 K

Turbine inlet pressure: 1.17 bar

Gas flow rate: 0.878 kg/s

Cooling air flow rate: 0.0469 kg/s

Rotational speed: 9480 rpm
. Rotor blade inlet Re: 40,000
Assuning that St, varies with Re, 0¥ (as stipulated in
Eq. 5.4), the heat transfer coefficient of actual blades
operating at 10-15 bar (Re=4-6-10°) will be in the range
1-8 kW/m?-K.
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5.11a Summary given by Louis (1977) of the correlations for the
average cascade Nu developed by various investigators.
1 = Ainley (1953, la=turbine, lb=cascade)
Wilson and Pope (1954)
Hodge (1960)
Bammert and Hahnemann (1951)
Andrews and Bradley (1957)
Fray and Barnes (1965)
Halls (1967)
Turner (1971)
Louis (1977)
The source of each correlation can be found in Louis
(1377). The shaded area represents the range spanned by
Eq.(5.2a):

Lo~ SN

Nu = K-Rel-82 0.135 < K < 0.285
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5.11b Correlation between St, and Re; given by Eq.(5.5a) (shaded
area) and by Eq.(5.5b) (line corresponding to K=0,258) for
Prg~0.7.
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5.12 Calculated gas-side heat transfer coefficient for the vane
of an actual ABB GT8 turbine (from Graf, 1985). The turbine
pressure ratio is 16.3 and TIT=1180°C.
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5.13 Actual and calculated temperature profiles. Within each
! row, the actual T; ., varies only due to heat transfer and
! mixing, and in an uncooled turbine it would be constant. In
‘ the model, T; ,, is the outcome of the step-by-step process
| shown in Fig. 3.3, while T, ., is calculated by adding the
1
i
|

;oniga;“): term [(Tg,eot=Tg,st)ne?(Tg, 00t =Ty, s6) et ] /2appearing in
q.(2.7).
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5.14 Spanwise variations of coolant temperature (Tg), blade
: temperature (Tg) and gas total temperature (Ty) in a rotor

blade with one single-pass cooling channel (from Kuhl,
i 1977). V28 refers to the same test conditions listed for
i Fig. 5.10. The coolant flows from the hub to the blade tip.
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BLADE GEOMETRY AT MID-SPAN COOLING AR PASSAGESI

PEDESTAL BLADE

iAot i

IXXEXT]

PEDESTAL BLADE WITH
TRAILING EOGE COOLING (TEC)

PEDESTAL
BLADE
WITH TEC

5.15 Measured surface temperatures — based on actual engine test
runs — of two rotor blades with single-pass cooling chan-
nels (from Kohler et al., 1977). The pressure and suction

| . side are connected by "pedestals" (pins) to enhance inter-

nal heat transfer; trailing edge cooling (TEC) is accom-
plished by a row of holes (spacing 2 diameters) discharging
cooling air on the pressure side. In both cases the coolant

flows from hub to tip. .
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, 5.16 Temperature distribution at the surface of the vame tested
[ by Graf (1985) under the following conditions:
Gas/coolant temperature ratio (Tg/Te,in): 2.1

-Gas exit Re based on chord length (Reg): 2.6 106

Coolant/gas mass flow ratio (mg,/mg): 0.045
The lower suction side temperatures can be explained in
terms of the three film-cooling slots at the leading edge.
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5.17 Qualitative temperature diagrams of a heat exchanger with
constant hot fluid temperature.
Solid lines = base situation
Dashed lines = higher cold-side heat transfer coefficient
Dotted lines = higher hot-side heat transfer coefficient
Dash-dot lines = higher coolant flow rate
For a given geometry, the coolant flow rate necessary to
maintain the wall temperature below a certain limit Ty,
depends on the internal and external heat transfer, as well
as on the inlet hot and cold fluid temperatures.
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i 5.18 Geometry of the cooling channels considered in the analysis ]
i of convection cooling. Within each blade there are ngy,
circular cooling channels with hydraulic diameter d and
shape factor ¥y, each consisting of n, passes. Each pass
. goes from hub to tip and has a length equal to the blade
; height H. The cross-section of each blade will have ny,-n,
"holes™, with a total cross-section which is a constant
fraction of the chord squared, i.e.:

| Do Tp-¥a- (1 d/4) = ay-c?

where a, is a constant. The surface of each chanmel is n,

times the area of one straight channel with length equal to
the blade height, i.e. Ny Pg-x-d-H.
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5.19 Geometry of the rectangular duct with staggered arrays of
pin fins tested by Metzger, Berry and Bronson (1982). This
configuration is close to the one often adopted in the
trailing edge region of turbine blades (Fig. 5.5). Experi-
‘ments show that compared to an identical rectangular duct
with no pins the internal heat transfer coefficient in-
creases 3.5-3.9 times, while the overall pressure drop is
more than 50 times higher. Heat transfer tends to increase
at lower ratios of pin row spacing to pin diameter (X/D).

R”eproduced with permission of the copyright owner. Further reproduction prohibited without permission.




S. Consonni - Figures Chp. 5

1. Circular pin fins 2, Oblong pin fins 3
PIN FIN ARRAY NOMENCLATURE
.o / /
E‘— ~20cm —_
635
—fo— j—x—}—, —I— 038cm, Tefion insuiation
of Al
1 Of
O \
s o]
HNEE
S O 1
:‘ Ol In|
3 . -'l:— O t Of
i — e " 3
i Flow T fe) § !
of I~} N i
g Ol o "
: of [~
Of i
i O ! { i
|O ;
@) :
1 O ]O {
End wall | . : :
Slabne.]1 2 3|4 5 6 RN EEE] — 51— ;
Blank—= 10 rows of Blank slabs - cm ],
slabs pin fins Not to scale -
TEST SECTION GEOMETRIC SET UP

5.20 Geometry of the rectangular duct with in-line arrays of pin
fins tested by Arora and Abdel Messeh (1985). Experiments
show that compared to an identical rectangular duct with no
pins the internal heat transfer coefficient increases 3-3.3
times, while the overall pressure drop is about 25 times
‘higher. Oblong pins with the major axis aligned with the
direction of the flow result in higher heat transfer
coefficients and lower friction factors. For different
orientations, oblong pins do not provide any significant
advantage over the circular ones,
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5.21 Geometry of the square duct with two opposite rib-roughened E
walls tested by Han (1984) and Han, Park and Lei (1984 and
1985). The duct closely approximates the ones adopted in
the midchord region of modern gas turbine blades
(Fig. 5.5), where it is beneficial to increase the heat
transfer coefficient only on two sides of the duct. Experi-
ments reveal that - depending upon rib spacing, angle of
attack and Reynolds number - the heat transfer coefficient
of the ribbed-side wall is about 1.5-3 times that of the
four sided smooth duct. The heat transfer coefficient of
the smooth side wall was also enhanced by 30-80% due to the
presence of the ribs on the adjacent walls, The average
friction factor was increased about 3 to 10 times. Best
performances are obtained with rib angles. of attack of 30°
and 45°,
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5.22 Schematic geometry and average Nusselt number for the sharp

i 180° turn tested by Metzger and Sahm (1985)., All walls, |

! except the dividing center wall, are heated and maintained

! at the same temperature. The authors have correlated their

: results with air heating for 10* < Re < 6-10% as:

Nup ; = Bl-ReP? .

| vhere subscript j indicates the region shown sbove and Re

{ is defined on the basis of the hydraulic diameter of the

i inlet channel. The constants Bl and B2 depend upon the flow

: region, wall spacing and end clearance. For comparison, the

: Re-Nu diagram also includes the values predicted by the
Colburn equation for Pr=0.7, showing that the heat transfer

in the 180° turn is about 30-90% higher than in a straight
: duct.
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5.23 Calculated and measured wall temperatures of the first
stage vane of a ABB GT8 turbine (from Graf, 1985),

.
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10,000 TO 200,000 (AND PERIHAPS MORE) ‘ !

; 5.24 Heat transfer and friction augmentation in channels with
sand-grain roughness and gases with Pr=0.7 as reported in
Kaminski (1979). The heat transfer increase ratio and the
friction factor ratio correspond to E, and Ey, respectively.
The figure shows that there is a "ceiling" to the heat
transfer increase, which typically lies in the range 2-2.6.
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5.25 Temperature profile with Thermal Barrier Coatings (TBC).
For the same T,;, TBC coatings reduce the temperature
difference driving the heat transfer to the blade
(Tg—Trpeg), thus reducing the heat flux and the required
cooling flow.
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, 5.26 Electric analogue of coated and uncoated cooled surfaces.
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Geometry and flow conditions as In GE 9001E i
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Bibw=0.5, alfah=0.08, psii=0.7

5.27 Ty, at the cooling channel outlet vs. Amg,/m, for a convec-
tion cooled nozzle subject to the following operating
conditions:

tu-uso»c (with A=0), B=11.5 bar *,
Ty, 1n=350°C, Biy,=0.5
Res—l 8:105, Pry=Fr,=0.7 (air coolmg) :
€p,c1/Cp, 5'0 85 #c1/pg=0.58

Amgyy/m, is for (1/4)(:1\ of the cascade: Ac/c=Amyy/m )y,=0.25.
Stage geometry is characterized by (see App.A for details):
ag~1.3, 0=1.25, $,=0.85, H/c=0.73, &=2.6 )
These conditions are representative of current heavy-duty
engines like the GE 9001E. The figure also reports Tye o
and Tg qu corresponding to Z=50. At very low Amg/mg, T
may increase with Z (lines for Z=50 and Z=200 cross around
Amyy/m=0.15%) because the higher coolant-side heat trans-
fer.increases Ty o4 SO much that the heat flux balance can
be satisfied only by higher T,.
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5.28 Amgy/m, e, h, /b, and a;+hg/hy for a convection cooled
nozzle typical of heavy-duty turbines, Am,);, refers to
(1/4)th of the cascade, i.e. Amgyy /my=he/e=0.25. ALl
quantities refer to a situation with Tyg,out™l, and to the
same operating conditions and geometry of Fig, 5,27,
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5.29 Coolant pressure drop and velocity for the convection :

cooled nozzle also considered in Figs. 5.27 and 5.30. All i
quantities refer to a situation with 7y, o=1. In order to
account for the strong pressure losses caused by the sharp
180° turns of multi-pass chamnels, it is assumed that for
n, = 1,2,3 the ratio Ep/E, equals 4, 6, 8, respectively.
Since it is also assumed that a;=0.08 and ¥;=0.7, the curves
in the figure correspond to Zp/Z = 71, 426 and 1278, re-
spectively,
At low Z, AP decreases with Z because cooling flow reduc-
tions caused by higher Z more than compensate for higher
relative lengths (c/d). At large Z the situation is re-
versed and AP, becomes an increasing function of Z. Veloci-
ties higher than 100-150 m/s obtained for 2<20-30 are
probably unrealistic and require a revision of the incom-
pressible flow assumption.

Y
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Convection cooled nozzle

Influence of blade wall Biot number
* Coolant flow (solid lines, left) and
10 e;fgcﬁveness {dastiad lines, right) ]
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Geomelry and flow conditions as in GE 9001E .
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5.30 Influence of the Biot number h,-ty,/k, on the coolant flow
rate and the effectiveness e; of the nozzle considered in

Fig. 5.27. Amg, refers to (1/4)th of the cascade, i.e.
Amcn,/ﬁlcn,-Ac/c-O.ZS.
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CONCEPTUAL DESIGN OF THE SHELL-SPAR ADVANCED COOLED VANE

5.31 Conceptual design of the shell-spar advanced cooled vane
‘described by Butt and North (1985). The basic idea behind
this concept is to transfer the load-bearing structure away
from the external airfoil, thus allowing thinner walls and
lower temperature differences across the material separat-
ing gas and coolant.
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5.32 Influence of TBC Biot number h,-tysc/Krpc on the coolant flow
rate and the effectiveness &; of the nozzle considered in

Fig. 5.27. As usual, Am, refers to (1/4)th of the cascade,
i.e. Amgy/mp=Ac/c=0.25.
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5.33 Heat transfer coefficient downstream a film cooling slot as
given by Hartnett, Birkebak and Eckert (1961). "Solid wall
‘with unheated starting length" stands for slot closed, i.e.
no injection. The figure makes clear that at the conditions
tested (flat plate, incompressible flow, no pressure
gradients, tangential injection, M=0.28), film cooling does
not alter the heat transfer coefficient.
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5.34 Ratio n, between the heat transfer coefficient with and
without film cooling for the flat Plate with a row of
circular ejection holes tested by Liess (1975). The three
‘diagrams show the influence of the mainstream pressure
gradient dp/dx. G* is the blowing rate and M; the mainstream
Mach number., The “"contour" dashed lines indicate the shape
of the converging channel used to generate the pressure
gradients; on the ordinate axis of h* they have no meaning,
The figure confirms that the influence of film cooling on
h is fairly limited.
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5.35 Influence of the blowing rate on the heat transfer coeffi-
cient for the single row of holes tested by Eriksen and
Goldstein (1974).
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5.36 Film cooling geometry.
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5.37 Llateral variation of film cooling effectiveness for air
injection through a row of cyclindrical (left) and shaped
(right) holes. (from Goldstein, Eckert and Burggraf, 1974).
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5.38 Prediction of £film cooling effectiveness wvs, & with

Cp,s/Cp,cL a5 a parameter (from Hartmett, 1985).
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5.39 Comparison of predictions and experimental results for
injection through porous slots into a subsonic flow over a
flat plate (from Hartnett, 1985). Experimental data are
from Goldstein, Rask and Eckert (1966).
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5.40 Comparison of Goldstein-Haji-Sheikh prediction with experi-
mental results for nearly tangential injection through a
slot on a flat plate in subsonic flow (from Hartnett,
1985). Experimental data are from Mayle et al. (1977),
Seban (1960), Seban and Back (1962), Paradis M.A. (1977).
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5.41 Comparison between experimental data and film cooling
effectiveness predictions (from Abuaf and Cohn, 1988).
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5.42 Constant-width film cooling slots considered in the present
model. The cooling flow approximately corresponds to a
continuous slot extending along the whole perimeter of the
gas cross-section.
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Prediction of film cooling effectiveness.

Many slots vs. one single slot
Correlation of Goldstein and Haji-Sheikh
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5.43 Ratio fa,x/f.a between the average film cooling effective-
ness of ny closely-spaced slots and one single slot injeet-
ing the whole coolant flow. It is assumed that each one of
the “small" slots injects Am,yy = Amgyy/n,; . The single-slot
effectiveness- 7,y is evaluated from (5.79) at x=X; the
effectiveness 7,y of each of the small slots is evaluated

at X = &/ny . Substituting one slot with n,; smaller slots
gives lower effectiveness.
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5.43a Variation of film-cooling paramet:er"rbﬂ= as a function of
effective gas recovery temperature T, .
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5.44 TInfluence of Z and r;. on the cooling flow and h./h; of the
nozzle already considered for Fig. 5.27. Amg./mg is for
(1/4)th of the cascade, i.e. Amgy/my~Ac/c=0.25.
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5.45 Average film cooling effectiveness #,4 and heat transfer
effectiveness ¢ for the nozzle already condidered in
Fig. 5.27. Calculations refer to (1/4)th of the cascade,
i.e. Amcu,/fflclb-Ac/c-O.Zs.
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Film cooled nozzle
Inﬂuence of gas temperature at Z—75

Dmclblmg (sohd lines, left) - hol/hg (dashed lines, right)
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5.46 Influence of T, and ry. on Am,/m, for a typical convection
cooled nozzle of an heavy-duty turbine with T,=~800°C,
mg=400 m/s and first stage Ahy,=300 ki/kg (4h;, is used to
compute SP and then D). In order to account for variations
of the optimum pressure ratio, it is assumed that (i) P

. changes linearly from 10 to 15 bar when T, goes from 1000

i to 1500°C; (1i) P, =By; (iii) T, is the one resulting from

a compression with 15,~88%. All quantities refer to a

situation with 74 0,=1 and Z=75, a value probably corre-

spondent to the state-of-the-art. Like in previous figures,

A=0 and Amg,, is for (1/4)th of the .cascade, 1i.e.

Amclb/ilclb-AC/C"'o .25,
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. Film cooled nozzle
Influence of gas temperature at Z=75

Film cooling effectiveness (solld lines) and
Heat transfer effectiveness (dashed lings)
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5.47 n. and ¢, for the cooling flows depicted in Fig. 5.46.
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~ Film cooled nozzle.
Influence of gas temperature at Z=75
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EUEh=4,5 for np=1,2 respectively, Dmeltvmg is for (174)th of the cascade

DPcliPcl, %

5.48 AP, /P vs. T, for the cooling flows depicted in Fig. 5.46.
As already assumed in Fig. 5.29, for n~1,2, Ep/Ey=4,6,
respectively.
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Filmcooled nozzle = . '-i.’
Influence of Tg and TBC at Z=75 ’
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5.49 Effect of combining film cooling and TBC coatings for a
nozzle operating under the same conditions used for
Fig. 5.46,
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Region 1 Potential core

—————

| |
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| \ |
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5.50 Flow regions for a jet impinging on a flat plate
(Livinghood, Ellerbrock and Kaufman,. 1971). Region I
extends to the apex of the potential core, a central
portion of the flow where the velocity remains constant and
equal to the one at the nozzle exit; Region II is charac-
terized by dissipation of the centerline velocity and by
spreading of the jet in the transverse direction; Region
III is the ‘one where the jet deflects from the axial
direction, while in Region IV the flow. increases in thick-

ness due the boundary layer build up along the solid
surface.
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5.51 OCross-section of an impingement-cooled blade. In the mid-
chord region the flow can be modeled as an array of jets
impinging on a flat plate (Florschuetz et al, 1984).
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5.52 Schematics of the impingement cooling facility tested by
; " Kercher and Tabakoff (1970). Notice the discharge of the
| spent flow along only one side of the plate, which creates
| a static pressure gradient within the enclosure at close
space clearance z,. Due to lower pressures near the exhaust
i end, more flow impinges on the plate to the right.
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Cooling aie Jels

5.53 Schematic of the impingement cooled airfoil and airfoil
leading edge considered by Chupp et al. (1969).
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5.54 Schematic considered for the analysis of fully impingement
cooled blades. It is assumed that the distribution of the
. cooling flow for the pressure and suction side is identi-
cal. The spent coolant flows chordwise and is all dis-
charged at the trailing edge. Crossflow is zero at the
leading edge and maximum at the trailing edge, with mass
velocity m.(x)/(H-2z;).The jet array is square (i.e. x=y,),
staggered, with length equal to the blade chord.
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5.56 Chordwise heat-transfer and temperature distribution for a
fully impingement cooled nozzle operating under the same
conditions assumed for Fig. 5.27., The cooling flow is the
minimum value that gives rp<l at each jet row.
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5.57 Cooling flow vs. c/d required by a fully impingement cooled
nozzle operating under the same conditions assumed for
Fig. 5.27. The right scale reports the flow G;-a; [kg/s-m?]
specific to the impingement cooled surface based on m,/-
(x-H-Dy) = 300 kg/s-u?, a value typical of large heavy-duty
; engines. The range of cooling flows indicated for convec-

tion systems corresponds to the results presented in
Par. 5.2.
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5.58 AP /P vs. c/d for the impingement cooling flows depicted
in Fig. 5.57. Points with AP/P > 25-30% are approximate,
because the assumption of incompressible flow is inaccu- .
rate. AP/P > 50% is unrealistic because it would imply ;
supersonic flow, )

A
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5.59 Cooling flow as a function of the gas temperature required
by a fully impingement cooled nozzle. The numbers on top of
each point indicate the corresponding AP /P [$]. In order
to account for variations of the optimum pressure ratio, it
is assumed that (i) P, changes linearly from 10 to 13 bar

. when T, goes from 1000 to 1300°C; (ii) Py=Py; (1ii) T, is
the one resulting from a compression with g, ~~88%. Other
assumtpions are: Tu,=800°C; m; = 400 m/s; first stage
Ah =300 kJ/kg (Ah;, is used to compute SP and then D;, see
Par. 6.1). All quantities refer to a situation with r,,<1
for all jet rows and c/d=80.
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6. SUMMARY OF COOLED TURBINE CALCULATION

This Chapter reviews the actual implementation of the cooled turbine
nodel described at Chs. 3 through 5. The description follows closely
the procedure carried out by subroutine GSTUR which, in the framework
of program GS, calculates gas turbine expansions. Given the -adherence
to the comput:ei code, the Chapter constitutes a guide .to the FORTRAN
subprogram.

Notice that GSTUR is only one of the many subroutines composing

program GS; the others calculate the cycle components 1listed in,

Par, 9.2.1.

The last paragraph (6.4) reviews the merits and the major limita-
tions of the model, indicating the field of application and its

relevance for research on power generation systems.
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6.1 Data required to start the calculation

Tab..6.1 lists the input data required to calculate the cooled
turbine expansion. In addition, before calling subroutine GSTUR it is

also necessary to calculate — or define® — the following quantities:

e T, P and composition of inlet gas. In general, these conditions
coincide with the ones at combustor outlet.

e P at turbine outlet.

e Number, type and conditions (T, P, composition) of cooling flows,
For floating-pressure flows, it is also necessary to indicate 5, and
B of the corresponding compressor (see Par, 3.7.1).

o AT across the combustor preceeding the turbine, which is used to
weigh the pattern factor A (see Par, 5.2.2.1).

Ah::?rnx Ah::?utv n“sy Maﬂh Mact» Madifv Tycl, AP:l/Pclv u, My,
fNp.nzs Wdifs Torgs fMp,@r 8ty Dy,

Tome,nzs Tomx,ct+ &+ Yge,nzs @, Bipy, Bigsc, ek Anzs Acts

Tgeo) I®*8, I8, Dppepmes Vector with coolant stream types ,

Notes:

® fp,0, 3, by are the coefficients of Eq.(4.5)

¢ I, determines the type of meridional geometry (comstant Dy, |
constant Dpy or constant Dyy,, see App. A).

e I%t8 determines the design option among those listed in
Par. 3.6; the number of stages n°*® can be an input or an *
output depending on the value of I, ’

. I:;f specifies whether n®'® is integer or real.

e my . is always extracted before the nozzle inlet.

o The coolant stream vector specifies whether each stream is
fixed-pressure or floating-pressure.

Table 6.1 Input data required by subroutine GSTUR.

* In most practical cases the data required by GSTUR are calculated
by other GS subroutines (see Ch. 9). However, the flexibility of GS
- also allows specifying all data in an input file.
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With these data GSTUR first calculates:

e Diffuser inlet conditions, proceeding backward from turbine outlet
conditions (i.e. from point OUT of Fig. 3.2d).

e Ahy, and exit pressures of each stage, according to an input design
option chosen among those listed in Par. 3.6.

o SP and mean diameter D, at turbine inlet (the la.tter from the
assumption of D, 4=3,25, see App. A).
Since diffuser conditions and stage Ah,, converge very quickly, they are
calculated only for few iterations. After the "freeze" described in
Par. 9.2.3.3, GSTUR simply uses the values calculated at the previous
iteration.
Before starting the calculation of the step-wise expansion, the

program also evaluates:

¢ Goefficient used to adjust the ratio nye, nz/Matep,ct (Se€ Par. 6.2.1).

. (Aé/c),,, and (Ac/c).., based on the values of nNgep,nzs Dstep,ct and n®®
found at the previous iteration (see Eq.3.5).

o Amy,/m,, as given by Eq.(3.19)
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6.2 Step-by-step expansion

The calculation of the step-by-step expansion depicted in Fig. 3.3
is performed within a do-loop structured as follows:

o Check Ty (see Par. 5.2.2.1). If Tj <Tyy exit the loop

e Calculate P at end of expansion (P of Fig. 3.3) and, if ﬁeceséary,
update stage number

e Choose coolant stream
e Calculate coolant conditions

¢ Calculate end of expansion (Point 2i of Fig. 3.3) and gross step
work

e Calculate step cooling flow

e Calculate net step work; update total net work and total cooling
flow

e Calculate conditions after mixing

¢ Update entropy productions; if necessary, print intermediate condi-
tions .

e If still within the nozzle, check if Ma<Ma,,; when Ma reaches Ma,,
store nozzle outlet conditions.

The following paragraphs illustrate the details of some of these
calculations. Points 1i, 2i and 3i define the boundaries among the

transformations of the ith step as indicated in Fig. 3.3.

6.2.1 Pressure at end of step-expansion

A first tentative value of pressure P,; can be evaluated from
Eq.(3.2). However, since the nozzle expansion ratio (typically =2) is
much larger than the one of the other cooled turbine rows, Egq.(3.2)
would "assign" too ‘many steps to the nozzle, thus giving
(Ac/c)n<<(Ac/c) . In order to maintain approximately the same Ac/e,

'Eq.(3.2) is applied separately in the nozzle and the cooled turbine:

Pyy = Pys- [141n(Bnz) /Mgrep,nz] in the nozzle (6.1a)

Pay = Py« [1410(Bet) /Narap,ct ] in the cooled turbine (6.1b)
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where nypep netNatep,ct<Matep,mx (See Par. 3.4.1), and their ratio is
adjusted in order to obtain (Ac/c),.=(Ac/c)c.

The t:entI:at:ive vaiue given by Eq.(6.1) must be verified in order to
guarantee that: (ii) the nozzle actually ends when Ma,=| 25 (i;l) the
cooled expansion actually ends when T;,-Tm.

An approximafe estimate of the static pressure Py, ,. (see Fig. 3.4a)

which should give Ma,, is obtained from:

Pin,st = (Pai-1/Pas-1) Py von/{ [L+(7g-1) /2] -MaZ ) {1/ (757100 (A1m) " (6.2)

where (Pj;.1/P;;-;) is the expansion ratio due to mixing of the previous,
(i-1)th step and P, ., is the current total gas pressure, If the ith
mixing expansion ratio were still the same and y=constant, Py, s given
by Eq.(6.2) would give exact:ly‘ﬂa,»,,. In practice this doesn’t happen
because both y and the cooling flow — and thus the mixing expansion

ratio - change from step to step. The pressure Py i . (See Fig. 3.4b)

which should give T;r-l‘bm is foun@ from: '
T14/Thox = [(P11/Put,in,st) * (Pas-1/P3y-1) 1% 75717 (6.3) !

vhere Py; is the current static pressure. Similarly to Py, ., also this l
estimate of P\;b,ln,sb does not give exactly T;r-'l‘m, because the "true" 1
v and (Py;/P3;) which should be used are unknown. It follows that the
nozzle and the cooled turbine are terminated .at values of Ma,; and T;z
slightly different from the input Ma,, and Ty,: however, this situation
has no consequence on convergence because what mact:.ers. is that - from
one iteration to unother - the end of the nozzle and the cooled
expansion remain the same.

Given Py s, Pug,in,st and the tentative value given by Eq.(6.1), the

actual P,; is set equal to their maximum. With this procedure, the
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expansion ratio of the last step of the nozzle and the cooled turbine
is typically smaller than the others. Given the final P,; it is possible
to update — if necessary — the stage number; this is done by comparing

Py with the stage exit pressures defined at the beginning of the

calculation (Par. 6.1). | ; S " %

6.2.2 Choose coolant stream . i

The coolant streams — ordered according to decreasing pressures —
are scanned starting from the one at the highest pressure. The first
stream of the list must always be at a pressure sufficient to allow ’

cooling, i.e. (recall Par. 3.7.1 for fixed- and floating-pressure

definitions);

o If "fixed-pressure", it must be higher than the current static gas
pressure.

o If "floating-pressure”, the compressor providing the coolant must be
capable of compressing it up to P, of Fig. 3.6.

The selection criterion depends on the section being calculated. For

the nozzle:

e If available, choose the stream at pressure immediately above nozzle
inlet gas pressure,.

e Otherwise, choose the "floating-pressure" stream at the highest
pressure, and require that it be compressed up to nozzle inlet gas

pressure.
In the cooled turbine the selection is accomplished-as-illustrated in
Fig, 6.1; the procedure selects always the stream at the lowest
- pressure compatible with the constraints, disregarding its temperature.

In some situation this may not be the best choice, because a cool,

Iieproduced with permission of the copyright owner. Further reproduction prohibited without permission.



S. Consonni - 6.7.

high-pressure stream may be preferable to a hot, low-pressure stream’.
The optimum alternative will be determined by the trade-off between:
(1) throttling losses incured by the HP stream; (ii) losses caused bj'

the additional cooling flow required with the hot LP stream. The

"lowest pressure" criterion behind the scheme of Fig. 6.1 has proved:

superior (i.e. higher cycle efficiency) in all cases tested so far, an

occurence which emphasizes the importance of limiting coolant throt-

tling losses.

6.2.3 Coolant conditions

The calculation procedure varies depending on the section being

calculated (nozzle or cooled turbine) and the type of coolant stream.

A) Nozzle, fixed-pressure coolant. Coolant conditions are found simply

by throttling it down to the gas static pressure, disregarding any

pumping phenomena. The ideal outlet velocity v, ;, is determined by
assuming that only half of the total pressure drop is lost by friction

(last assumption of Par. 3.7); in other words, referring to symbols of

Fig. 3.4: |

Py = B, + (Py=P,)/2 ‘
To avoid supersonic (unrealistic) ejection velocities P;/P, cannot
exceed 5/3. Notice that in this case AP;/P; expressed by Eq.(3.7) is

an output, and may be lower than the value indicated in the input file.

* In a simple gas turbine cycle this situation cannot occur,

because air at higher pressure is also at higher temperature. However,
in an intercooled cycle it may possible to have the choice between:
(1) cool, medium pressure air exiting the intercooler and (ii) warmer,
low pressure air bled from the LP compressor.
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B) Nozzle, floating-pressure coolant. The only difference with case A)

is that — rather than being available at an arbitrary pressure P, set
independently from gas inlet conditions - the coolant is compressed to

P;=nozzle inlet gas pressure (Pg o of Fig. 3.4a). Such bleed pressure

P, is kept constant, because it is assumed that througﬁout: the nozzle

the coolant is bled from one location only.

C) Cooled turbine, fixed-pressure coolant. Similar to case A), with the
addition of the enthalpy rise due to pumping given by Eﬁ.(3.9a)l In
this case the pressure rise AP, of Eq.(3.9a) is totally lost; the

effect of pumping is only to increase coolant temperature.

D) Cooled Turbine, floating-pressure coolant. Bleed conditions must be
determined by proceeding backward from the gas static pressure,
adjusting the bleed pressure to meet the input AP;/P; and AP, given

by Eq. (3.9). In this case the bleed pressure P, actually "floats”,

following the step-wise decrease of Py;. Even if P;~P, is constant ;

(Par. 3.7), v.,is varies from step to step due to variations of T and 1

the expansion ratio P,/P,.

6.2.4 End of step-expansion

The conditions at the end of the expansion are fully determined from

pressure P, (see Par, 6.2.1) and the entropy given by Eq.(D.6):
Sz = Syu+(l-np) ‘R.1n(Pyy/Py) (6.4)

In the nozzle 5, is constant and equals the input 5, .,; in the cooled
turbine it changes from step to step according to Eq.(4.5). SP is

calculated according to the specific volume at point 1i and Ahy, of the
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current stage (distribution of Ah;, and stage exit pressures are set at\
the begimning of the calculation, see Par. 6.1)..

Given Py and sy, all other thermodynamic properties are found by the
subroutines illustrated in App. B. In the nozzle, the new gas velocity

is given by:

vy = [2-(hgy,eor—hoy,ee) 102

where hyy gor=his,eor. In the turbine, total enthalpy changes due to work

extraction; gross work (specific to one kg of air) is simply givén Aby

mg* (Mg, ot Dz, tot) -
6.2.5 Cooling flow

Cooling flow is calculated according to the gas conditions at Point
21 of Fig. 3.3 and the coolant conditions at Point 3 of Fig. 3.6. The

value of Amgy that glves 7y o=l (Par. 5.2.5) is determined by a

modified bisection algorithm, For the first step of the nozzle and of

the cooled turbine the search interval is 0-2; at all other steps it is
0-1.5-Am;)y, 5-1, Where Amgy 33 is the value found at the previous step.
At the cooled turbine inlet the interval is reset because, due to '

discontinuities of Tume (Thux,nz”Thax,ct) and rg, (see Par. 5.3.4.5), the

cooling flow of the first cooled turbine step may be larger than the
one for the last nozzle step.

The gas cross-sectional area and other geometric parameters neces-
sary to calculate Re, and cooling flows are evaluated according to the
hypotheses discussed in App. A.

In the cooled turbine, the local value of rg corresponding to the

linear variation depicted in Fig. 5.43a is calculated from:

Tge = Teenz® (T;!"'Tbmx,ct)/('fg,.n"Tbmx.cb) (6.5)
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vhere T;:,u is the effective gas recovery temperature of the first
cooled turbine step.
Once Amg; is known, Am,, is found by adding Amy, (see Eq. 3.20) and

total cooling flow is updated by adding Am,.

As discussed in Par. 5.2.6.3 — no verification is performed .on,

pressure drops, because it is assumed that AP /P. is always sufficient

to let Am, through the cooling circuit.
6.2.6 Net work

Net work is given hy:

Wnet = Mg* (hli.tot—hm,mt) —Amclt.'wpum (6.6)

where Wy, is given by Eq.(3.10); obviously, for the nozzle wye~0. Total

net turbine work is simply the summation of all w,,, calculated at each

step.
6.2.6 Mixing

As indicated by Eq.(3.12) and (3.15), the calculation of pressure Py
after mixing requires the knowledge of the coolant ideal ejection

velocity vg ys:

Veras = [ CperTers (1= (Pa/Pey) Tei®er]} O3 (6.7)

where ¢p 1, Ye1» Tcy and P are the ones at Point 3 of Fig. 3.6. The
conditions after mixing are found by: (i) adjusting the composition
according to Eq.(3.16); (ii) calculating P,; from Eq.(3.12); (iii) cal-
culating hy; from Eq.(3.13); (iv) evaluating all other properties by the

subroutines of App. B.
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6.2.7 Final updates and TIT conditions

Once point 31 is known, it is possible to adjourn total conditions

(Ps,totr Tg,tot)» Ma;, entropy losses etec. and, 1f requested, print a

number of information about the current step.

In the nozzle, if Maj>Ma,, the point just calculated becomes the

nozzle outlet, i.e. the point used to defime TIT (see Fig. 2.15). In
this case must stoXe Tyepnzs Tay,eot=TIT and "shift" from point In to
point 1t as depicted in Fig. 3.4a. The static conditions at point .1t
are found by calling the routines for the calculation of thermodynamic

properties (see App. B) with the following input pair (refer again to
Fig. 3.4a):

o Same static pressure as point ln

o Static enthalpy hye sp=hin,aet(1-nd,ce) (V2 1 —F /2

vwhere né'c.._ is the efficiency of the first cooled turbine step calculated

at the previous iteration and \.rs'ct-Ma“- (75 Ry T1n, 0t)%5
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6.3 Uncooled turbine diffuser, total cooling flow

After exiting the step-wise expansion loop the program proceeds as i :

follows:

o Update ngqep e, n°® (EqQ.3.6) and entropy losses.

¢ Calculate uncooled turbine expansion according to the scheme in
Fig, 3.4c. SPy (which is used to determime 7, ., see Eq.3.3) is
estimated from the diffuser inlet conditions already calculated
(Par. 6.1). The "shift" due to Wy, st illustrated in Fig. 3.4c is
calculated analogously to the shift at nozzle outlet (Par. 6.2.7).

e Update diffuser outlet T, h, s and composition.

Calculate organic losses and final net work

The mass flow required for each coolant stream results automatically
from the updates performed at each step (Par. 6.2.5). GSTUR doesrnot
verify whether such flows can actually be produced: it is the responsa-
bility of the main program (Ch. 9) to insure that other elements of the

system provide the necessary coolant flows.
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6.4 Review and critical appraisal

The model illustrated in the last four Chapters provides a new tool
for the calculation of cooled gas turbines, At the end of this lengthy
description it is worth reviewing its merits as well as its limita-

tions.

The model meets the requirements of parametric thermodynamic

analyses of complex GSC because:

a) Turbine efficiency and cooling flows, the two quantities .which ) ‘
directly affect cycle thermodynamics, are evaluated according to :
their major physical determinants.

b) The inclusion of similarity-adjusted scale effects (size parameter Y B
SP) allows analyzing the influence of plant size and — to a limited
extent — of pressure ratio”.

c) The dependence of cooling flows from coolant and gas conditions, as
well as their thermophysical properties, allows analyzing the impact
of: (i) intercooling; (ii) reheat; (iii) compressor aftercooling;
(iv) steam cooling; (v) all other means affecting the coolant and/or
gas conditions.

d) The inclusion of material characteristics (maximum allowed tempera-
ture, TBC coatings), allows estimating the consequences of progress
in material technology.

e) The presence of parameters interpreting the sophistication of the
cooling technology (2, rg) allows investigating the improvements to
be expected from progress in cooling technology.

f) Computing time and memory requirements allow its use for systematic
parametric investigations.

In addition, the model produces a thermodynamically correct description

of the gas turbine expansion because:

g) The distinction between expansion, mixing and acceleration losses
properly breaks down the irreversibilities occuring during the

expansion.

h) The distiction between nozzle, turbine and diffuser gives a correct
distribution of fluid-dynamic losses and properly breaks down

* Through variations of volumetric flow V and thus SP.
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chargeable and non-chargeable cooling flows (see Par 2.3.1). In

particular, this distiction allows the correct calculation of the
reheat turbine, where the whole cooling flow is chargeable.

These qualities allow assessing the potential and critically appraising
the vast majority of the configurations of interest; in particular,
points a), b) and c) justify the applicability of the moddel to cycles.
involving radicai modifications with respect to the simple cycle.
Beside its positive features, it is important to point out that the

model has some drawback, as well as limitations about aspects not

targeted by this work:

¢ As already remarked in Pax. 4.2, correlating 5, to both SP and spe-
cific speed should improve the accuracy of its prediction: However,
in order to be effective such improvement would require much more
data on turbomachine performance.

¢ The current version does not verify whether the available coolant-
side pressure drop (AP, /P.;) is adequate to drive the required
coolant flow. As discussed in 5.2.6.3, adding a test on this pres-
sure drop would require the specification of one ~more unknown
parameter — Z, defined by Eq.(5.45) - and of the laws of heat
addition and friction along the cooling channel.

¢ The accuracy of the model relies on an appropriate calibration with ‘
data regarding actual engines. The calibration described in the {
Ch. 7 is the best accomplishment made possible by the data publicly
available. Access to more specific data (cooling flows, pressure-
temperature distributions, detailed geometric descriptions, etc.)
would probably allow some improvement.

¢ The continuous expansion model is not suited for modelling accurate-
ly stage-by-stage pressure-temperature variations. Consequently,
imposing the mechanical balance of turbines and compressors mounted
on the same shaft —which requires setting the first or second stage

outlet pressure — might give questionable results (see also
Par. 10.1.2).

:
?
{'E.{:
7
3
&

As already mentioned in Pars. 2.5 and 3.3, the model can calculate
only on-design conditions.

It is also important to emphasize that there is no provision for the

calculation of pollutant emissions because:
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e Although few reactions might proceed at significant rates within the
HP turbine, pollutants are formed almost exclusively in the com-
bustor. Thus, the prediction of emission levels must be addressed by
proper modelling of the combustor, which is much beyond the scope of
this work.

e The inclusion of a chemical kinetic model for the prediction of
pollutant formation into a thermodynamic model would be totally
inappropriate because: (i) there is no need to solve the two prob-
lems together* and (ii) the computational requirements. of .the
chemical kinetic model would prevent from performing cycle ‘paramet-
ric analyses.

¢ The pollutants of interest — CO, NO,, unburned hydrocarbons and

particulates - are produced in such small quantities that their
effect on cycle thermodynamics is absolutely negligible.

For similar reasons, the model does not account for:

e Combustor "blowout" or flame flashback, both because they are
chemical kinetic phenomena and because they are relevant only for
off-design operation,

o Effect of combustor outlet disuniform temperature distribution other
than that accounted for by the pattern factor A.

To summarize, the model is capable of addressing all issues raised by

thermodynamic analyses of complex GSC. Further improvement strictly |
depends on the availability of adéquate data for model calibration. The
2 prediction of emission levels and chemical kinetic effects is neglected
.‘ both because they do not affect cycle thermodynamics and because it

would require an effort definitely comparable to that for this whole :

work. !

* Thermodynamic and emission predictions should be performed in
series. In fact, running a combustion model for the estimation of

pollutant formation makes sense only after thermodynamic conditions
have been defined.
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NOMENCLATURE

a,, by Coefficients of Eq.(4.5)

Bi,,, Blade wall Biot number :

Birge Thermal Barrier Coatings Biot number

c Blade chord m

cp Constant pressure specific heat [J/kg-K]

Dyp Mean diameter [m]

h Specific enthalpy [J/Kg]

m Mass flow, specific to compressor inlet flow - {kg/kg,]

Mk Disk coolant flow per stage {kg/kg,-stage]

Ma Mach number .

n Number (stages, steps)

P Pressure [Pa]

Tgo Film cooling parameter, see Par. 5.3.4.2

Yyc1 Coefficient defined by Eq.(3.15)

R Gas constant [J/kg-K]

Re Reynolds number

s Specific entropy [J/kg-K]

SP Stage Size parameter (Eq.2.3) [m] B
T Temperature [K]

Thmx Maximum allowed blade temperature [K]

u - Blade peripheral speed [m/s]

v Volumetric flow [m¥/s]

4 Convection cooling parameter, see Par. 5.2.4.8

Greek

a Film cooling injection angle, see Fig. 5.36

B Pressure ratio (compressor, >1); expansion ratio (turbine, <1)

v Ratio cy/c, !
Aoh Enthalpy drop [J/kg] !

Amgpy, Blades+shrouds nondimen. coolant flow per step” {kg/kg,-step]
Amgy,, Total non-D coolant flow per step (Amgp+Amyy) [kg/kg,-step]

Amgay Disk&casings non-D coolant flow per step [kg/kg,-step] i

AP Pressure loss (or rise) [Pa]

n Efficiency i

Np,0 "Large scale" efficiency, see Eq.(4.5) ;

A Pattern factoxr ;

I

! Subscripts |
- a Air ;
L cl Coolant '

ct Cooled turbine

dif Diffuser

g Gas

gr Gas at recovery conditions

in Inlet

is Isoentropic

1k Leakage

mx Maximum

nz Nozzle

org Organic

* When applicable, Amyy,, Am,, and Amy, are also indicated with the
infinitesimal notation dm.,, dm,, and dmyg.

Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.




S. Consonni - 6.17
out Outlet
P Polytropic
pum Rotor pumping E
st Static conditions ' f
step Steps to calculate cooled expansion ' i 3
t Turbine ) ' k
tot Total conditions
ut Uncooled turbine section E
0 Inlet of first nozzle ;
1 Coolant bleed ;
1n Exit of first mozzle ‘ ' .
it Inlet of first gas turbine rotor
3 Coolant at blade tip
4 Coolant at ejection holes H
1i,21,31 Points defining ith expansion step (Fig. 3.1) i
i-1 (i-1)th expansion step
Superscripts
cs Cooled stages
stg Stage oy
* Corrected by pattern factor
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FIGURES
Start with stream at
highest pressure
/ /
— Next stream is
floating-pressure?
no yes
—— -
\
Bleed pressure sufficient Can be compressed up to
for injection? sufficient pressure? |
i
[ no yes : yes no
- L < ——] '
Choose next stream
E
Y |
L 'i
—_— End -t
Fig. 6.1 Selection of coolant stream for the cooled turbine.
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7. CALIBRATION OF GAS TURBINE MODEL

Tt;is Chapter describes the calibration of the turbine model de-
scribed in Chs. 3 to 6. This was accomplished by reproducing the
performance of commercial simple cycle gas turbines. The calibration
has proceeded through three phases:

1. Selection ‘of reference commercial engines and the data to be
matched.

2. Selection of model parameters to be calibrated.

3. Minimization of discrepancies between the predictions of the present
model and performance data to be matched.

Results indicate that the model can predict power output, efficiency
and turbine outlet temperature of commercial engines with a maximum
errc;r of about 5%, 1 percentage point and 20°C, respectively.

Given the uncertainty (and in some case the incoherence) of the data

used, these results are the best that can be achieved. Better agreement

could perhaps be obtained by resorting to a more accurate and detailed
data set. Nonetheless, the accuracy is satisfactory and, most of all,

it is fully acceptable for GSC thermodynamic analyses.
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7.1 elerence e es

The reference data used for the calibration are the characteristics
of the 32 gas turbines marked by an asterisk ("*") or by a full dot
("e") in the leftmost column of Tab. C.l. These engines span the widest

range of performance and operating parameters: power output from 1 to

215 MW, efficiency from 23 to 41%, pressure ratio from 7 to 30, turbine

inlet temperature from 900 to 1260°C. Although the compressor and the

e G i S e S e a

turbine are always both axial, the engine architecture can vary sub-
stantially: single- and multi-shaft; annular, "cannular" anc‘l ;ilo
combustor; radial and axial turbine diffuser; cold-end (compressor ’
inlet) and hot-end (turbine outlet) generator drive; constant-mean-
diamet;er or constant-hub-diameter turbomachinery, etec.”

The 32 engines have been selected based on (i) year of commercial-
ization and (ii) architecture. The ones commercialized before 1975 have

: been eliminated because they are too old to reflect even the "average"

current technological level; t;he ones with radial components (compres- I
sor, turbine, or both) have be;an left out because the functional
relationship between 75, and SP (see Eqs.4.5 and 4.6) is presumably
different from that of axial machines.

The six turbines identified by an open dot ("o") have been discarded

because — although they meet both criteria (i) and (ii) - they exhibit
performances substantially below expectations. This situation —clearly
demonstrated by the results in Figs. 7.12 to 7.14 - has no apparent
justification; the high negative heat balance error (Par., 7.1.4)

testifies to the poor reliability of manufacturers’ data, but cannot be

* Due to space limitations, Tab. C.l does not report all these

data; however, they can easily be found in company publications on each
specific model.
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sole responsible for the deviations revealed by the present calcula-
tions',

In any case, since the inclusion of these six engines (#2, 6, 15,
53, 59 and 74) could drive the minimization procedure of Par. 7.5

toward unacceptable values, they have been discarded.
7.1.1 Inhomogeneities of reference data

The group selected is the result of a compromise between the need to
refer to as many engines as possible — to guarantee the generality of
the model - and the need to use a congruous data set. The basic sources

of inhomogeneities are:

¢ Aeroderivatives and heavy-duties are subject to very different
design approaches.

e Due to the very high costs of developing a new model, manufacturer
tend to improve their production lines simply by modifying existing
models. Thus, their "design styles" remain considerably different,

resulting in substantial discrepancies even among machines of the
same generation. :

o The last 2-3 years have witnessed the introduction of a new genera-
tion of engines with TIT and performances noticeably higher than
those of pre-existing models. For this reason, it has been necessary
to introduce a distinction between "average" and "state-of-the-art"
engines (see Par. 7.1.8). '

These observations point out that, aside from the inconsistencies

evidenced in Par. 7.1.4, we should expect a substantial scatter of

calibration results.

" Let's take for example the Allison 570KA (#2): although B, TIT,
M,, n%*® and n:"‘ are almost identical to those of the 571KA (#3), its
efficiency is lower by almost 4 percentage points. Such large differ-
ence can be explained only by hypothesizing that its design is substan-
tially different from that of the 571KA: it could be materials, cooling.
technology, compressor and turbine diffuser, combustor, etc.; most
probably a combination of all of them.
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The scatter could be reduced only be defining each model more
specifically: compressor outlet temperature, combustor pressure drop,
conditions at end of cooled expansion and at diffuser inlet, etc. Since
this is impossible, either we accept a substantial tolerance on the
predictions of the model or we must "fine tune" the input data li..‘tst:ed
in Tab. 6.1 to each single turbine., The latter approach ‘has been
adopted for the programs commercialized by Enter Software and El-Masri

(see Par. 3.2).

7.1.2 Survey of commercial turbines

Performance data about commercial gas turbines can be found either
in handbooks and catalogs issued yearly by specializled publishers
(Diesel & Gas Turbine Worldwide Catalog; Gas Turbine World Handbook),
or in the technical literature, or in company publications (see
references of Appendix C). These data however are often incomplete or
incoherent: TITs are often missing; the number of compressor and
turbine stages are given only occasionally; cooling air flow rates are
always considered proprietary information; it is often unclear whether
the power output is at the turbine shaft or at the generator terminals,
or whether inlet/outlet pressure losses are included.

In order to refer the calibration to a more reliable data set,
several gas turbine manufacturers have been contacted directly, thus
collecting the data reported in App. C. Without subtracting from the
usefulness of such contacts, it must be said that the additional
information gathered by this survey has clarified only part of the
inconsistencies encountered. Such inconsistencies (see App. C for
further details) could be partially explained in terms of company

commercial policies, which may suggest to give slightly altered
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performance data to be in a better position for clients’ acceptance

tests.
7.1.3 Gear and erator efficie

To avoid errors due to incorrect estimation of gear and generator
efficiencies, the performances used for the calibration are ~ whenever
possible — the ones of the mechanical drive version. Iﬁ most cases the
electric and mechanical drive versions have the same cycle parameters;
however, in several cases the two versions exhibit slighﬁly different
M., RPM, B and TIT.

Fig. 7.1 depicts the values of 5, and n, reported in Table C.1.
These data were either given explicitly by the manufacturer, or
calculated as the ratio between the efficiency of the electric and
mechanical drive versions. Such a ratio must be considered more
reliable than the ratio of power outputs because power is much more
sensitive than efficiency to even slight differences of operating
parameters (e.g. RPM and air flow rate). The interpolating lines in
Fig. 7.1 have been used to evaluate the shaft power of engines produced
only as generator drives. Indicating with W, the electric power (in
Watts), their analytic expressions are:

g = 0.97-0.0065- [8.5-10gyo(Wey)]?

) 0.1.105 < ¥,, < 300.10% (7.1)
Ng = Nggt0.015+0,002. [8.5-Logyo(Wyy)]?

7.1.4 Overall energy balance

A first basic test of the coherence of manufacturers’ data is the

energy balance of the whole engine. Since JANAF tables enthalpies
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include the heat of formation (see App. B), for the whole gas turbine

energy conservation can be written as (Fig. 7.2): 1
hl + m!'ht —ms'hs = Wgh = z(ml.k°h].k) + z(‘llo-t) + z‘“ou) (7.2)

where my, are the leakage flows escaping from seals, bolts, flanges,

ete., Quop LS the heat lost by radiation, convection, incomplete combus-

tion, lubricating oil and auxiliaries; w,, is the work dissipated by

bearings and other mechanical components. The summation signs indicate

that leakage, heat and organic losses occur at many locations. Notice
that incorrect evaluation of processes internal to the system — blade
cooling, pressure drops, turbomachine losses, etc. — would not affect
the energy balance expressed by Eq.(7.2).

Except for very small uncertainties regarding fuel composition
(vhich slightly affects the exhaust gas composition and thus hy),

manufacturers’ data always allow for calculation of the LHS of

Eq.(7.2), Fig. 7.3 shows that for the turbines listed in Tab. C.l the

LHS may vary between -2 and +4-6% of the heat input q;,=mg-IHV. The box-
cross dots designate machines for which W,, or ngg Were not directly
available: for these machines W, was calculated from W, and the
correlatio_ns _shown in Fig. 7.1, thus possibly introducing an error due

3 to the incorrect estimation of n,.

For the turbines with LHS<0 the energy output is larger than the
energy input! On the other hand, LHS=3-5% of fuel input implies
dissipations much beyond the capabilities of the ventilation systems
typically used in structures housing gas turbines (Foster-Pegg, 1988).
Thesé considerations prove that, even excluding the box-cross dots, the

variations shown in Fig. 7.3 are much wider than can reasonably be
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expected, and set an upper bound to the accuracy achievable by using
the data in Tab. C.1.

To appreciate the importance of Fig. 7.3, notice that for an engine
with n=33%, a 3% difference between LHS and RHS of Eq.(7.2) could be
due to: (i) a 9% error on W, or (ii) a 3% error on n or (iii) a 4.5%
error on the exhaust: gases sensible heat (for a TOT of 550°C, an error

of about 24°C).
7.1,5 leakage, organic and thermal losses

In the calculations performed here each of the three losses on the

RHS of Eq.(7.2) is "concentrated" at one point as shown in Fig. 7.2,

thus giving:

h, + m¢hy —mg-hy — Wy, =
my -hy + £y -me-LHV + (l/ﬂoxs-l)’wc,srs+ (1“'lorg)'wt.,srs (7.2a)
where ¢, is the combustor heat loss (as a fraction of total heat input

me-LHV), and subscript "grs" indicates gross work. The values of my, ¢,

and n,, to be used have been determined by minimizing the sum of

squares of:

Ae = LHS~RHS of Eq.(7.2a)

for all the 32 engines
my ¢ 0.8% of M, — at HP compressor outlet
considered for calibra- | ey : 0.4% of me-IHV — at each combustor

Norg: 99.7% — both compressor and turbine

tion. The final values

Table 7.1. Values assumed for the parameters
are reported in affecting the energy balance (Eq.7.2a). Or-

ganic losses are considered for both turbines
Tab. 7.1, while Fig. 7.4 and compressors.

depicts the corresponding Ae. Engines with positive Ae indicate that

Wgh, Nan and TOT given by the manufacturer are probably very conserva-
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tive, i.e. some — or all — of them are actually higher; the opposite
holds for engines with negative Ae.

The value of my; of Tab. 7.1 compares well with the estimate given
by Hines (1990) who —besides suggesting that most of the leakage takes

place in the compressor — has recommended 1% as a reasonable, average

value for GE aero-derivative engines®. Based on data pr«;vided by

Gelfand (1987), the leakage fraction of these engines appears to be

| about 0.4% for the LM500, 0.1% for the IM1600, 3% for the LM2500 and 1%
for the 1M5000.

With regard to organic losses let’s remark that, since the sum of
compression and turbine work is roughly 5-w,,, %,,4=99.7% implies that

organic losses are about 1.5% of net work output.
7.1.6 Data used to reproduce the actual gas turbine cycle

Calibration has consisted in reproducing the thermodynamic cycle of

each reference engine and then verifying whether calculated performanc-
es match the ones given by manufacturers. The data used to reproduce

the cycle realized by the actual reference engine are:

e Mass flow M, at compressor inlet. !
¢ Compression ratio 8. '

e Turbine Inlet Temperature TIT.

e Total number of compressor and turbine stages (n}'® and n{*)
¢ Number of turbine cooled stages (n°®).

o If available, fuel LHV,

* Leakage flows depend very much on engine architecture, seal
design, operating pressure, etc. Since theoretical predictions are
subject to major uncertainties, all correlations used by manufacturers

to predict leakage are experimental and specific to a given seal design
(Horner, 1988).

L,
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The mass flow rate M, is the basic determinant of size, while g and
TIT define the "shape" and the "extemsion" of the thermodynamic cycle
in the T,s plane. ni*® and n{** are used to determine the distribution
of Ah;, among stages, which in turn is necessary to calculate SP. The
information on fuel LHV is helpful because, for the same cycle effi-
ciency, the heating value affects my, m, and thus t:urbine_ work‘. When the
heating value is not specified, it is assumed that fuel is pure methane
with LHV=50.01 MJ/kg; otherwise, it is assumed that the fuel is a

mixture of methane and dry air with the specified LHV",

7.1.7 Data to be matched by model predictions

The performances of the cycle defined by the parameters described at

the previous paragraph are compared with the values given by manufac-

turers for:

o Specific power output [kJ/kg,]
o Efficiency

Turbine outlet temperature

¢ Compressor outlet temperature (whenever available)

The purpose of the calibration is to minimize the difference between
calculated and manufacturers’ estimates of the four quantities above,
Since it uses only overall performance data, this procedure leaves
considerable uncertainties about local variables. For example, since
the temperature and the pressure at the end of the cooled expansion are

unknown, it is impossible to establish whether the distribution of

* Since it maintains always the same fuel C:H ratio of 1:4, this
procedure does not account for variations of combustion gas composition
due to other hydrocarbons often found in natural gas (ethane, propane,
buthane, etc.). However, the effects of such variations on cycle
thermodynamics are definitely negligible.
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turbine cooling flows is correct. A definitive verification of the
merits of the model requires detailed knowledge of the pressure-

temperature-mass flow histories of actual engines. One first substan-

tial improvement could come from reliable data on compressor outlet

temperatures (very few were available for the calculations performed

here), because they allow isolating the turbine from the comﬁressor‘.

7.1.8 Current vs State-of-the-art technology

As already pointed out at Par. 7.1.1, the 32 engines chosen for the

calibration do not constitute an homogeneous set. In fact, most of them

represent what could be defined the "current generation" of engines,
while ‘the ones introduced in the past 2-3 years clearly show improved
performance. On the other hand, since the number of "state-of-the-art"
engines is very limited, it is not possible to accomplish a satisfacto-
ry calibration based on such a small data set. This contrast was

settled by performing two separate calibrations:

¢ One for engines of the "current generation" (in Tab. C.l, the ones
marked by an asterisk), using as independent variables all the
parameters listed in Par., 7.2.1. ’

¢ Another for state-of-the-art engines (in Tab. C.1, the ones marked ;
by a solid dot). This was done after increasing the maximum allow- l
dble metal temperature and "freezing" the scale coefficients a. and :
a, appearing in Eqs. (4.5) and (4.6) to the values found for "current" ;
engines. Aside from reducing the number of independent wvariables,
eliminating a, and a, was necessary because these engines fall in
rather limited power range™

* Manufacturers are unwilling to provide such information because,
since the compressor outlet temperature is generally one of the
variables examined during customers’ acceptance tests, they want to
have the flexibility of changing such a temperature to meet performance
guarantees (Merola, 1987).

** Since all state-of-the-art heavy-duties considered here have
about the same power, it is clear that for them no scale effect could
ever be derived.
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Allison 501KBS
Asea-Stal Mars
BBC GT1IN

BBC GT13E
Coberra 3145
Coberra 6462
Fiat TG20 (b)
Fiat TGS0D5
G.E. MS7001EA
G.E. 1IM500
G.E. IM2500
G.E. 1LM5000
KWU V94
Mitsub. MF11l1
N.P. PGT10
N.P. MS6001
N.P. MS9001
Ruston Typhoon
Ruston Tornado
Solar Sat 1500

Solar Cent 4500

Solar Cent H
Sulzer 10

G.E. MS7001F
G.E. MS900LlF
Mitsub. S01F
G.E. LM1600
TurboPower FI8
G.E. 1M6000
Centrax CX571
KWU Vv64.3

KWU V94.3 "

Allison 570KA
BBC GT8
Coberra 6456
Sulzer 3
Ruston TB5000
Hitachi H25

! Estimated from temperature obtained after full gas-coolant mixing

ECEBEEEEEEESS

Type

HD
HD
HD
AD
AD
AD
AD
HD
HD

Type

AD
HD
AD
HD
HD
HD

1
4

B

9.3
16
12.4

State-of-the-art

B

13.5
13.5

14

22
20.3
29.8
12.7
15.6
15.6

8
12.
16.
2

'\loou:owl—'

~ OO

1

TIT
°c
1035
1057

TO0T
°c

538
465

1065* 515
1137 516

988
1164
1085
1085
1104
1116
1212
1174
1100
1160
1063
1104
1104
1053
1000

871

904
1010
1145

TIT
°C
1260
1260
1260
1210
1160
1240
1156

404
465
502
495
530
513
513
446
545
547
462
541
528
500
470
499
451
516
517

TOT
°C

583
583
578
482
443
448
533

1221} 534
1201 534

Anomalous engines

TIT
°c
1135
1185
1162
970
900
1260

TOT
°C

567
523
475
478
495
530

"Current technology" engines

Type #

f1sh
3

30.13
33.04
32.97
34.90
34.40
37.30
33.54
34.55

engines
Nsh
3

35.07
34.66
35.72
37.20
38.92
41.23
33.91
36.37
36.37

Nsh
%

29.60
32.42
35.60
28.15
27.10
33.60

wlh
(W] |
3.927

9.396

83.30

147.4

12.55°
26.10
44.29
130.9
84.77
4.064
22.00
34,27
152.6
13.28
10.44
39.78
120.8
4.131
6.338
1.161
3.274
4.101
22.60

Wap

(M) [
152.3
215.4
155.1
13.99
25.95
42.99
5.896
62.59
203.0

Wan
Wy [
.804
47.80
24.79
6.280
4.027
24 .44

Wsh
kl/kg]
251.7
259.0
268.7
299.6
223.0
294.6

. 281.9

294.5
291.6
256.0
330.0
278.8
305.3
278.7
253.0
291.6
293.7
246.2
232.9
181.3
192.0
233.7

292.8

Wiy
kJ/kg]
365.
359.
362.
311.
304.
342,
302.
340.
341.

NNWNWLWANNO N

Wah
kI/kg)
255.5
270.1
279.7
197.9
188.9
277.7

©<1.96

de/qsn
$
-.789
2.514
-2.15
-.962
-:943
-1.38
1.073
1.850
.780
-.863
-.420

-.991
-.949
-.859
-.634
-.063
-1.11

771
1.340
1.585
-.192

.613

be/qyy
£}

2.211
2.160
.528
-.278
-.473
-.259
.106
474
.647

-3.97

Table 7.2

Characteristics of all-axial gas turbines commercialized after

1975. The rightmost column reports the difference Ae=LHS—~RHS of Eq.(7.2a)
obtained with the assumptions of Tab. 7.1.
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For convenience, the main characteristics of the two groups of engines
have been repeated in T#b. 7.2. The table also reports the six "anoma-
lous" engines left out from calibration (see Par. 7.1) and the heat
balance error corresponding to the assumptions of Tab. 7.1.

Although their performances do not appear particularly an?malous.‘
engines # 75 (GE i‘lS9001F) and # 78 (KWU V94.3) have been excluded from
error minimization due to inconsistencies with the 60Hz model (see
comparison between 9001F and 7001F in App. C) and - for the KWU V94.3 -

lack of reliasble information on TIT.
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1.2 Relevant model parameters

While the number of parameters apﬁear:lné 11;1 the turbine model is
relatively high, the information regarding actual turbines is limited .
to the four quantities listed at Par, 7.1.7: w, n, TOT and, if availa- ‘

ble, COT. Thus, it is unreasonable to pretend to calibrate all par'ame;

ters, and attention must be restricted to the most significant ones.

Fortunately, according to gas turbine design practice many parameters

must fall in a rather narrow range, and can be assigned a.fixed,

constant value.
7.2.1 Parameters to be calibrated

The parameters to be considered "most relevant™ — and thus to be

used as the independent variables of the calibration — have been

selected according to:

e The results of the sensitivity analysis of Par. 7.4.

o The acknowledgment that turbomachinery and cooling technology are ;
the basic determinants of cycle performances. Consequently, their '
features must be among the quantities to be calibrated. ;

Both these criteria have led to the choice of the following parameters: [

Asymptotic turbine and compressor polytropic efficiencies (y 1« and
Np,c0) appearing in Eqs.(4.5) and (4.6).

Coefficients a, and a, giving the slope of functions n,.(SP) and
Np,c(SP) in Eqs.(4.5) and (4.6).

e Convection cooling technology parameter Z.

¢ Film cooling technology parameter rg,.

This sums up to a total of six independent variables. However, the many
numerical experiments performed have shown that results are substan-

tially improved by differentiating between 1, , of heavy-duties and
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aero-derivatives, which brings the total to eight (see Tab. 7.5). This

differentiation can be justified by considering that ADs are almost

- always multishaft; the additional degree freedom allows for better

distribution of specific speeds among stages, with beneficial effects

on efficiency.

It is clear that the larger the number of independent variables the

lower the total error resulting after minimization; however, there is

also the risk of obtaining unrealistic values of the parameters being .

calibrated. The choice of the eight
parameters above has proved to be the
best compromise between accuracy and

adherence to gas turbine standards.
7.2.2 Parameters held constant

The values assumed for the other
gas turbine parameters are liéted in
Tab. 7.3.

The choice of b=b,=0 (see Eq.4.5
and 4.6) is based both on the behav-
iour of fp,t depicted in Fig. 4.4 and
on results of tests performed with
different values of b, and b,. These
tests showed that, although the opti-
mum values of a, and a, do depend on
the values chosen for b, and by, as
long as —0.05=< b,, by < 0.3 the accu-
racy achievable >by optimizing np ca,

Np,tos 8¢y 8y, Z and Ty, is essentially

Biy,,
Birse
Dlgak
Maye
Ma,,
Ma,,
Datop,mx
Thm:, ct
Tbm,m
Tyel

« t
stg
Ahis,ul:

APc!./ Pcl
Anz
A1:1:
Ndit
p,nz

c

by,

Ahis ,C

't
Ah:ssm

adjusted to match n®®
Mer{dional section always
with constant D,. For
state-of-the-art turbines
Tm'ct-800°c and Tbm'nz-830°c
Ahy, . used to evaluate SP,

200 kJ/kg (HD)
100 kJ/kg (AD)
b

.10
.03
.5
.95
.0
.0

OO0 OCO0O0C0O

20 kJ/kg (HD)
30 kJ/kg (AD)

Table 7.3 Parameters maintain-
ed fixed during calibration.
AD=aero-derivative; HD=heavy-

duty.
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constant. b, b, ~ 0 means that 5, . and n, . do not increase any further
for SP2=l, a behaviour physically correct for .turbulent flows and mo
geometric constraints.

Although they correspond to typical values adopted in actual gas
turbines, using the "base" values listed in Tab. 7.3 for all turbines
is somewhat arbitrary and each one of the them could well be‘disputed.
In reality, each turbine will have a unique combination of those
parameters, a combination which however is known only by the manufac-
turer. On the other hand, any attempt to estimate the paraxﬁeteré iﬁ the
Table would inevitably require exhaustive information on turbine ge-
ometry and aerodynamics (see discussion at Par. 4.3).

In. summary, the decision to assign a fixed value to the parameters
in Tab. 7.3 comes from the acknowledgement that: (i) reference data are
scarce; (ii) any attempt to resort to correlations used in gas turbine
practice would require at least a 1-D design, thus defeating the main

purpose of the calculation médel.
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7.3 Calculation procedure

Since TIT and n°® are outputs rather than inputs of the compui:er
progran, in order to reproduce the cycle corresponding to a given

engine it 1s necessary to iterate on:

e Combustor outlet temperature, to match the given TIT
e Turbine Ah;:fm, which determines B of cooled stages and thus n®*

Rather than referring to the TIT defined in Par. 2.3.1, some Epropean
manufacturer refers to an "effective mixing temperature" ideally
obtained by mixing all coolant flow with the combustor outlet gas flow;
in this case, instead of matching TIT the iteration on the combustor
outlet temperature is targeted toward such a mixing temperature.

The configuration adopted for reproducing the performance of

commercial engines is depicted in Fig. 7.5. The calculation proceeds as

follows:

e Compressor outlet conditions are computed from overall compression
ratio and Eq.(D.6). n, . is calculated from Egs.(4.6) and (4.7),
using for SP ., the value of the previous iteration (SP, i, is always
the same). Then, SP, o is updated on the basis of the new compressor
outlet conditions.

e Combustor outlet temperature (point 6 in Fig. 7.5) is reset accord-
ing to .the error on TIT of the previous iteration.

. Ah:;‘fm is reset according to the error on n® of the previous itera-
tion. If, say, at the previous iteration n®® was greater than the
number of cooled stages of the turbine to be reproduced, the en-
thalpy drop Ah::fm is increased. Thus, the temperature drop across
cooled stages increases, and the gas reaches Ty, o Within fewer n®®,
Notice that n®® is treated as a real number.

e The turbine is calculated on the basis of the new gas and coolant

conditions, as well as the new distribution of stage expansion
ratios,

B L T S N P T P 3
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Convergence is verified by testing the variations of TIT, n®® and

cooling flows (points 8 and 10 of Fig. 7.5) between successive itera-

tions.

7.3.1 Assumptions

Besides the ones listed at Tabs. 7.1 and 7.3, the assumptions

3 maintained throughout the calibration are:

e ISO conditions, i.e. ambient at 15°C, 1.0325 bar, 60% relative
i humidity, no compressor inlet nor turbine outlet AP.

‘; e AP.;=3% (ADs) and 4% (HDs). This because the annular design adopted
in aero-derivatives generally gives lower pressure losses.

e Unless otherwise specified, the fuel is natural gas with
LHV=50.01 MJ/kg. When the heating value specified by the manufactur-
er was different, a mixture of CH, and air having the given LHV was
assumed.

e HDs are film-cooled only in the first vame, i.e. xy; =0. In aero-

derivatives film cooling is applied also downstream' as depicted in
Fig. 3.9. '

e Cooled turbine stages have the same expansion ratio (option 2 of !
Par. 3.6). Uncooled turbine stages and compressor stages have the ;
same Ah;, (option 3 of Par. 3.6 and option 3 of Par. 4.7.1).

7.3,1,1 Pre-cooling of coolin ;
One last assumption is that there is no heat transfer between the

compressor bleed and the point where air is used for cooling. In some

models produced by ABB, Fiat, Mitsubishi and Hitachi cooling air is
pre-cooled by means of an air-to-air heat exchanger. Neglecting such
heat transfer is a substantial drawback; however, no data were avail-

able to account for its effects.

* Except for the Allison 501-KA, where film cooling is utilized
only for the first vane.
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If manufacturer efficiency, air flow, power output and TOT were
accurate and consistent, the presence of -air pre-cooling could be
revealed by a heat loss larger than expected. However, considering that

such loss is likely to be 1-3% of the heat input and given the scatter

of points in Fig. 7.3, there is little hope of detecting such loss

through an energy balance, A clear confirmation of this argument comes

from considering that, despite the substantial pre-cooling adopted in

the Hitachi H25 (Urushidani et al, 1990), its heat balance shows a

large negati'(ve error (Fig. 7.4)

7.3.2 Difference_from procedure adopted in Ch, 10

It is important to notice that the procedure outlined above is
slightly different from the one adopted to obtain the results of

Pars. 10.2 and 10.3 because:

1. In the calibration, Ahﬁ‘nmt is the result of an iteration whereby n°®
is matched to the value given by the manufacturer; the same proce- {
dure has been maintained for the calculations termed "same hypothe- 5
ses" in Tabs. 10.3 to 10.8. On the contrary, all other calculations
of Par. 10.2 and 10.3 refer to a constant value of Ah::‘fmu.

2. In the calibration, HDs are film-cooled only in the first nozzle
(rgc,ct=0, as it actually is). Instead, except for the test reported ‘
in Par. 10.2.1.1 (Allison 501-KH), in Ch. 10 film cooling is always 5
extended to the cooled turbine as depicted in Fig. 5.43a.

The reasons for these differences should be obvious: (i) the number of
cooled stages n°® is known only for actual, commercial engines; (ii) for
systems designed to achieve outstanding efficiencies it is reasonable
to expect a more widespread use of film cooling.

This differentiation between the two calculation procedures contrib-

utes to improve both the results of the calibratiom — using as much
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information as possible — and those of the parametric analysis — by

neglecting fictitious constraints on n°* and. Yee.
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7.4 Sensitivity analysis

The choice of the calibration parameters described in Par. 7.2.1 has
been verified by testing the sensitivity of the performances predicted

for the GE IM6000. The choice of the GE IM6000 has no specific justifi-

cation; similar results can be obtained by considering- ahy other
engine, except that for heavy-duties, where only the first vane is film

cooled, the sensitivity to r,, tends to be smaller.

7.4.1 Variation ranges

The variations considered for each parameter are summarized in Table N
7.4 and are based on typical ranges adopted in gas turbine design
practice.

The variation ranges do not span the same fraction of base value nor
are they symmetric. This because the uncertainty on some parameter is

much larger than on others, and assuming always the same variation -

say *5-10% — would be unrealistic. The concept can be appreciated by

considering for example that:

o vhile there is almost no indication on the probable average value of
Z and rg, the value of Ma, and Maye cannot be too far from their
base values of 0.7 and 0.45;

¢ the minimum and maximum values of rg (0.15 and 0.90) are used to
span the whole feasible range, independently of the base value.

The base values of 5, .o, fp,te, 2 and rg are the omes resulting from
error minimization (Par. 7.5). a., a, are not listed because, since they
are meant to represent scale effects, the sensitivity to their value

can be appreciated only by coﬁsidering a set of turbines with substan-

.tially different power outputs.
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Tab. 7.4 and Figs. 7.6 to 7.10 make clear that, although the

sensitivity of w,,, nm, Dy and TOT to each parameter is different,

flp,cer Np,ter Z and Yy, produce by far the overall strongest.impact. Thus,

in an error minimization procedure where only some of the parameters

can be optimized, the bulk of the error can be reduced by chosing them

as the independent variables. The figures also suggest that:

Parameter

Biw .
B
oy

- Mag
Ma
Ma,
Tomuar ©
Tli-l.-' °c
u, mfs

i Dy
o (H/Dy)o
o

(€/Dpde
1-
[]

ty/c
(cy/Dla
Ta

GE data:

Bas
valu
0.5
0.01
0,02
0.45
0.70
0.80
800
830
400
30°
0.4
0.03
.004
0.5
0.95
.997
.802
821
i00.
0.25
0.10
0.03
0.5

T 3.25

0.08
1.25
.060
65°
2.6
125
045
§5°

L] Range
0
.25-.75
.005-,015
.005-,015
J35-.45
.55-.85
.80-1.0
770-830
800-860
300-500
0-60
0.25-0.55
0.02~0.04
,001-,007
.40~ .60
.82-.898
.8955-. 9885
.882-.822
.901-.841
15-200
.075-.90
,05-,15
.015-. 045
,33-.66

2.75-3.75
.05-.11
.80-1.5
.045-,075
55-75
2.2-3.0
.10-,15
.03-.06
45-65

With base values:

Y kd/kg

343.6-329,8
342.0-334,0
340,8-334,5
343.0-332,1
343.5-331.2
334.7-338.8
331.8-342.3
335.2-339.6
337.8-338.3
338.8-337.3
341.8-326.2
339,8-336,3
338,3-338.0
335,5-340,7
336.3-339.6
336.0-340,2
315.7-358.7
323.3-352.6
304,8-340.9
321.5-348.0
338,0-336.8
339,4-336.3
335.2-340,7

339.6-336.3
335.6-337.6
347.2-330.5
339,1-336.8
328.2-337.7
341.6~334.4
338.,3-337.8
335.8-338.5
335,8-340.7

338.1
342.2

N 2

41,58~40,62
41.29-41.01
41,37-40.89
41.77~40.44
41,61-40.55
41.30-40.86
40.97-61.34
40,83-41,36
41.14-41.18
41,25-41,07
41.36-40.47
41,38-40.84
41.04-41.31
40.86-641.49
40.84-41,50
40.92-61.43
39.53-42,57
38.42-42.93
39,21-41.35
38,52-41.88
41,27-41.01
41,22-41.14
40.80-41.49

41,27-41.08
40,94-41.20
41,66-40.77
41,28-41.01
41,18~41.12
41,31-41.01
41.17-41,16
41.02-41.21
41,05-41.28

41.17
41.23

T0T, °C

448,0-447.9
451,0-446.3
448,5-448,5
444,2-453.8
447,4-450.9
442.2-654.1
444,4-450.5
450.8-447.2
448,6-448.5
447,9-449.2
449,4~445.9
446,9-450,2
448,6-448.4
450,8-446.2
452,1-444.6
448.5-448.5
448,7-448,6
460.5-435.9
440,6-448.7
456.5-448.1
447.8-440.6
449.2-446.9
451,3-446,0

448,6-447.9
449,3-447.5
450.7-446.3
447.7-449.7
448.4-448.8
450.2-446.8
448.7-448.4
448.4~448.3
447.8-449.6

448.5
448.0

My % Ty, 2

08.62-15.19 7.48-8,11
11,51-11.68 7.28~8.82
11,57-11.48 8.08-8.03
11.53-11.53 8.06-8.06
11.60-12.58 7.58-8.54
11.54-11.66 8.28-7.13
11.46-11.63 9,31-7.33
14.74-08.48 8.00-8.07
11,53-11,53 8.08-8.06
10,62~12.47 8.06-8.06
11.60~11.44 7.52-9,78
11,53-11,53 8,07-8,06
11,53-11.53 8,06-8.06
11,53-11.53 8.06-8.08
11,56-11.58 7.81-8.40
11.53-11.53 8,06-8.08
12.50-10.96 8.26-7.88
11.58-11.53 8.21-8.05
21.50-10.04 12.84-7.69
26,60~06.21 8.84-6.08
10.51-13.03 8.05-8.07
11,56-11.57 7.83-8.48
11,53-11.53 8.04-8,10

11,23-22.00 7.87-8.35
13.82-11.00 8.25-8.25
08.10-13.54 §,73-9.23
10.35-13.03 8.05-8.07
11,44~12.03 8,06-8.07
11,10-11.95 7.43-8.72
11.54-11.52 8.01-8.12
12,50-11,02 8.33-8,05
11.98-11,08 8,41~7.62
11,53 8.06

Left and right values in Wy, s, TOT, m; o, and my .o columns corre-
spond to lower and upper values of each parameter. Parameters are
varied one at a time, keeping all others at their base value.

Table 7.4

Results of sensitivity analysis.
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¢ In all cases the influence of the geometric parameters discussed in
App. A is modest, with the only exception of the solidity o.

« Turbine diffuser losses have a substantial impact on efficiency (see
influence of paramter #4=May e and #l4=nye in Fig. 7.6a). Aside from
materials and cooling technology, the improvement of diffuser
performance is the subject of significant research efforts by
manufacturers (Luthi, 1989); it is interesting to notice that for
its latest heavy-duty machine (7001F and 9001F), GE has abandoned
the radial design (compact, but relatively inefficient) and has
adopted an axial diffuser®, a design traditionally employed in ABB
machines.

e As expected, cooling flows are basically determined by Z and rg,,
although Bi,, my,; and T,,, are also relevant. Decreasing the blade
wall thickness by a factor of two (Bi,, changes from 0.5 to' 0.25)
achieves approximately the same cooling flow reduction as increasing
Thax,ct By 30°C (Fig.7.7a) and even more than increasing Ty, . by the
same amount (Fig.7.8a).

e ry. has the strongest impact on m n.; instead, the influence on mg
is small because in the cooled turbine film cooling is used with
decreasing intensity (Fig. 5.43a).

e The very small sensitivity to the peripheral velocity u shows that
pumping losses have negligible effects on overall performances and
could be ignored.

e Fig. 7.9 shows that not only the diffuser, but also the nozzle
characteristics have a substantial impact on TOT. While the reason
of the influence of My, (#4) and ny;, (#14) are obvious, for the
nozzle (#6=Ma,, and #15=y, ,,) it must be recalled that all calcula-
tions refer to the same TIT. Thus, varying Ma,, or n,,, changes:
(1) combustor outlet temperature; (il) nozzle outlet pressure;
(iii) expansion ratio of section downstream the nozzle.

e For the same 2 percentage point variation of n,, w,, is more sensi-
tive to n, . than te 75, because of: (i) the opposite roles played
by turbine and compressor reheat factors; (ii) the presence of
cooling flows, which increase with lower n, . due to higher compres-
sor outlet temperatures; (iii) turbine losses other than the ones '

* Presumably, for the GE 7001F the choice of an axial diffuser is
also the outcome of the low number of stages (three), implying large
stage Ah;, and a high May, of about 0,55 (Scheper, 1989). With such a
high inlet Mach number, the performance of a radial diffuser would be
inevitably poor.

.
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contributing to g, . (nozzle, diffuser, acceleration, mixing). such
losses are present anyway and "dilute” the effect of npt .

7.4.3 Numbex of ste

i One final important verification regards the sensit:ivit:y to the

number of steps used to model the cooled expansion. As mentioned in

Par. 3.4.1, the hypothesis of "continuous” expansion is legitimate as

long as there are at least 3-4 steps per cooled row. Lower number of . ‘
steps produce step-to-step discontinuities comparable to that between
actual cascades, thus invalidating the assumption of smooth, continuous

variations of thermodynamic and kinetic terms. On the other hand,

Fig. 5.43 shows that if the number of steps is too high there might be
an underestimation of film cooling effectiveness and thus an overesti-
mation of cooling flows.

The variation of n, w, TOT and cooling flows predicted for the

1m6000 for different values of the maximum number of steps are

reported in Fig. 7.11, which confirms that:

o For low mn,,, the model is unreliable because results vary signifi-
cantly with the number of steps.

o For n,,, > 20-25variations with ny,, become much smaller. However,
there is a persisting influence of n,4,, on cooling flows, causi.ng an :
increase of Mgy pe and mg ., of the order of few percent™. Aside

i * For example, taking an uncooled, constant- -np turbine with the
{ same characteristics considered here (f=29.8, TIT-1240 C, other
parameters from Tab. 7.3 except that there is no cooling and 75, . is
constant), when n,. goes from 92 to 94% the overall isentropic effi-
ciency goes from 92.2 to 93.7%. Thus, despite the reheat effect, nozzle
and diffuser losses can make the overall fis smaller than g,. With
cooling this is even more true due to mixing and acceleration losses,

although the concept of isentropic efficiency becomes inappropriate
because the expansion is no longer adiabatic.

** Notice that compared to the inlet air flow variations are much
smaller, because the values in Fig. 7.1l are non-dimensionalozed by the
base values mg) 5,=0.1153 and m ,~0.0804. Thus, a 5% variation of m),
means a 0.4% variation with respect to compressor inlet flow.
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from numerical inaccuracies, this increase is mostly due to the
reduction of film cooling effectiveness shown in Fig. 5.43. In any
case, the variations of 5, w and TIT-TOT are within 0.3%, much less
than the incertainty on the results of the calibration discussed in
the next Paragraph.

e ke

PG

It is important to emphasize that the sensitivity to n,,, varies with
the cycle parameters, in particular with the expansion ratio of the

cooled section. For low TIT such expansion ratio is loﬁ, and thus the

value of n,,p below which model predictions become unreliable is low.

These considerations allow to conclude that, for state-of-the-art
TIT and ng., > 25-30, the sensitivity of overall perfomance predictions
to variations of ng,, is much smaller than the accuracy to be expected
by the results of the calibration, as well as of the tolerance of
actual plant specifications. Nonetheless, in order to eliminate any

fictitious influence of n,,., on other variables it is appropriate to

perfom all calculations with the same ny,,.

-
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1.5 calibration

As already anticipated, the calibration of the 23 "current technolo-

gy" engines of Tab, 7.2 is performed by determining the value of:

4 "p,cﬂ(AD): ”p,cw(ﬂb)v ﬂp,tﬂ(AD): and "p,f.ﬂ(HD)
e a, and a, of Eqs. (4.5) and (4.6)
® Z and ry

which minimizes total error (sum of squares) on:

e power output
o efficiency
e turbine outlet temperature

e compressor outlet temperature (wherever available)

The error on n and w is non-dimensionalized by using the values given
by the manufacturer. The errors on TOT and COT are non-dimensionalized
by (TIT-TOT) and (COT-Ty), respectively: the resulting error approxi-
mately equals the error on turbine and compfessor work, All four errors
are weighted equally, i.e. total error is simply the sum of squares of
all non-dimensional errors. The least-square minimization routine is

based on a Levenberg-Marquardt finite difference algorithm (An., 1985).

7.5.1 State-o‘f-the-art engines

State-of-the-art engines have been calibrated according to the same
procedure described above. The only differences are that a, and a, have
been left out from the set of independent variables (using the value
already found for “"current” engines) and the values assumed for Tuu n.
and Tpy o, have been increased by 30°C (see Tab. 7.3).

It is worth mentioning that, rather than performing two separate

calibrations, differences between average and state-of-the-art technol-
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ogy could be appraised by introducing a time-dependence (with the year
of introduction into the market) of 5,, Z and ry. Despite its strong
appeal, this idea is very difficult to realize because manufacturers
frequently upgrade their engines by changing cycle parameters, materi-

als, cooling technology, etc. Consequently, the current performance of

a model introduced 10 years ago does not necessarily reflect ten-year-

old technology.

7.5.2 Results

The optimized values of the eight independent variables are listed
in Tab. 7.5; Fig. 7.12 depicts functions n, .(SP) and p, .(SP), while

Figs. 7.13 to 7.16 compare calibra-

tion results with manufacturers'
Current State-of-
data. The error function to be mini- technology the-art
mized has proved much more sensitive | 2 36 100
Teo 0.194 0.25
: to turbomachinery efficiencies than | %p,co(HD) 0.896 0.896 !
1 Np,c0(AD) 0.902 0.902 1
to cooling system parameters. There- | flp,t=(HD) 0.912 0.921
Np,ts(AD) 0.912 0.921 :
fore, while the confidence interval | & 0.02688 0.02688!
ay 0.07108 0.07108?
on n, is smaller than 0.1%, the con-
1 a, and a, of state-of-the-
fidence interval on 2, r,., a, and a, | art engines are not optimized

is of the order of 1%. Table 7.5. Optimized values of
cooling parameters, turbomachine-
The first important comment on ¥y efficiencies and scale coeffi-
cients.
Tab. 7.5 is that the calibration
confirms the expectation of higher g,, Z and ry for state-of-the-art
engines. The only exception is compressor efficiency, for which there
appear to be no significant difference between the latest and the

previous generation of ‘engines.

i
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Compared to the results obtained with a simplified model developed
earlier (Consonni and Macchi, 1988), there is a strong improvement in
the prediction of efficiency, which has been narrowed down to an
uncertainty of about one percentage point. Power and TOT are also
better predicted, although the improvement is smaller. The reason why
predictions are. still relatively poor is basically the lack and the
uncertainty of data, a reality which is best illustrated by the scatter
of points in Fig. 7.3. This does not sound very enthusiastic for the
sophisticated model, through which it was not possible to obtain
dramatic improvements. However, as already pointed out in Par. 3.3.1,
the sophisticated model is the only one which can reasonably be
extended to cycles very different from the simple cycle.

Fig. 7.14 shows that there is a tendency to overestimate TOT, which
could be the sympton of an underestimation of either g, . or the cooling
flow, oxr both.

Ovérall, the ability to predict the performance of the current
generation of engines appear satisfactory. The results shown in Ch. 10
show that the error bounds of 1 percentage point on efficiency and 5%
on power output generally hold also for configurations very different
from the simple cycle although in that case, rather than with experi-

mental data, comparisons are made with figures given by other authors.

7.5.2,1 Heavy-duty vs, aeroderivative

Aside from the advantages coming from multi-shaft architecture and
more widespread use of f£ilm cooling — which are both built into the
model by assuming higher gy o and ry >0 —ADs do not show a systematic
superiority over HDs. Yet, the optiﬁized values of 7, ¢a(AD) and 7y ¢o(HD)
are the same, suggesting that the advantage of going to multi-shaft

architecture is mainly on the compressor side. The much higher simple
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cycle efficiency of ADs is mainly the result of a different choice of
cycle parameters: in fact, while ADs have g near the optimum for
efficiency, HDs are designed much closer to the point of maximum
specific work. This can be explained by considering that:
e In aircrafts, reducing fuel consumption is very important; not ;nls'
to decrease operating costs, but also to decrease weight at take-
off,
o In industrial applications gas turbines are used either as peaking
units —where capital cost is more important than fuel consumption -
or as part of Combined Cycles — for which efficiency generally peaks
at relatively low compression ratios. In both cases economic optimi-
zation pushes toward low/medium compression ratios. ‘
The apparent equality of ADs and HDs does not constrast with the fact
that for the former cooling technology is generally more advanced: HDs
can "make up" for this disadvantage by a better design of the LP
section —LP turbine and diffuser, which for ADs must be designed from
scratch anyway" — or by means like pre-cooling of cooling air with
external heat exchangers. In order to fully capture all these effects
it is necessary to broaden the set of variables being calibrated
and —most of all — to use much more experimental data. The calibration
performed here "lumps” all factors into the eight parameters listed in
Tab. 7.5.

Given the important technological implications of the development of
HDs vs, ADs (Williams and Larson, 1989), additional clarification about
their specific performance potential is definitely desirable. However,

the results of this calibration indicate that further differentiation

between the two classes of engines would not significantly alter the

* An important recent innovation has been the introduction of the
GE 1M6000, which by utilizing the same LP turbine of the aircraft
version (CF6-80C2) allows substantial reduction of development costs.
In any case, some LP turbine redesign and the addition of the diffuser
must still be done.
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results. Since performance predictions are not biased toward either of
the two classes, there are good reasons to believe that its predictions

do not sistematically favor either of them.

71.5.3 Summary and exitical appraisal

The cali'bra.t.:lon presented in this chapter constitutes a crucial
point of this work. As already mentioned in Par. 3.2 a critical issue
of all gas turbine models is their capability to reproduce the perfor-
mances of actual engines. If the object of the study were a device
which could be tested in a laboratory, the issue could be addressed by
means of extensive experimentation. However, this is not possible for

gas turbines because:

¢ Costs would be prohibitive.

o Most of the required information is highly proprietary.

s Given the important differences among the "design style" of differ-
ent manufacturers, testing one single engine would not be enough. In
fact, in orxder to gather significant information it would be neces-
sary to test at least one engine for each manufacturer.

These considerations clarify once more that, although the calibration
performed here leaves room for much improvement, there is actually no
better means to adjust model predictions to the real world.

As suggested by Erbes (1991), closer agreement with actual engines
could be obtained by "tweaking" the model parameters to reproduce the
performances of each single engine. This is desirable in case it is
necessary to simulate one single engine (e.g. the verifications of
Par. 10.2), but not for a parametric analysis like the one presented in
Par. 10.3. In any case, impfovements could possibly be obtained by

adding information which may be obtained without dramatic efforts:
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o Type of diffuser (radial diffuser should be assigned lower efficien-
cies).

¢ Type of meridional section (constant hub, mean or tip diameter).

e Presence of cooling air pre-cooling.

e Pattern factor (should be lower for silo combustors).
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NOMENCLATURE

a,b Coefficients of function 7p(SP) (Eqs.4.5 and 4.6)

Bi,, Blade wall Biot number
Birge Thermal Barrier Coating Biot number

Dn Mean diameter [m]
IHS Left-end-side

m Mass flow rate, referred to compressor inlet flow rate [kg/kg,]
M Mass flow . [kg/s]
Mgy Disk coolant flow per stage [kg/kg,-stage]
Ma Mach number :

n Number (stages, steps)

P Pressure [Pa]
q Heat, specific to M, [T/kga]
Yoo Film cooling parameter, see Par. 5.3.5.2

rye1 Coefficient defined by Eq.(3.15)

RHS Right-end-side

SP Turbomachinery size parameter [m]
Tyex Maximum allowed blade temperature [K}
u Blade peripheral speed [m/s]
w Specific work [J/kga]
W ‘Power [kW]
4 Convection cooling parameter, see Par. 5.2.4.8

Greek

a Film cooling injection angle

B Pressure ratio

v Stagger angle, see Fig. A.1 '

de Difference between LHS and RHS of Eq.(7.2a)

Ahg, | Isentropic enthalpy drop [J/kg)
AP Pressure loss [Pa]
£, Heat loss, as a fraction of heat input

A Pattern factor

n Efficiency

g Generator efficiency

ngg  Gear+generator efficiency
Ny, "large scale" efficiency, see Eq.(4.5)

Subscripts
a  Afr’
[ Compressor

cl Coolant

clt Blades+shrouds+disk cooling flow

cmb  Combustor

ct Cooled turbine

dif Diffuser

dsk Refers to disks, casings, struts, etc.

£ Fuel

g Gas

grs Gross, i.e. including organic work losses
in Input; inlet

is Isentropic
1k Leakage

nx Maximum

nz Nozzle

org Organic
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FIGURES

Eqs.(7.1)

i
1
i
i
i i

\ 88 T T T
4 100 1000 10,000 100,000 1,060,000

W,, kW

7.1 Gear and generator efficiencies, The number on top of each
point refer to the gas turbines listed in Table C.1
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LEAKAGE sl
my, b
Tk cooling flow
A >
e
R
/.| HEAT NET WORK
| FUEL! | LOSSES wsh
L0 st g Y
C T 7
ORGANIC Y :
:’ -RII—R--' LOSSES EXHAUST
U gh Worg m.,h L
{ ] a: g g

7.2  Overall energy balance of simple cycle turbine. Dashed-line
boxes indicate inputs; solid-line boxes indicate outputs.
In an actual machine, leakage, heat and organic losses
occur at many locations.
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7.3 1HS of Eq.(7.1) for the turbines listed in Tab, C.1.
Manufacturers’ data used: M,, my, TOT, W,,. The number on
top of each point correspond to the numbers of the leftmost
column of Tab. C.l. For the turbines identified by black
dots, the correlations shown in Fig. 7.1 have also been
used.
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Gas Turbine Model Calibration
Situation with mlk=0.8%, heat loss 0.4%, etaorg=99.7%

]

17¢

St ™ 1

o
AWRY por g

[4e495

{LHS-RHS of Eq.(7.2)] / [qin], %
N o
Y e ]
oo
> g-!'
4

7.4  Error of heat balance equation (i.e. LHS-RHS of Eq.7.2a)
for the turbines listed in Tab. 7.2. Notice that all
"anomalous” engines exhibit strong negative fe.

Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.



S. Consonni - Figures Chp. 7

Turbine

7
Compressor L

to stack !
natural gas !

7.5 Scheme of simple cycle considered for the calibration of
the turbine model. The small compressor depicted on top of
the turbine (which doesn’t actually exist) stands for the
"floating-pressure” bleed from the compressor (see
Par, 3.7.1); the efficiency of such fictitious compressor
is the same as the one of the main compressor.
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Sensitivity Analysis
Performancs predictions of GE LME000
Variations of shait efficlency -

2 < base value B > base value

1
i

—&
=

AN ANNANNAN

1283 46567 8 910 1 1213 14 15 16 17 18 19 20 21 22 23

Parameter #
Parameter #8 correspond to: 1=Bibw 2=mdsk 3=mik 4=Madif 5=Mag,ct
68=Manz 7=Tbmx,ct 8=Tbmx,nz 9=u 10=alfa 11=DPcl/Pc! 12=DPcmb 13=eh t4=sdit
15=anz 18=meorg 17=epc 18=ept 19=2 20=rfc 21=Ptn,nz 22=Ptn,ct 23=rvel

7.6a Variations of n,, predicted for GE 1LM6000. Each parameter

is varied one at a time, keeping all others at their base
value. Parameters numbers on x-axis correspond to: 1=Bi,,,
Z-i‘dakr 3emyy, 4=Maye, 5=Ma, o, 6=Ma,,, 7'wa.=t.! B'Tbmx,nzt
9-“, 10-(!, ll-APcl/Pclr 12-APcmb! .13-5h, 1‘6-1“1:, 15-7]“:,
16=06rgs 17™npc,ar 18=npe o, 19=Z, 20=r,,.
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Sensitivity Analysis
Performance predictions of GE LM6000
Variations of shaft eificlency

é’ 2 "G < base value B > base value | :
&
g 1
a. } / / i
)
Q | s [ viacs SN R s, —
§ 0 Ti d = Lfl =8 |-
2 —
;” o
°
i 5
o
2
(-5
5 2
[
=]
=
o
s
o -8
24 25 26 27 28 29 30 31 32
Parameter #

Parameter #s8 corréspond to: 24=Ds0 25=(h/Dm)0 28=solidity
_27=(ca/Dmjnz 28=Staggnz 29=F| 30=Thckn 31=(ca/Dm)ct 32=Stagg,ct

7.6b Influence of geometric characteristics on 5., predicted for
GE 1M6000. Each parameter is varied one at a time, keeping
all others at their base value. Parameters numbers on x-
axis correspond to (for details see App. A): 24=D,,,
25=(H/Dy)g, 26mg; 27=(ca/Du)pei 28=vy,, 29=3, 30=t,/c,
31=(ca/Dp)ce, 32=7ey.
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Sensitivity Analysis

Performance predictions of GE LME00D

2 § : Varlations of turbine cooling flow
2 2 < base value B > base value ?
- T
T 4 ’ e
: }
S 8
e 2
(]
Q
< 2 ’
3 e
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g = gl #
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& 7 HdHE g a1 576 2T |
.5 1 = )
Lo i
- !
3 i S |
;P 2 f
3 6 -2 !
j

128 4567 8 910 1 1213 14 15 16 17 18 19 20 21 22 23

. . Parameter #
Parameter #3 correspond to: 1=Blbw 2=mdsk 3=mlk 4=Madif 5=Mag,ct

: 8=Manz 7=Tbmx,ct 8=Tbmx,nz 8=u 10=alta 11=DPcl/Pcl 12=DPcmb 13=eh 14=adif

i 15=onz 16=00rg 17=epc 18=ept 19aZ 20=rfc 2i=Ptn,nz 22=Ptn,ct 23=rvel

7.7a Variations of cooled turbine cooling flow predicted for GE
LM6000. Nomenclature as in Fig. 7,6a.

Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.

kg T A A B S - . S




S. Consonni - Figures Chp.‘ 7

Sensitivity Analysis
Performance predictions of GE LM6000
Varlations of turbine cocling flow

H ® [T < Dbase vaie &> base vale |
3 4
l .°- / ’
L E 3
-8
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£
° 1
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v —]
> 0 —é A
= = |
° ' |
o -1
=
[~
o
=
S -2

24 25 26 27 28 29 30 31 32

Parameter #
- Parameter #8 correspond to: 24=Ds0 25=(h/Dm)0 26=solidity
27=({ca/Dm)nz 28=Staggnz 29=F1 30=Theckn 31=(ca/Dm)ct 32=Stagg,ct

7.7b Influence of <g‘eometric characteristics on cooled turbine
cooling flow predicted for GE LM6000, Nomenclature as in
Fig. 7.6b.
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Sensitivity Analysis
Performance predictions of GE LMB00O
Varlations of turbine nozzle coollng flow

[ < base value H > base value |
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s
-
1 1
L 712
i i 1
N =] g /E
; : B
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1284567 8 910 11 12 13 14 15 16 17 18 18 20 21 22 23
Parameter #

6=Manz 7=Tbmx,ct 8=Tbhmx,nz 8=u 10=alfa 11=DPcI/Pcl 12=DPcmb 13=eh 4=edlf
15=enz 16=00rg 17=0p¢ 18=opt 19=Z 20=Ifc 2i=Ptn,nz 22=Ptn,ct 23=rvel

" Parameter #8 correspond to: 1=Blbw 2=mdsk 3=mik 4=Madif 5=Mag,ct

7.8a Variations of nozzle cooling flow predicted for GE 1M6000,

Nomenclature as in Fig. 7.6a.
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Sensitivity Analysis
Performance predictions of GE LME000
18 Varlations of turbine nozzle cooling Hlow

J < base value B > base value

15

12

| ——| | | .

24 25 26 27 28 29 30 31 32
Parameter #

3
(2]

Change of predicted mclt, percent of air flow
o

" Parameter §8 correspond t0: 24=D80 25=(h/Dm)0 28=solidity
27=(ca/Dminz 28=Stagg,nz 29=F| 30=Thckn 31=(ca/Dm)ct 32=Stagg,ct

7.8b 1Influence of geometric characteristics on nozzle cooling
flow predicted for GE LM6000. Nomenclature as in Fig. 7.6b.
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Sensitivity Analysis
Performance predictions of GE LM8000
14 Var!gﬂom of turbine outlet temperature

< base vaiue & > base value ] l
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5 -85 HH L ]
g T H
8 7 1
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Q | |
-10.5 |
-14 ;

123456789101 1213141518 17 18 19 20 212223

Parameter # ;
Parameter #8 correspond to: 1=Bibw 2=mdsk 3=mik 4=Madit 5=Mag,ct ;
6=Manz 7=Tbmx,ct 8=Tbmx,nz 9=u 10=alfa 11=DPcl/Pcl 12=DPcmb 13=eh 14=edit :
15=enz 16=00rg 17=epc 18=ept 19=Z 20=rfc 2i=Ptnnz 22=Pin,ct 23=rvel

7.9a Variations of turbine outlet temperature predicted for GE
LM6000. Nomenclature as in Fig. 7.6a.
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Sensitivity Analysis
Performance predictions of GE LM6000
14 Varlations of turbine outlet temperature

@ < base value B > base value | - |

10.5

Change of predicted TOT, C
o

24 25 26 27 28 20 30 81 32 x

Parameter #
Parameter #3 correspond to; 24=DsD 25=(h/Dm)0 26=solidity
27={ca/Dm)nz 28=Stegg,nz 29=Fl 80=Thckn 31=(ca/Dm)ct 32=Stagg,ct

7.9b Influence of geometric characteristics on TOT predicted for
GE 1M6000. Nomenclature as in Fig. 7.6b.
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Sensitivity Analysis

Performance predictions of GE LM8000

- 76 ' Varlations of shaft power
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Parameter #
Parameter #8 correspond to: 1=Bibw 2=mdsk 3=mik 4=Madit 5=Mag,ct g
8=Manz 7=Tbmx,ct 8=Tbmx,nz 8=u 10=alfa 11=DPcl/Pcl 12=DPcmb 13=eh 14=adif !
15=enz 16=00rg 17=epc 18=opt 19=Z 20=rfe 21=Ptnnz 22=Ptn,ct 23=rvcl

7.10a Variations of shaft power predicted for GE IM6000. Nomen-
clature as in Fig, 7.6a.
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7.10b Influence of geometric characteristics on shaft power
predicted for GE IM6000. Nomenclature as in Fig. 7.6b.
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Sensitivity to number of steps
Predictions for GE LM6000
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7.11 Sensitivity of the predictions for the GE IM6000 to the
number of cooled expansion steps. Diagrams report results
of calculations where, except for n,,,, all inputs have

been kept constant (values of Tab.7.3 and calibrated values
of Tab.7.5).
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Gas Turbine Model Calibration
Results with optimized values
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7.13 Comparison between efficiencies given by manufacturers and
values predicted with the optimized set of model parame-
ters. The two straight lines delimit the region where the
discrepancy is less than one percentage point. The six
turbines indicated by a crossed box (#2, 6, 15, 53, 59 and
74) are the ones excluded from the calibration; their poor

performances could not be reproduced by the calculation
model.
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Gas Turbine Model Calibration
Results with optimized values
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7.14 Comparison between turbine outlet temperatures given by
manufacturers and values predicted with the optimized set
of model parameters. The two straight lines delimit the
region where the discrepancy is less than 20°C. The six
turbines indicated by a crossed box (#2, 6, 15, 53, 59 and
74) are the ones excluded from the calibration.
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Gas Turbine Model Calibration
Results with optimized values
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7.15 Comparison between specific work given by manufacturers and
values predicted with the optimized set of model parame-
ters. The two straight lines delimit the region where the
discrepancy is less than 5%. The six turbines indicated by
a crossed box (#2, 6, 15, 53, 59 and 74) are the ones
excluded from the calibration.
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Gas Turbine Model Calibration
Results with optimized values .
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7.16 Comparison between compressor outlet temperatures given by
manufacturers and values predicted with the optimized set
of model parameters. The two straight lines delimit the

i region where the discrepancy is less than 10°C.
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8. ENTROPY ANALYSIS

This Chapter illustrates the basic relationships to be used for the
entropy analysis of GSC systems. Entropy aﬁaljsis is not part of the

procedure followed to evaluate cycle performance; it is a further

f
o)

calculation which —based on the thermodynamic conditions reached after

convergence — quantifies the irreversibilities occ;.xring; in each . 4
component .

For most processes the evaluation of entropy production is rather
elementary. Instead, mixing, combustion and discharge to .ambient
require a more elaborate schematization; in particular we will show
that, differently from non-condensible gases, the entropy production N
due to mixing of condensible vapours may depend on the conditions at
which mixing is performed, an occurrence overlooked by many thermody-
namic textbooks.

The paragraph on combustion allows drawing important conclusions on

the maximum efficiencies to be expected by any GSC operating with a
given TIT. In particular, it is shown that for state-of-the-art TIT !
around 1250°C any claim of cycle efficiencies above 56-60% is highly
questionable.
The Chapter closes with an example for a steam injected turbine, {
A iliﬁstracing how losses are broken down among the different elementary
thermodynamic processes which compose the cycle.
Due to space limitations, Ch. 10 reports only brief discussions of
entropy losses breakdowns; however, their importance for the comprehen-

sion of power system thermodynamics canmot be overemphasized.
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8.1 Background

The purpose of "2nd-law" or "entropy" analyses is to identify the
sources of irreversibilities. Entropy analyses are more general than
"1st-law" or "energy balance" analyses, because they account for both

the 1lst and 2nd law of thermodynamics. The performances of actl:uai

systems are compared to the ones obtainable through ideal, reversible

processes; rather than correlating losses to how much energy is lost,

losses are related to how irreversible are the processes taking place
in each component. In recent years, entropy analyses have been the
subject of a vast body of literature (Liu and Wepfer, 1983), while some o

software package for the evaluation of power plant performance now

include the detailed calculation of all entropy productions (El-Masri,

1988).

Although a number of different treatments have been presented in the i

literature (e.g. Borel, 1979; Ahern, 1980; Kotas, 1985; Bejan, 1988) ’-

the basis of all entropy analyseé is the recognition that if 45, is

the entropy rise originated by a given process”, the same final condi- '-

ST LT

tions could be reached, reversibly, after producing the extra-work: i

Awrm; - ’TO‘ASixr (8.1)

where Ty is the ambient temperature. The importance of this relation was

already recognized by Stodola (1922)*; later, Tolman and Fine (1948)

L]

AS includes the entropy variation of both the system being
studied and the ambient. By including the ambient, every process is
adiabatic and becomes reversible if AS=0. The ambient intensive
properties (T;, Py, composition) remain always constant.

* Much before, Gouy (1889) had introduced the concept of "énergie
utilizable", which corresponds to what is now called availability and
from which it is possible to derive Eq.(8.1).
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presented a systematic evaluation of AS,,, of a number of processes

encountered in nature.

Eq.(8.1) holds as long as the lst and 2nd law are applicable, and can
be used for any thermodynamic process: heat transfer, throttling,
compression, combustion, radiative heat transfer, magneto-hydrodynam-
ics, chemical réactions, etc. If W.qy iy is the input of reversible work

to a power system, the reduction of efficiency caused by the loss given

by Eq.(8.1) is:

aAn = T 'Asirr/wtev,in (8.2) “

where the input of reversible work can be in the form of fuel chemical

energy (plants operating on fossil fuels, fuel cells), heat (heat
recovery systems), electro-magnetic radiation (photo-voltaic systems),
gravitational potential (hydro-electric plants), etc. As shown in Par,

8.4, W of a fuel differs from both its LHV and HHV; to emphasize the

reference to 2nd-law considerations, the efficiency appearing in |

Eq.(8.2) is often indicated by 5.

Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.



Princeton MAE Ph.D. 1893-T - 8.4.

8.2 Thermo-mechanical processes

For an open, steady-state system not su‘ﬁjeét to gravitational or
electro-magnetic actions, the reversible specific work [J/kg] obtain-
able by bringing a flow with total® enthalpy h and entropy s into

mechanical and.thermal equilibrium with the environment (i.e. P=B,

T=Ty) 1s given by:
ey = (h-Tg-8)-(hg-Tg*5g) = b-by = exyy (8.3) '

Following Bejan (1988), the quantity b=(h-Tp-s) is named the flow
"availability", while exy=(b-by) is the flow “physical exergy". /o
Physical exergy constitutes the maximum work obtainable by bringing the
flow to the "dead" state of thermo-mechanical equilibrium with the

environment.

Eqs.(8.1) and (8.3) allow determining the reversible work losses of
processes relevant to cycle. analyses (1 and 2 indicate initial and

final conditions, respectively):

Compression of a perfect gas at constant L

Wiost = (1/75-1) ‘R-Tp-In(P2/F,)

) Liquid compression*:

Wiosy = v+ (P2-By) - [(1-n)/n] - (To/T)

where T is the average temperature at which the heat generated by

friction is introduced into the liquid. For constant v and n, T=(P,-

P,)/f(a8/T); if c, is constant, T=Ty+[(P;-Py)/(p-c,)]-[(1-n)/n]. Since

* Unless otherwise indicated, in this Chapter we will always refer
to total quantities,-

** For a liquid the distinction between polytropic and isoentropic
efficiency is meaningless because v is constant.
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for liquids the thermal capacity p-c, is large, the temperature increase

(P;-Py) - [(1-n)/n]/(p+c;) caused by friction is genmerally small, and it

can often be assumed that T,~T,~T

Expansion of a perfect gas at constant p, (for throttling set ng~0):

Viost = (l'r’p) 'R’To' ln(PI/Pz)

Liquid expansion (for throttling set n=0):

Wigst = V* (P1-Pp)« (1-n) - (To/T) i

Heat exchangers:

Wiost = To* (Mor * ASnorHeara’ ASeara) .

Iy

and if specific heats are constant:

Wiost = To* { [M:cpe (In(Tp/Ty) Inort (M- ey (In(T2/T1)] cora)

Heat Q discharged at constant temperature T:

Wiost = Q- (1-To/T)

Heat flux q across a wall with cross-section A, thermal conductivity k, i

thickness t and hot-side temperature Ty:

Wlost = (q%/Ty)+ (t/k) A

8.2.1 Flow acceleration

One further process relevant to gas cycle analyses is the accelera-
tion of a mass dm,,; of coolant injected into a mainstream flow m, with
velocity vg. If acceleration is performed at constant v, (i.e. the
component of v, along v, is increased up to v, at the expense of
mainstream total pressure losses), the enthalpy variation of the

mainstream can be found by combining Egs.(3.13) and (3.17):

dhy = —(dmeye/mg) - [Bhey oot (F-¥,) /2] (8.4)
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This equation shows that the enthalpy variation of the mainstrem goes
partly to increase coolant temperature — to bring T, up to T, — and
partly to coolant acceleration — to bring v, up to v,. The variation to

be "charged" to acceleration is:
dhy ace = —(dmeye/mg) - (F-¥,) /2 - . (8.4a)

As long as dm),<<m,, the coolant entropy change dm;.-ds.; acc is negligi-

ble" compared to mg:dsg ,; thus:

ds,oc = A4S acc ™ Ohy acc/Tg — Vg dB/T, (8.5)
Substituting Eqs.(8.4a), (3.12) and the equation of state:
dsyee - (dmeye/mg) - vg-Mad Ry (L=V,/Vg) ~7¢/2-M& Ry [1= (Ve /ve)?] | (8.6)

If v, <<v, —but only in this case — this expression simplifies to the

one frequently given in fluid dynamic textbooks:
dSpec = 7g/2Ma2 Ry (dmgye/my) (8.6a)

If dm;, is not infinitesimal, the governing equations must be modified
as indicated in Par. 3.8.1, thus using Eqs.(3.12a) and (3.1l3a) rather
that Eqs.(3.12) and (3.13). The computer program does not actually
refer to the system formed by Egs.(3.12a), (3.13a), (3.17) and (8.5);
after calculating the conditions after mixing, the whole entropy
variation due to coolant discharge — i.e. acceleration and heat

transfer to bring T, up to T, - is found as:

Asciais = (mg+Ameyy) *Sg,27Mg Sy 1 ~Agyp:Sey g 8.7

* This holds for the entropy change due to coolant acceleration;

it is not true for the entropy change due to coolant temperature
variations.
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8.3 Mixing

As long as composition doesn’t change, and provided that h and s

indicate the mass-weighted averages:

hosx = 2(yy-hy) = 2(xy Wy-hy) Moy (the same for Spy)

N

then Eqs.(8.3) to (8.7) also hold for mixtures. However, mixtures bring
about another type of irreversibility — the mixing loss — which is

particularly relevant to Gas/Steam Cycles.

8.3.1 Perfect gas mixing

For a perfect gas, mixing losses can simply be explained in terms of
partial pressures, i.e. the work which could be produced by reversibly
expanding the unmixed gases from their initial pressure to their final

partial pressures Pg,'X, where x is the molal concentration into the

final mixture. Adiabatic, irreversible mixing of perfect gases is !
alwajs isothermal, because internal enmergy and enthalpy do not depend
on partial pressure. Since the entropy rise due to throttling from P,
to P, is M-R-1n(P{/P;)=n-R-1n(P,/P;), A5y, and the corresponding revers-

ible work are: i

ASpix = R-S[ny-1n(1/x)] = Muix-Roge Z[x; - 1n(1/x,)]

(8.8)
Wrov,mix ™ TO'ASmix/Mmlx - lex'TO'z[xi'ln(l/xi)]

This holds within the limits of Dalton's law, and excludes any type of

interaction between the molecules of the two species.

8.3.1.). Reversible process
An ideal process which could actually produce Wy4y nix is depicted in

Fig. 8.1. In order to meet the same initial and final conditions,
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transformations are no longer adiabatic. Reversibility is achieved by
means of ideal, semi-permeable mebranes and, if mixing takes place at
Tuix*Ty, of an ideal engine exchanging heat I;etweeri Toix and Tp. Igdeal,
semi-permeable membranes can be crossed only by molecules of one single
chemical species and are impervious to all others. In Fig. 8.1 membrane

MA can be crossed by gas A but is impervious to gas B, while the

opposite is true for membrane MB. Starting from a sit\iat:ion with the

gases totally unmixed and the two membranes overlapping at the position

which gives P =Pp= ml,;, let’s move membrane MA leftward so as to- expand

isothermally gas B: if T,;»T,, the heat Q necessary to maintain constant

T is provided (or rejected) by a reversible engine absorbing the work i
W=Q: (1~-T¢/Tpix) - During this process nothing happens to gas A, since
membrane MA is "transparent" to its molecules. When membrane MA reaches
the left wall of the box, gas B reaches its final specific volume and

hence its final partial pressure P, xs. The net work produced during

this phase is:

W = Np-ReTpip-In(1l/xp) -0 - R Tix+ In(1/xp) - (1 =Tg/Tpix)= ng-R-Ty- In(1/xp)

(8.9)
The first term is the isothermal expansion work, i.e. (JP-dv)=Q; the
second is the reversible work necessary to maintain constant T. At this
point the pressure in the left section of the box — which is occupied
by both gases — is P, +(1+x3); the pressure in the right section of the
box —which is occupied only by gas B —is Py,-%g. The condition of
gases fully mixed can now be reached by moving membrane MB rightward:
in this case nothing happens to gas B, since its molecules do not "see"
membrane MB, while gas A expands isothermally. By the time membrane MB

reaches the right wall, the additional net work production is
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Wg=ny R:To:1n(1/x,); the pressure in the whole box is Py (Xa+Xp)=Ppx

and the total net work produced is:

Vewmix = R-To:[my-1n(1/x,)+ng- In(1/x5)] . ' : ﬂ

= Myix-Rasx To' [Xp+ In(1/x,) +x5° 1n(1/x5)]

which coincides with the expression in Eq.(8.8). W g nix (and thus Asg.)

does not depend on Ty, nor Pyt it is only a function of mixture

composition.

8.3.1.2 Multi-component mixtures

Repeated application of Eq.(8.8) gives the entropy rise ensuing from

mixing n®! kmols of a mixture with composition xf! with n™ kmols of ;

another mixture with composition x¥2, thus obtaining (n®4+n™) kmols of

a third mixture with composition xJi*:

BSgiy = R-Z[nIt: In(xf?/x3H*)+n2 . In(x52/x3%) ] : (8.10)

=M e Roper [1/(102/0%0) ] - 5[50 1n(a8Y/x§4%) + (n®2/n00) - x32. In(x32/x3%) ] i

where some of the x{' or x§2 may be zero'. This equation allows the
determination of the loss of any mixing process involving perfect

gases.

8.3.2 Mixing of real gases

Foxr real gases Asgy, is not only a function of mixture composition,
but also of the conditions at which mixing is performed. This is
apparent when considering that, referring to the ideal process illus-
trated in Fig. 8.1, the work produced during the isothermal expansion

of component i is:

* The corresponding term becomes zero because lim x-ln(l/x) = 0
x+0
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(JB:av)q, i+ (To/Taix) = Ry To-f{(324/8P)y—1/P]-dP

where the compressibility factor z=P:v/(R-T) and the integral (extend-
ing from Pp, to x;-Pn,) of its derivative are function of B, and Ty,.
Adiabatic mixing of real gases is non-isothermal because, since
internal energy and enthalpy do depend on pressure, when each component
expands to its éartial pressure it also exchanges heat. This means that
real-gas mixing inherently implies transfer of heat, a situation

particularly evident when involving a change of phase: for example,

adiabatic, isobaric mixing of water and dry air at Pp;,>P,(T,), where

Pse 1s the saturation pressure at the water initial temperature

T,, causes all or part of the water to evaporate. If mixing is adiabat-
ic, the heat required by the evaporation must be provided either by the

gas or by the liquid water itself.

: 8.3.3 Vapours behaving like perfect gases

For mixtures encountered in practical applications the partial
pressure of all gaseous components is generally much lower than their i
critical pressure, thus allowing neglecting the pressure/temperature

dependence introduced by z(P,T). If we assume that all gaseous compo- i

nents behave like perfect gases, the only case when A5y, cannot be
evaluated by Eq.(8.10) is when mixing implies a change of phase. An
ideal process whereby a liquid A at Py, Ty, is mixed with a perfect gas
B at Py, Tp to give a mixture at Pp;,,Tp;y is illustra;:ed in Fig. 8.2,
We will assume that in the liquid phase species A is perfectly incom-
pressible, and that its vapour behaves like a perfect gas. The initial
temperature of the gas B must be higher than T,;, because the gas has to

provide the heat necessary to evaporate the liquid. The liquid enters
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an ideal hydraulic turbine vwhere it expands to P,,.(T.,) producing the

work":

My vpy e [Poagr (LX) ) (8.11) - o 5

vy Is the liquid specific volume and rya=Psat{Tnix)/Puix; Since liquid
compressibility is negligible, v, =constant and the temperatt.;re at the

exit of the hydraulic turbine =T.,. The saturated liquid then enters a

heat exchanger where it evaporates at the expense of a work W, provided
to an ideal heat pum;;. Gas B is cooled down to T, by provi&ing heat to
an ideal engine producing the work Wgz. The difference Wz—W, — always
positive — is the reversible work associated with heat transfer; the

corresponding entropy rise is:

ASpy = (Wa—W,) /Ty (8.12)

Vapour A and gas B, now both at Ty,, finally enter a device utilizing
ideal semi-permeable membranes like the one depicted in Fig. 8.1, where

j

they produce the work: ’ ‘
|

|

1+ R To+ 10[Pyae (Tusx) /(Xa* Pasx)] + 0p-R-Tp-1n(1/x3) (8.13)

. Aside from Wy—W,, the reversible work obtained through mixing is the sum i

! of expressions (8.11) and (8.13). The correspondent entropy rise is:

] bspiy =

(My/Mri) *Vag Pagys (L=Tygae) /To + Royr [xp0 (T gqe/xp) +x5- In(1/x5) ] (8.14)

vwhere the first term (liquid expansion work) is generally negligible

and applies only to open systems. Eq.(8.14) holds for:

* The liquid exﬁansion work must be considered only for open

systems. For a closed system, the expansion work of an incompressible
liquid is always zero.
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X5 < Toar < 1

If .21 it means that also species A is initially gaseous, and we must

use the expressions derived for perfect gases, If r,,,=x, it means that
the final mixture is saturated; in this case Wy nyx 0f species A is

only the liquid expansion work.

8.3.3.1 Variations with mixture temperature

Given P, and My/M;,, the heat transfer and mixing entropy given by

Eqs.(8.12) and (8.14) vary with Ty, as qualitatively 1llustrated in i
Fig. 8.3, while Fig, 8.4 illustrates quantitative calculations per-v
formed for mixtures of water (species A) and dry air (species B). T
is the maximum temperature still giving a saturated mixture. We can

identify three regions:

o For T, ,<Ts, the mixture is saturated with x,=r,,;(T.s,) and xg=l—rg:.
The only contribution of species A to Asy, is due to liquid expan-
sion (zero for closed systems). The contribution of species B
decreases with decreasing T,;,, because the lower T, the lower the
*effective" mixing. In proximity of the triple point temperature the
vapour pressure of A becomes so low that the two species remain j
separated. Asgy and the initial perfect gas temperature Ty vary :
according to the fraction of A which actually evaporates. At T,y ~Taa:
the mixture is still saturated but there is no liquid. '

]

e For Tpau<Tnix<Tsar(Pmix) SPecies A is initially liquid, but it thorough- '!
.ly evaporates into the f£inal mixture, where x, and xp are constant. i
The contribution to Asy;, of liquid expansion decreases with the
difference Py =Pyap(Thiy) , while the contribution of vapour A expan- i
sion increases with In(r,,/x,). The contribution of species B is
constant. When Tg;,=T,.,.(Ppix), ASpy reaches the value corresponding
to perfect gas. Asyr decreases with T, because of reductions of the
heat of evaporation and of the average heat transfer AT, Due to the
former, the initial temperature of the perfect gas (Tg) increases
more slowly than T,, (Fig. 8.4).

For T, i,>Tsst(Puix) also species A is initially gaseous. Due to the
assumption of perfect gas behaviour for all gaseous species, Asyy is
constant, Asgy is zero and Ty=T,,. If A did not behave as a perfect
gas, Asp;, and Asgy would approach their perfect-gas values at large
Tt

Reproduced with permission of the copyright owner. Further reproduction prohibited without permission.



S. Consonni - 8'.13‘

Fig. 8.4 shows that at 1 atm and M,/Myy ,,~10%, steam mixing gives
BSgix=121 J/K-Kgar. For Tp=15°C, such As translates into a work loss of
about 35 kJ/kggpiy = 38.5 kI/kg,;,. Comparing this figure with typical
work outputs of 350-450 kJ/kg,;, of steam injected gas cycles (see
Par. 2.4 and Tab. 8.2) shows how mixing losses pose serious constraints

to the efficiency attainable by such cycles.

8.3.3.2 Multi.component mixtures
If n, kmols of liquid A are mixed with n® kmols of a mixture with
composition x§ to give (n,+n$) kmols of a mixture with composition xJ!*,

Eq.(8.14) must be modified as follows:

ASpyx = (Ma/Mnine) *Vag *Prgx (1—Taae) /To +

Rpse- [1/(L407/0y)] - [L0(20e/3515)+(0/ny) - Ex3- In(x]/xP5)]  (8.15)

where we remind that x¥!* is the mol fraction in gas. The case of
mixtures with more than one liquid species requires the knowledge of

the mixture state diagram and is beyond the scope of this analysis.

8.3.3.3 Deviations from perfect gas behaviour

In order to close the entropy analysis performed to obtain Fig. 8.4
. it _is necessary to introduce an artificial term AS,; accounting for
inconsistencies in the evaluation of H,0 properties. In other words, the

entropy of the mixture is:
Smix - sn+snir+Asmix+Asﬂr+Ast

Before mixing, steam properties are evaluated according to S.I. Tables
(Schmidt, 1982), thus including real gas effects; instead, after mixing
water vapour is treated as a perfect gas (see App. B). The fictitious

"work loss" Ty-As,, is the difference between the exergy of the incoming
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steam and the exergy of the corresponding "perfect-gas" steam flow
(Fig. 8.5). In order to obtain the same mixture conditions, the
corresponding perfect-gas flow must have the same P and h of the real-

gas (open, adiabatic system); for a closed system, we should conserve

internal energy.

8.3.4 Means for reducing mixing losses

Whilst perfect gas mixing losses can be eliminated (or reduced) only
by using semi-permea-lble membranes, the mixing loss of a condensible
vapour can be reduced by means of thermo-mechanical processes. The
concept is illustrated in Fig. 8.6. In case 1, M, kg of condensible
vapour at P,T are mixed with My kg of perfect gas and then brought to
thermo-mechanical equilibrium with the ambient; in case 2, the two

steps are reversed, The extra-work produced in case 2 is:
AW - TD‘ [ASM,‘(P,T) -Asm’x(Po,To)] (8.16)

As long as the initial temperature of A is above saturation and the

mixture at Py, Ty does not contain liquid, AW is constant and equals:
My+{ Ry-To- 1 [Po/Page(To) ] =V - [Bo—Bans(Ta) ] | (8.17)

The production of this extra-work can be accomplished by expanding A
down to P,,.(Tg) and, after condensation, by pumping it to P, at the
expense of negligible work. For steam mixing and Ty=15°C, Eq.(8.17)
gives AW = 543 kJ/kg.iean. While Eq.(8.16) is always applicable, Eq.(8.-
17) over-estimates the work loss when:

1) A is initially liquid. In this case AW depends on P and T (see

variations of Asy, with P in Fig. 8.4), while there will also be
losses due to heat transfer (ASg=0).
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2) The final mixture at P;,T, contains some liquid. In such circum-
stance the reversible transformation from P,T to Py,T; of Case 1
(Fig. 8.6) includes condensation: since the heat of evaporation
is made available in a range of temperatures above T,, it is
possible to produce more work, thus reducing the gap with Case 2.
This consideration explains why the loss of 35 kJ/kgy, = 385
kI /Kggrean Obtained from Fig. 8.4 is lower than predicted from
Eq.(8.17). In fact, at ambient conditions a mixture with M,/My ,-
17~10% has a liquid mass fraction [Myiqua/Mmix] of about 8%.
In most cases AW is positive, implying an actual loss; however, for
liquid water at high P and low T the work loss can be negative,
implying that mixing in those conditions entails a loss smaller than
the one incurred at ambient conditions. Often, the dependence of Asg;,
on P and T is not adequately emphasized (e.g. Manfrida et al., 1989),
a comprehensible posture only if: (i) mixing does not entail evapora-
tion and (ii) the mixture at Py,T, does not contain liquid. El-Masri
(1988) evaluates the mixing loss by solving the differential equations

governing air-steam mixing.

8.3.5 Discharge to ambient and reversible thermo-mechanical work

A particular type of mixing loss is the one originated by discharg-
ing a flow at Ty,P; to the environment. The reversible work produced
through this process is made possible by the difference between the
coﬁiéositic;n x; of the flow being considered and the composition x{™ of
the "dead state". Similarly to the physical exergy defined by Eq.(8.3)-

— which is due to mechanical and thermal disequilibria - such work is
referred to as "chemical exergy". For a mixture of perfect gases the

chemical exergy exy, is (from Eq.8.8):

exg, = TorAsgs = To R-Z[1n(xy/xF™)]